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Abstract 
The main aim of this research was to investigate the mechanism of cavitation in 
conforming and partially conforming tribological conjunctions. The effect of cavitation 
on load carrying capacity and frictional performance of is also investigated. This is 
important with regards to fuel efficiency in internal combustion (IC) engines. Friction 
accounts for 15-20% of IC engine losses. The piston-cylinder system contributes to 
40-50% of these, with the compression ring(s) being responsible for most of this. 
This is because the primary function of the ring is to seal the combustion chamber, 
thus small emerging gaps lead to increased friction. In fact, compression ring(s) 
expend 3-5% of engine input fuel energy. The share of frictional losses of engine 
bearings is approximately 20-25%.  
Traditionally, prediction of performance of tribological conjunctions has been studied 
using Reynolds equation. When the effect of cavitation is considered, various 
cavitation algorithms with associated boundary conditions for lubricant rupture and 
reformation are proposed. These include Elrod, and Elrod and Coyne algorithms, as 
well as boundary conditions such as Swift-Stieber, JFO and Prandtl-Hopkins. There 
are a number of assumptions embodied in these approaches, as well as the use of 
Reynolds equation itself. These approaches do not uphold the continuity of mass 
and momentum in multi-phase flow, in cavitation beyond the lubricant film rupture.  
A detailed methodology for multi-phase flow, comprising simultaneous solution of 
Navier-Stokes, energy and lubricant rheological state equations is developed. For 
multi-phase flow through narrow gaps this approach is supplemented with Rayleigh-
Plesset void fraction algorithm, modified in order to limit the growth of cavities within 
a finite size domain. Furthermore, vapour transport equation is used to underpin the 
flow of vapour in the cavitation zone. This methodology has not hitherto been 
reported in literature. It is verified with experimentation using test results, including 
those from engines. The method and validation process account for the main 
contributions of the thesis. 
There are various findings. Reverse and swirl flows occur at the inlet, culminating in 
a stagnation boundary. This agrees with the potential flow analysis of Tipei, based 
on Swift-Stieber boundary conditions, as well as experimental observations. The flow 
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in the contact is multi-layered thermal streams with change of pressure gradient into 
the depth of lubricant. This cannot be predicted using Reynolds equation. At the 
outlet, the separation boundary closely follows the Prandtl-Hopkins boundary, with 
thermal flow in the presence of retarding friction. This is in line with the observations 
of Brewe as well as Dowson. Therefore, the main finding of the thesis is that the inlet 
and outlet boundary conditions can be obtained automatically without a need to 
specify them.  
Keywords: Control volume CFD, Multi-phase flow, Cavitation, Tribological 
conjunctions, Friction 
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Chapter 1: Introduction 
 
1.1. Background and motivation for research 
The science of Tribology focuses on the understanding of lubrication, friction and 
wear. It is a multidisciplinary subject requiring other key sciences, including but not 
limited to surface topography, lubricant rheology, heat transfer, dynamic and material 
science. An important aim is to mitigate friction and wear between two contacting 
surfaces. This is ideally achieved through the introduction of a low shear strength 
lubricant film formed between the two surfaces in relative motion. 
The internal combustion engine as the source of propulsion, shown in Figure 1.1, is 
one of the most important systems in the motor vehicle which is employed in 
passenger vehicles, motorcycles, commercial and construction vehicles, agricultural 
vehicles, trains and ships.  
 
The lubrication of the piston rings and skirt, valve train and various engine journal 
bearings has been a topic of importance as these components contribute to the 
engine frictional power losses. Poor lubrication also results in wear of contacting 
Therefore, it is essential to be able to accurately predict friction generation and 
evaluate design concepts in order to minimize the power loss from the contacting 
conjunctions as well as avoid wear.  
 
The power loss in IC engines can be put into two classes, thermodynamic and 
parasitic. Thermodynamic losses such as heat expelled from the exhaust and heat 
losses due to the combustion process account for between 50-60% of the total 
engine power losses. The parasitic losses are due to friction, pumping of various 
engine fluids and errant dynamics, such as out-of-balances. Friction is the main 
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contributory factor in parasitic losses. The piston mechanism is responsible for about 
half of the total parasitic losses, accounting for 17- 25% of all engine losses [1].  
 
 
 
Figure 1.1: Main engine components in an internal combustion engine (The figure 
reprinted from ENCYCLOPAEDIA BRITANNICA’s website) 
 
 
This thesis is concerned with the analysis of piston top compression ring and engine 
big-end (i.e. connecting rod) bearing. The top compression ring’s main function is to 
adhere closely to the surface of cylinder liner/bore in order to seal the combustion 
chamber from the bottom-end. Otherwise, there would be leakage of combustion 
gasses into the engine bottom-end, thus causing power loss itself. Any significant 
loss of compression ring sealing function can also result in ingression of lubricant 
into the combustion chamber during the engine compression and exhaust strokes 
which can lead to blow-by and thus harmful emissions into the environment. On the 
other hand close adherence of compression ring to the cylinder wall exacerbates the 
generated friction. In fact, the top compression ring can account for 4-6% of fuel 
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consumption [1]. This level of frictional loss from such a diminutive conjunction is 
unsustainable, requiring in-depth tribological analysis.      
The big-end bearing is subjected to high combustion and inertial dynamic loads. 
Together with the main crankshaft supporting journal bearings, 25% of all the 
frictional losses (approximately 5% of all IC engine losses) are due to journal 
bearings. Additionally, journal bearings can develop low pressurised regions where 
cavitation can occur, which may lead to cavitation bubble burst and erosion of 
contacting surfaces.  
The aforementioned issues form the motivation for in-depth investigation of the 
compression ring and big-end bearing conjunctions in this thesis.  
 
1.2.   Cavitation phenomena 
Cavitation plays an important role in the design and operation of fluid machinery and 
equipment, owing to performance degradation, noise, vibration, and erosion caused 
by cavitation. Cavitation involves complex phase-change dynamics, large density 
ratio between phases, and multiple time scales. Considering the classical 
identification of the mechanism of hydrodynamic pressure generation in lubricating 
films, Reynolds [2] clearly recognised the possible influence of cavitation on bearing 
behaviour. The formation of cavities and their disposition have impacts on the 
generated pressures in a continuous thin film and hence the integrated quantities 
such as the load capacity of bearings.  
 
Tribological research has resulted in the development of cavitation models which 
enable the prediction of performance of liquid-film bearings with acceptable accuracy 
for most engineering applications. However, it should be noted that the physics of 
cavitation in piston ring conjunction and bearings is not hitherto fully understood. 
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Two basic forms of cavitation in lubrication films are known as gaseous and 
vaporous. 
 
1.2.1. Vaporous cavitation 
The lubricant may boil at ambient temperature if the pressure within it falls to its 
vaporisation pressure, creating filled cavities. These cavities/bubbles may later 
collapse and cause cavitation-induced erosion. The occurrence of vaporous 
cavitation in bearings is normally restricted to situations in which the loading is 
dynamic, for instance in the main bearings of diesel engines. 
 
1.2.2. Gaseous cavitation 
The most usual mechanism for occurring gas cavities in a lubricant is ventilation from 
the surrounding atmosphere when sub-ambient pressures occur. However, another 
evident way of gas cavity generation is the liberation of dissolved gases from a 
solution when the liquid pressure falls below its saturation pressure. Typically, in 
many regards ventilation and gas release result in the same behaviour in lubricant 
films. In operation the appearance of gas streamers, occurring due to such 
phenomena can be dissimilar, especially under transient conditions.  
 
1.3.  Piston rings of IC engines 
In an internal combustion engine the piston ring-pack usually consists of three 
circular rings placed in piston grooves (see figure 1.2). During engine operation, the 
rings move with the piston, sliding along the cylinder bore. The major function of the 
rings is to avoid high-pressure gases from leaking through the piston ring-cylinder 
liner interface, which would result in power loss, blow-by and lubricant degradation. 
Effective sealing is, therefore, required between the rings and the bore surface. 
However, close contact between the rings and the bore without lubrication would 
result in inordinate frictional power losses. Another main function of the piston oil 
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control ring is the effective distribution of lubricant along the piston ring-cylinder liner 
interface, without allowing excessive oil flow through the interface and leakage into 
the combustion chamber. A third function of the piston rings which is mostly essential 
for the top ring is the heat dissipation from the piston to the cylinder liner. 
 
 
Figure1.2: Piston ring function in an internal combustion engine  
 
 
For the system to effectively meet these overall objectives, each piston ring has an 
exclusive role. The top ring seals the piston ring-cylinder liner interface in order to 
prevent high-pressure gases to escape from the combustion chamber into the lower 
parts of the engine. The oil control ring adjusts the quantity of oil which passes 
through the piston ring-cylinder liner interface to lubricate the upper rings. The 
second ring in most of the engines scrapes down the excessive surface-adhered oil 
that passes the oil control piston ring-cylinder liner interface and its presence is not 
critically necessary in all cases. Hence, it may not be used in all types of engines. 
For example, in racing engines where reduced weight is a critical goal and life 
expectancy is low, no secondary ring is used, which enables reduced piston height 
and thus decreasing overall piston weight. However, in large diesel engines where 
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high pressures are usual and long engine life is desired the secondary rings are 
used to control oil flow more effectively. 
 
 
1.4.  Cavitation in piston top compression ring 
The shape of the surface of the ring is constructed in such a way to create a 
hydrodynamic wedge at both its extremities in its bi-directional reciprocating motion. 
However, in practice, hydrodynamic pressures are generated only at the converging 
inlet wedge, depending in the sense of ring sliding motion.  At the diverging outlet the 
pressures drop and do not contribute significantly to the load carrying capacity. It is 
difficult to consider negative pressure phenomena. Thus, many assumptions such as 
the Half-Sommerfeld or Gumbel’s condition and Reynolds cavitation condition have 
been put forward with the assumption that the full width of the ring is covered with oil. 
However, it has been shown that the entire surface of the ring is not enveloped in the 
oil film [3], and it has become necessary to establish appropriate new boundary 
conditions for analysis purposes, which would take into account lubricant film 
rupture, starvation and cavitation. 
 
Throughout the development process, however, little attention has been paid 
specifically to the nature of cavitation which occurs in the diverging region of the 
lubricant film conjunction and the sensitivity of the analysis to the imposition of 
different film rupture and reformation criteria. The formation of gas cavities in the 
diverging region of the lubricant film in a converging-diverging wedge, such as that 
between a piston ring and cylinder liner, influences the shape of the hydrodynamic 
pressure profile in the entrainment direction. Consequently, this affects the load-
carrying capacity of the interface, which is the integral of the pressure distribution. 
The lubricant film thickness, friction and lubricant flow rate are also affected. 
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1.5. Journal bearings  
Bearings support the applied combustion and inertial loads in an engine. The rotating 
components of IC engines are furnished with sleeve type sliding bearings. The 
reciprocating engines can be categorized by cycling loading of their parts as well as 
their bearing supports. The high loads are a consequence of intermittent combustion 
gas pressure in the cylinders. Ball bearings, in which a load is shifted by balls to 
small area of the ring surface, cannot usually withstand the loading conditions of IC 
engines, except for some racing engine variety operating at lower combustion 
pressures but smaller strokes. The journal bearings support the applied load over a 
relatively larger contact area than the rolling element bearings.   
 
1.5.1.  Journal bearings in IC engines 
Crankshaft bearings support the crankshaft subjected to relatively high inertial 
oscillating forces begotten by the components transmitted by the connecting rods. 
These bearings are mounted in the crankcase. A main bearing comprises two parts: 
upper and lower shells. The upper part of a main bearing normally has an oil supply 
groove on its inner surface.  
The rotating motion of the crank pin within the connecting rod is supplied by 
connecting rod bearings, which transmit the cyclic loads as the result of combustion 
loading and piston inertial dynamics. Connecting rod bearings are mounted in the big 
end of the connecting rod.  
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1.5.2. Hydrodynamic journal bearings 
The engine bearings are commonly hydrodynamic journal bearings (see figure 1.3). 
In hydrodynamic journal bearing, the bearing surfaces are ideally separated by a film 
of lubricant generated by the rotation of the journal.  
 
 
Figure1.3: Schematic of a journal bearing showing lubricant cavitation [4] 
 
The journal position would be concentric with that of the bearing bushing with no 
applied load (zero load carrying capacity). A loaded journal is displaced from the 
concentric position and generates a converging gap between the journal and bearing 
bushing surface. The loaded region is further skewed due to the rotation of the 
journal, which generates friction torque. A loaded region these results. Figure 1.3 
shows a hydrodynamic journal bearing and a journal rotating in an anticlockwise 
direction.  
The viscous lubricant flow in the bearing is entrained by journal rotation in the same 
direction. The entrainment action squeezes the lubricant due to the converging gap 
and builds up a pressure distribution. After minimum film thickness in the diverging 
gap area the pressure drops to the lubricant vaporisation pressure where cavitation 
occurs. Viscous friction and the lubricant pressure equilibrate the external load. The 
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equilibrium between these forces determines the instantaneous position of the 
journal. Big-end bearings of modern IC engines operate at high loads with high 
eccentricity between the journal and the bushing geometric centres. The resulting 
thin films can cause the interaction of surface asperities of the counterfaces. Thus, 
additional friction due to boundary interactions is not uncommon (mixed-
hydrodynamic conditions, where mixed refers to some direct interaction of surfaces). 
Furthermore, because of high applied loads, the big-end bearings are usually of 
multi-lobed shape, where each lobe carries a certain proportion of applied load. The 
most common type of such bearings is an elliptic bore bearing (2 loaded lobes). 
These bearings are also commonly referred to as lemon-shaped bearings.  
 
1.6. Thesis objectives 
The overall aim of this thesis is to develop combined analytical and computational 
fluid dynamic (CFD) models to predict frictional losses in the piston ring conjunction 
as well as in engine journal bearings.  
The specific objectives are: 
1. To developing a CFD model to predict mixed hydrodynamics of the 
compression ring as well as journal bearings 
2. To predict film thickness, generated pressures and friction, 
3. To determine the global cavitation flow of the compression ring and journal 
bearing 
4. To take into account the generated contact heat and heat transfer. 
5. To verify all numerical and analytical methods with reported experimental 
tests, including with IC engine data.  
6. To apply the developed methods to real engine applications with modern 
emerging technologies such as cylinder deactivation as well as use of surface 
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engineered textures to encourage micro-hydrodynamics through pressure 
perturbation. 
7. In-depth study of cavitation formation under all reported conditions. 
 
1.7. Structure of the Thesis 
Throughout this chapter the general trend and concerns of the automotive industry in 
relation to cavitation in lubrication of tribological contacts in IC engines, and friction 
and mechanical losses were discussed. Its current developments and interests were 
also highlighted, thereby providing necessary motivation for undertaking this 
research. The thesis is divided into seven chapters including the current chapter. 
Chapter 2 reviews the previous research work carried out in this field starting from 
the basic historical developments and theoretical finding in cavitation phenomena, to 
the common methods, algorithms and boundary conditions for cavitation flow in 
lubrication of piston compression ring and journal bearings.   
Chapter 3 presents the underlying theory for the numerical analysis presented in this 
thesis. The theory involves the combined solution of Navier-Stokes equations, 
together with various forms of energy equation, as well as lubricant rheological state 
equations. It also includes the use of a vapour transport equation and modified 
Rayleigh-Plesset equation to take into account the formation of cavitation zones and 
multi-phase flow.   
In Chapter 4, the methodology presented in Chapter 3 is applied to the cases of 
compression ring-cylinder liner conjunction. The boundary conditions for both 
pressure and temperature for this case are treated separately in this chapter. An 
analytical control volume thermal mixing model is also applied for the temperature 
boundary condition in this chapter. The developed method is validated against 
experimental results. 
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Chapter 5 presents a full 3D CFD approach for thermo-hydrodynamic analysis of big-
end bearings based on the methodology presented in Chapter 3. The developed 
model in this chapter is also validated against experimental results. The validated 
model is then used for analysis of a big-end engine bearing subjected to dynamic 
loading under normal engine operation as well as with the application of cylinder 
deactivation (CDA). 
In Chapter 6 a combined experimental and numerical approach is employed to 
investigate the effect of surface modification on the tribological performance of 
contacting surfaces. Using a partial pad journal bearing test rig, the attitude angle is 
measured at a constant load while the rotational speed is varied. The introduction of 
surface texture features to the journal bearing surface caused a reduction in friction 
generated at an equivalent speed. 
Chapter 7 outlines the overall conclusions of the research carried out under this 
project and included in this thesis. The aims of the research are revisited and the 
degree of achievement in this regard is gauged. A critical assessment of the thesis is 
carried out, including the underlying assumptions made in the model used in this 
project. Finally, Chapter 7 proposes suggestions for future work to be carried out to 
extend the research and development findings contained in this research. 
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Chapter 2:  Review of Literature 
 
2.1. Preamble 
This chapter is devoted to the review of open literature on a number of inter-related 
topics which affect the cavitation phenomena, specifically in tribological conjunctions.  
Cavitation also affects the conjunctional load carrying capacity as well as friction and 
generated heat and transfer of heat away from the contacts. Furthermore, cavitation 
can lead to erosion of surfaces. The formation of cavitation and its effect particularly 
upon generated friction in the contact conjunction is of particular interest in this 
thesis, which is mostly dedicated to energy efficiency within internal combustion 
engines.    
 
2.2. Previous research on cavitation 
Cavitation is an important factor in designing and operating fluid machinery and 
devices, such as turbo-machinery and internal combustion engines, to name but a 
few. It can contribute as a source of noise and vibration, a mechanism responsible 
for erosion of surfaces, degradation of lubricant performance through aeration, and 
most importantly affect load carrying capacity, friction and heat generation in 
contacts. Cavitation consists of complex phase-change dynamics, large density ratio 
between fluid phase, and act in multiple time scales [5]. Navier-Stokes computations 
of turbulent cavitating flows have been developed due to advances in computational 
capabilities and the growing physical understanding of the cavitation phenomenon. 
There are, nevertheless, some remaining challenges regarding the accuracy, 
efficiency, stability and robustness of predictions, particularly with regard to the 
complicated unsteady interactions in cavitation dynamics and flow turbulence. 
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A popular method for cavitation modelling uses the homogeneous flow theory, in 
which the mixture density concept is introduced and a single set of mass and 
momentum equations are solved. In this category of cavitation predictive analysis 
there are differences between the various models due to the relation outlining the 
variable density field. Delannoy and Kueny [6] suggested a baroscopic state law, 
which strongly relates the mixture density to the static pressure. This defines the 
mixture density in the incompressible flow. Chen and Heister [7] derived a time and 
pressure dependent differential equation for the variation of mixture density. Another 
common method is the transport equation-based model (TEM), which states the 
transport equation as a function of either the mass or volume fraction of different 
phases.  
 
Various researchers have suggested different modelling concepts embodying 
qualitatively similar source terms with alternate numerical techniques. Kubota et al. 
[8] combined the Rayleigh-Plesset equation with the flow solver and computed the 
void fraction, based on the bubble radius. Figures 2.1 and 2.2 illustrate comparison 
of experimental observations with their computed results for two different cavitation 
numbers of 1.5 and 1.3, respectively. Merkle et al. [9] and Kunz et al. [10] used the 
artificial compressibility method with emphasis on the preconditioning formulation. 
Singhal et al. [11] studied the effect of non-condensable gas in their “full cavitation 
model”.  
 
Senocak and Shyy [12] developed an Interfacial Dynamics-Based-Cavitation model 
(IDM), using 3 approaches (noted below). The model proposes direct interpretation 
of the empirical parameters in the existing transport equation-based models. 
Quantitative differences are observed in the closure region of the cavity, even though 
all the considered models provide qualitatively comparable wall pressure 
distributions in agreement with the experimental data. This is due to different 
compressibility characteristics of various cavitation models.  
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Figure 2.1: Comparison of sheet-type cavity appearance on NACA0015 hydrofoil,  
Ca=1.5, Re = 3 x 105, (a) Experimental observation. (b) Computed result [8] 
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Figure 2.2: Comparison of sheet-type cavity appearance on NACA0015 hydrofoil,  
Ca=1.3, Re = 3 x 105, (a) Experimental observation. (b) Computed result [8] 
 
 
 
The general governing equations for fluid flow to be coupled with one of the following 
cavitation models in order to include the cavitation phenomenon: 
Model 1: Cavitation model is based on the Rayleigh-Plesset equation [8]: The 
growth and collapse of a bubble cluster is obtained through use of a modified 
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Rayleigh-Plesset equation. This equation delivers the rate equation controlling 
vapour generation and condensation: 
𝜕(𝜌𝑙𝛼𝑙)
𝜕𝑡
+ ∇. (𝜌𝑙𝛼𝑙?⃑? ) = (?̇?𝑙
𝑘 + ?̇?𝑣
𝑘)                                                                              (2.1) 
?̇?𝑣
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3𝛼𝑣
𝑅𝐵
(
2
3
𝑝−𝑝𝑐
𝜌𝑙
)1/2, 𝑝 > 𝑝𝑐                                                                                 (2.2) 
?̇?𝑙
𝑘 = 𝐶𝑒
3𝛼𝑣𝜌𝑣
𝑅𝐵
(
2
3
𝑝−𝑝𝑐
𝜌𝑙
)1/2,   𝑝 < 𝑝𝑐                                                                             (2.3) 
where p is the pressure, 𝛼𝑙 is the liquid volume fraction, 𝜌𝑙   is liquid density and 𝜌𝑣 is 
vapour density. In this model, the liquid and vapour mass fraction are considered as 
the dependent variables in the transport equation. Here 𝐶𝑐 and 𝐶𝑒 are two empirical 
coefficients, chosen to account for the fact that cavities can form at different rates 
(condensation is usually much slower than evaporation). Further assumptions 
regarding the bubble concentration and radius are required in order to obtain an 
inter-phase mass transfer rate. The Kubota cavitation model [8] employs the 
following defaults for the model parameters: 𝑅𝐵 = 1𝜇m, 𝐶𝑐 = 50,  𝐶𝑒 = 0.01. 
 
Model 2: This is Interfacial dynamics-based cavitation model (IDM) [12]. A 
hypothetical interface is assumed to lie in the liquid vapour mixture region. The 
interfacial dynamics-based cavitation model is as follows:  
 
𝜕𝛼𝑙
𝜕𝑡
+ ∇. (𝛼𝑙?⃑? ) =
𝜌𝑙𝑀𝑖𝑛(𝑝𝑙−𝑝𝑐,0)𝛼𝑙
𝜌𝑣(𝑉𝑣−𝑉𝑖)
2 (𝜌𝑙−𝜌𝑣)𝑢∞
+
𝑀𝑎𝑥(𝑝𝑙−𝑝𝑐,0)(1−𝛼𝑙)
(𝑉𝑣−𝑉𝑖)
2(𝜌𝑙−𝜌𝑣)𝑢∞
                                              (2.4)  
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?̇?𝑣
𝑠 =
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Chapter 2: Review of Literature 
17 
 
where 𝑉 is velocity, 𝑡 is the characteristic time scale and 𝑢∞ represent the free 
stream velocity of the flow problem. The subscripts 𝑖, 𝑙, 𝑣 refer to the interface, the 
liquid phase and the vapour phase, respectively. 
 
Model 3: This is essentially a Density Model: Both the Model-1 and Model-2 are 
transport equation-based models. Model-1 is able to describe the interaction 
between the viscous effects such as vortices and cavitation bubbles. In this model, 
Navier-Stokes equations, including cavitation bubble clusters are solved, where the 
growth and collapse of a bubble cluster is obtained by a modified Rayleigh’s 
equation. Model-1 can define the mechanism of cavitation cloud generation and 
larger-scale vortices. These are the same as the feature of cloud-type cavitation 
shedding from the trailing edge of attached cavities [9]. Model-2 is originated from a 
theoretical derivation, initiating from conservation of mass and normal momentum at 
a liquid-vapour interface. Model-2 is developed to alleviate the requirement for 
empirically adjustment of model parameters with a sound theoretical foundation 
using the interfacial dynamics directly. A Density Model-3 is developed based on the 
previous two models in order to determine an interface between the liquid and 
vapour in front of an attached cavity with relatively high water vapour fraction as well 
as detailing the process of vortex shedding at the rear of the cavitation region: 
 
?̇?𝑙 = 𝑥(𝑏)?̇?𝑙
𝑘 + (1 − 𝑥(𝑏))?̇?𝑙
𝑠,   𝑝 < 𝑝𝑐                                                                    (2.7) 
 
?̇?𝑣 = 𝑥(𝑏)?̇?𝑣
𝑘 + (1 − 𝑥(𝑏))?̇?𝑣
𝑠 ,   𝑝 < 𝑝𝑐                                                                    (2.8) 
  
𝑥(𝑏) = 0.5 + tanh[
𝐶1(0.6𝑏−𝐶2)
0.2(1−2𝐶2)+𝐶2
]/2 tanh(𝐶1)                                                             (2.9) 
 
A blending function 𝑥(𝑏), given in Eq. 2.9, is employed to combine mass transfer rate 
of the inner and outer of the cavity, where, 𝑏 =
𝜌𝑚
𝜌𝑙
, 𝐶1 = 4, 𝐶1 = 0.2. The 
condensation terms ?̇?𝑣
𝑘 and ?̇?𝑣
𝑠 are calculated from Eq. 2.2 and Eq. 2.6. Evaporation 
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terms ?̇?𝑙
𝑘 and ?̇?𝑙
𝑠 are calculated from Eq. 2.3 and Eq. 2.5 respectively.  
Different transport equation-based cavitation models are summarised as follows: 
Subsequently a new modified density based closure model is developed for any 
unsteady characteristics of the cavitating flows. The new modified density based on 
cavitation models are evaluated for the cavitating flows in comparison to the 
available experimental data in the open literature. The new model is also employed 
further to study the flow structures of unsteady cloud cavitation, for example around 
a hydrofoil. 
 
For tribological conjunctions, Jakobsson and Floberg [13] and Olsson [14] suggested 
a so-called JFO theory for cavitation region, based on: mass conservation boundary 
conditions which treat the cavitation region occurring between the lubricant rupture 
point and the film reformation boundary. Due to the complexity of the JFO theory, 
however, prediction of the cavitated region is quite complex, using the usual solution 
of Reynolds equation. Elrod and Adams [3] and Elrod [15] proposed a generalized 
Reynolds equation valid for both full film and cavitation regions.  
 
2.3. Piston ring-cylinder liner conjunction 
In 1984, Hill and Newman [16] initiated a project aimed at reducing piston 
compression ring friction of internal combustion engines. Based on some simple 
analysis, they determined five design features that could be altered to reduce friction, 
which included axial ring contact width, surface pressure, number of rings, effective 
contacting face profile of the rings and the geometry of the ring and the bore surface. 
They found that rings with a smaller axial contact width reduced friction, but this 
friction reduction was accompanied by a reduction in the ring axial stiffness (ring 
tension). Different materials were investigated to compensate for this effect, but they 
found that steel rings suffered from side face wear from the aluminum piston 
grooves. They concluded that surface pressure should be reduced to achieve low 
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friction, but this would affect the contact load carrying capacity and potentially higher 
levels of oil consumption. It should be noted that the ring profile is subject to 
alteration during and after running-in period which produces an asymmetric profile. 
This can substantially change the lubrication conditions in the ring/liner contact. They 
developed a simple expression in which conformability was shown to be inversely 
proportional to radial width cubed, and therefore this factor was deemed most 
important for the purposes of maximizing ring-bore conformability, reducing applied 
contact pressures. They left the ring profile, bore macro-geometry, and the ring set 
design for future investigations. 
 
Jeng [17] developed two models for piston ring lubrication analysis, incorporating 
realistic boundary conditions and oil transport predictions. He also performed a 
parametric study to examine the effects of some engine parameters on tribological 
performance. These included the effect of bore-stroke ratio, surface roughness, ring 
tension, ring- piston groove interactions, ring offset, ring crown height and ring width 
on friction. His results were largely qualitative and were not validated experimentally. 
 
Nakada et al. [18] reported on a study that focused on surface treatments to reduce 
friction and wear. He also suggested removing one ring to reduce friction. As in the 
previous study, there were no significant quantitative conclusions in this work. 
Furthermore, the number of compression rings used in an engine is a function of gas 
flow dynamics, combustion pressure and heat transfer, not merely friction. 
 
Cullen and Frodsham [19] investigated reduced cross-section compression rings 
made out of steel rather than the traditional cast iron rings. They found that steel 
rings with a significantly larger free end-gap could be used because of the higher 
strength of steel compared with cast iron. The larger free end-gap increased ring 
tension, improving conformability of the ring to the liner surface. They also found that 
ring radial width should be minimized in order to reduce the ring’s moment of inertia 
and improve its conformability. Friction was reduced by implementing a skewed 
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barrel profile on the top ring. They measured lower oil consumption and blow-by 
under several reported test conditions using their new ring designs. They noted that 
steel could not be used if top ring temperature exceeded 260○C due to higher 
thermal relaxation resistance of steel compared to that of cast iron. 
 
In 1996, Richardson [20] reviewed several methods for reducing friction that had 
been investigated by different companies and research institutions. He also reviewed 
models that were developed and various methods for measuring friction. He 
specifically investigated the effect of using a skewed barrel profile, a larger barrel 
drop, reducing the ring contact width and the combination of these parameters on 
the generated friction. He did not investigate the manufacturing feasibility of barrel 
drops or skewed barrel profiles. In this work, there were no real quantitative 
conclusions, as only the reduction of the peak value of friction power loss was given. 
 
Tomanik et al. [21] performed a study in which they reduced the oil ring tension such 
that unit pressure was decreased from 1.1 to 0.8 MPa. This resulted in a 30% 
reduction in the friction power losses according to predictions from a Ricardo friction 
model. Unfortunately, their experimental work focused on a combination of several 
changes for reduced friction and therefore they did not isolate the effect of the 
individual parametric changes implemented to reduce friction for the purposes of 
comparison with their reported model. 
 
From the above discussion, it can be seen that most of the previous work has 
focused exclusively on reduction of piston ring friction and relatively little emphasis 
has been placed on ensuring that other adverse effects are minimized, such as 
reduction in load carrying capacity and oil loss, leading to blow-by and lubricant 
degradation. There has also been hardly any investigation of cavitation in internal 
combustion engine ring-packs, particularly as a part of an overall analysis of 
prediction of friction and generated conjunctional heat. This is due to the complexity 
of these concomitant effects, which has prevented the development of accurate 
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models to predict their effects quantitatively. 
 
2.4. Cavitation in piston rings 
The passage between the piston ring profile and the cylinder liner is a convergent-
divergent gap, suggesting lubricant film rupture and potential cavitation. There are 
two possibilities for cavitation in piston ring conjunction. These are enclosed and 
open cavitation [22-24]. Enclosed cavitation assumes that the lubricant film ruptures 
where in the divergent outlet region and the lubricant film reforms again before the 
trailing edge of the ring to coincide with the exit pressure boundary condition. On the 
other hand, open cavitation assumes that lubricant film would separate in the 
diverging outlet gap instead of reforming. Enclosed cavitation is likely to appear for a 
fully loaded piston ring. The focus of this thesis is on fully loaded piston ring with 
enclosed cavitation pattern. 
Considerable amount of research has been carried out in this area. The earlier 
studies regarding piston ring either did not consider cavitation phenomena at all [25-
27] or used half-Sommerfeld boundary condition, which does not ensure the 
continuity of flow conditions. It is known that half-Sommerfeld type boundary 
condition violates the mass continuity condition at both the cavitation boundaries 
(rupture and reformation) [28, 29]. Dowson [30] resolved this issue to some extent 
for a single piston ring using the Reynolds or swift-stieber boundary condition [31, 
32]. Dowson assumed that cavitated region commences at the point where the 
pressure gradient vanishes. However, the assumption of constant flow rate across 
the ring is debatable when squeeze velocity is not small compared with the change 
in the Couette flow rate. Jeng [33, 34] employed Dowson’s work by introducing a 
system of two nonlinear equations, which could solve the transient lubrication 
problem without a constant flow rate assumption. However, he used Reynolds 
boundary condition, which is correct for describing of the starting point of the 
cavitated region (film rupture) but states nothing about the ending point of cavitated 
region (lubricant film reformation). 
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Many researchers in the past few years [35-38] have alluded to the use of the JFO 
boundary conditions, coupled with the Elrod cavitation algorithm to find numerical 
solutions for hydrodynamically lubricated piston rings. There have been several 
numerical predictions of compression ring-cylinder liner conjunction, where the 
analyses include a host of parameters which interact with each other, making the 
tribology of ring-liner conjunction particularly complex. These parameters include the 
effect of the ring’s axial profile along its face-width and its surface topography [39] 
(figures 2.3-2.5) and the effect of developing wear upon friction and the sealing 
effectiveness of the ring in an out-of-round bore [40]. These and similar analyses 
[41-44] have included mixed regime of lubrication, where direct surface interactions 
can occur at piston dead centre reversals with momentary cessation of lubricant 
entraining motion into the contact under assumed fully flooded or starved inlet 
conditions.  
 
 
Figure 2.3: Variations of minimum film thickness for different parabolic-type ring 
profiles during a typical engine cycle [39] 
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Figure 2.4: Variations of total friction force for different parabolic-type ring profiles 
during a typical engine cycle [39]. 
 
 
 
Figure 2.5: Variations of lubricant mass flow rate for different parabolic-type ring 
profiles during a typical engine cycle [39] 
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Although ring fitment analysis is taken into account in the works reported in [42, 43] 
including in some cases with bore out-of-roundness, the ring bore conformability 
should also take into account the modal behaviour of the ring as, described for 
example, by Baker et al [45]. They showed that ring elastodynamics in fact conforms 
it to the bore in the high pressure region at low sliding velocities (figures 2.6). This 
ensures good ring sealing at the expense of increased friction (figures 2.7). 
However, in some parts of the engine cycle ring elastodynamics as well as ring axial 
profile can exacerbate the convergent-divergent conjunctional passage and 
clearance, which suggests lubricant film rupture and the emergence of a cavitation 
region. This can also affect the compression ring sealing function.  
 
 
 
 
Figure 2.6: Mode shape comparison (a) Analytical (f = 972.06Hz) and (b) FEA 
(f=969.76Hz) [45]. 
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Figure 2.7: Prediction of friction for a rigid and an elastic compression ring [45] 
 
 
The effect of cavitation was studied by Chong et al [46], who used Elrod’s 
approximation [15] to the Jakobsson and Floberg [13] and Olsson [14] JFO cavitation 
boundary conditions. Chong et al [46] showed that cavitation formed at the lubricant 
film contact exit in the compression stroke reduces the lubricant availability at the 
TDC reversal, thus causing a starved contact in parts of the power stroke in the 
vicinity of the TDC (figures 2.8 and 2.9). Therefore, the multi-variate nature of the 
problem is quite apparent. 
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Figure 2.8: Cavitation length (a) Cavitation length for one engine cycle (b) Cavitation 
length in the vicinity of the power stroke TDC [46] 
 
 
Figure 2.9: Length of the inlet bubble formed by the pre-reversal cavitation (a) 
Length of the inlet bubble for one engine cycle (b) Length of the cavitation in the 
vicinity of the power stroke TDC [46] 
 
 
The analysis in this thesis combines the use of an open free exit boundary condition 
instead of an imposed cavitation boundary condition. This is achieved by solving the 
Navier-Stokes equations for multi-phase flow dynamics instead of the usual 
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Reynolds equation. Additionally, this approach readily enables simultaneous solution 
with the energy equation. Thus, the effect of surface temperatures, and that caused 
through viscous shear of the lubricant in the conjunction upon lubricant film formation 
and viscosity variation into the depth of the film are included in the solution. Unlike 
Reynolds or Elrod flow equations with Navier-Stokes equations the potential 
pressure gradient across the film is retained. This enables more accurate prediction 
of viscous friction due to Poiseuille flow as well as in Couette shear. This approach 
together with the inclusion of lubricant rheological state and asperity interactions to 
represent boundary friction has not hitherto been reported in literature. 
 
2.5. Studies on journal bearings: experiments and modelling 
According to Richardson [1], friction accounts for 4-15% of total input energy in a 
fired engine of which 40-55% is due to the losses in the piston skirt and ring-pack. 
The losses due to the connecting-rod bearings can account for 18-33% of the total 
parasitic losses as well. In other words, the elliptic bore connecting-rod bearings 
contribute to around 0.29% to 2.7% of total energy loss from an engine. Obviously, 
these proportions vary according to engine configuration, such as fuel type, 
compression ratio, stroke, number of cylinders, etc.  
The journal (crank-pin) is usually made of stiff materials with high levels of hardness 
such as low carbon heat-treated steels or spheroidal graphite irons [47]. The bearing 
substrate is also made of hard and stiff materials such as nodular cast iron or steel to 
provide adequate load support mechanism. In addition, overlay materials such as 
aluminium-tin based alloys (such as Babbitt) are also used to increase the ability to 
capture the small size wear particles (embeddability property) which are produced 
when a direct contact between solid surfaces occurs such as under the stop-start 
conditions or under engine idling [48]. The relatively soft (low elastic modulus 
overlay, such as Babbitt with a modulus of 60 GPa) encourage localised elastic 
deformation under load, making the problem elastohydrodynamic. Additionally, a 
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very thin smooth layer of hard wear-resistant coating is used to reduce friction and 
wear under boundary or mixed regime of lubrication (such as Indium or Bismuth, with 
a coated thickness of few micrometres). 
Currently minimum film thickness values of around 0.5-1.0μm are expected at parts 
of the engine cycle (at low speeds and high loads with low-viscosity lubricant) in big 
end bearings. Therefore, some counterface asperity interaction is expected for the 
dynamically loaded big-end bearings [49]. 
Common simplifying assumptions made in the analysis of big end bearings in 
industry are: short-width bearing assumption, circumferential symmetry, rigid 
surfaces, no-misalignment, no lubricant recirculation, Newtonian lubricant shear 
behaviour, no instability induced by vibrations, isothermal conditions [50], no 
squeeze film effect and idealised circular bore shape. 
As it can be noted, as the technology in the IC engine design has advanced, the 
operating conditions that the engine components such as the main bearings 
encounter have become harsher. For instance, introduction of start-stop concept has 
increased the asperity interactions. 
The introduction of start-stop system has increased the fuel efficiency of IC engines 
by 5% through switching off the engine during the engine idle running period [51]. As 
the driver throttles the engine, the big end bearing is subjected to sudden application 
of load as well as operating at a higher rotational speed, before any hydrodynamic 
lubrication film is established. Under these conditions, it is expected that the big end 
bearing would operate under a mixed or boundary regime of lubrication causing 
direct asperity contact between opposite surfaces. 
According to Adam et al [51], the big end bearings need to be designed for 250,000 
to 300,000 stop-starts where the current bearings with aluminium or copper overlays 
encounter severe wear only after 100,000 such stop-start conditions. This has 
resulted in many investigations into the lubrication and wear of such bearings in 
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industry [52] in addition to efforts put into the introduction of various types of 
polymer-based materials as overlays [53, 54]. To address the complex working 
conditions encountered in the big end bearings of current (and foreseeable) IC 
engines, one cannot rely on the results which are predicted by models with the 
aforementioned simplifying assumptions.  
From the early studies on the journal bearings [55, 56] it was evident that inclusion of 
thermal effect in real applications is essential. For instance, the isothermal models 
show significant differences between the theoretical and experimental results. 
Therefore, the investigations were focused on the thermohydrodynamic (THD) study 
of the journal bearings. The first THD model for journal bearings was introduced by 
Dowson and March [57]. Using Finite Difference Method (FDM), they solved the 1D 
Reynolds’ equation in the conjunction together with the simplified 2D energy 
equation to determine the temperature distribution in the lubricant. They considered 
simplified thermal boundary conditions at the journal and bushing surfaces. They 
found “encouraging agreement” between their model predictions and experimental 
findings of Dowson et al [56]. The study of Dowson and March [57] opened new 
inroads into the THD analysis of journal bearings. For example, Suganami and Szeri 
[58] employed an FEM (Finite element method) approach to solve the THD problem 
and modelled the turbulent (or “super-laminar”) flow of the lubricant in high speed 
journal bearings. They found that the isothermal boundary condition for the shaft in 
the laminar regime was appropriate when at the “super-laminar” regime, where the 
adiabatic boundary conditions provided more suitable predictions. 
Another investigation using FEM was reported by Medwell et al [59] in which they 
solved the Navier-Stokes equations for high speed cases, where the inertial 
(advection) terms were suspected to have a significant influence on the bearing 
performance. It was found that the lubricant advection distorts the axial velocity 
profile from the assumed parabolic form. The main shortcoming of their research 
was neglecting the thermal effects. The most important parameter in such studies 
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was the treatment of the thermal boundary conditions for instance, assuming that the 
heat transfer in the bearing (sleeve) takes place in the radial direction only and 
conduction in the circumferential direction was ignored [58]. In addition, for the 
journal surface Medwell et al [59] assumed an adiabatic or isothermal boundary 
condition. This is known as ISOADI (isothermal condition at the oil-shaft interface 
and the adiabatic condition at the oil-bushing interface) boundary conditions [60]. It 
was shown that the bearing temperature varies considerably depending on the type 
of boundary conditions used. 
In a combined numerical and experimental study by Ferron et al [61], they employed 
a 2D form of Reynolds equation under steady-state conditions. The thermal 
boundary conditions at the outside of the bearing were assumed to be partly 
isothermal and partly under free convention. They imposed heat flux continuity at the 
lubricant-bushing and lubricant-journal interfaces. They also assumed a constant 
shaft temperature in the circumferential direction. This was in line with Dowson et al 
[56] observations that the variation of the journal temperature in the circumferential 
direction was negligible and therefore, it could be considered as isothermal. 
An important parameter introduced through a set of experimental and analytical 
studies by Mitsui et al [62-64] was the effect of the cooling as the result of the flow of 
supply oil. This required the introduction of a mixing coefficient into the analysis, 
which needed to be determined through experiments. In another set of studies, to 
accelerate the solution procedure, a polynomial temperature distribution was 
assumed in order to solve the energy equation [65, 66]. However, this method is 
considered to be quite approximate.  
Lund and Hansen [67] also found that their analytical model was inadequate in 
addressing the film rupture since it was observed through experiments that there 
exists a backflow of cold supply oil from the grooves into the ruptured film zone 
which cools the wall of the sleeve. Mitsui [64] also pointed out that the relatively poor 
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agreement between the experimental and numerical results for THD of journal 
bearings was due to their lack of addressing the THD in the ruptured film region. 
Boncompain et al [68] took into account the reverse flow at the contact inlet and the 
recirculating heat flux across the cavitation zone, as well as the thermo-elastic 
displacements of the journal and the bearing bushing. They concluded that most of 
the heat generated is carried away by the fluid flow. 
The subject of thermal behaviour of lubricant in the cavitation region has also been 
studied by Knight and Niewiarowski [69]. They considered a two-axial-groove journal 
bearing. They compared two models to treat the thermal behaviour of the lubricant in 
the cavitation region. They used the traditional effective length (EL) approach [65, 
68] as well as an effective density model which took into account the liberation of air 
from the lubricant in the cavitation zone, called the gas bubble (GB) model. However, 
they employed the approximate solution method for the energy equation similar to 
that of Lund and Hansen [65] in which a temperature profile was assumed. The 
results from the employed GB model showed better agreement with the experimental 
results in the cavitation region while the predictions from the EL model conformed 
well to the experimental data in the full-film region. 
In the work conducted by Ma and Taylor [70], the contribution from the lubricant 
back-flow into the cavitated zone (from oil feed grooves) which was expected to 
induce a ‘temperature fade’ phenomenon in the cavitation region was investigated 
experimentally. The “temperature fade” phenomenon in the cavitation region 
observed in several experiments is defined as the gradual decrease in the measured 
bearing overlay temperature in the cavitation region near to the bearing exit 
constriction which shows an opposite trend to that of the full-film region. Ma and 
Taylor [70] showed that the temperature fade is more pronounced for the multi-lobe 
or elliptical bore bearings.  
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From the previous theoretical researches which have employed the EL cavitation 
model it is evident that the model predicts a temperature rise in the cavitation zone, 
which is not in line with the experimental observations. As discussed previously, the 
GB model described by Knight and Niewiarowski [69] provides better predictions for 
this zone due to the fact that it takes into account the reduction in the heat 
dissipation in the cavitation region by taking into account a mixture of gas and liquid 
there. 
There would be some contribution of cooling effect due to any back-flow (reverse 
flow) into the cavitated region. This is described by Ma and Taylor [70] who 
considered this effect as an additional contributor to the temperature fade effect in 
the cavitation region. 
It is noteworthy that a combined experimental and numerical work by Syverud [71] 
was dedicated specifically to the study of the temperature fade effect in the cavitation 
zone of a full journal bearing. It was found that the temperature drop in the cavitation 
zone is highly likely to be due to the evaporation of oil (which requires higher 
enthalpies) since pressures higher than ambient pressure were observed there when 
the bearing was operating at sub-ambient pressures. In addition, this drop in 
temperature was observed to be independent of the total working temperature of the 
bearing. Here it should be noted that according to Heshamt [72] some experiments 
suggest that the temperature in the cavitation region should remain constant. 
Gethin and El-Deihi [73] also studied the twin-axial-groove journal bearings both 
experimentally and analytically under extreme transient loading and speed varying 
conditions. They concluded that the cooling effect of the supplied oil was minimal if 
the groove fell into the highly loaded zone of the bearing. 
More recently, Kuznetsov et al [74] considered the local deformation in the PTFE 
type overlay of the bearing bushing and solved the THD problem, including the use 
of column method for localised deformation of the soft overlay. This method is a 
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simple approximation and provides a linear relationship between the contact 
pressure and the corresponding local deformation. 
To solve the resulting set of governing equations (either Reynolds or Navier-Stokes 
for flow field and energy equation for temperature distribution), most of the numerical 
methods have used FDM (to a large extent) or FEM (to a smaller extent).  Advances 
in the FVM (Finite Volume Method) have enabled 3D solution of the THD of the 
journal bearings. The work reported by Han and Paranjpe [75] were amongst the first 
using the FVM. They solved the generalised Reynolds equation introduced by 
Dowson [76] in conjunction with an Elrod type boundary condition to treat the 
occurrence of cavitation. The advantage of FVM is that the occurrence of reverse 
flow is automatically taken into account. Han and Paranjpe [75] used adiabatic 
thermal boundary conditions at the bushing surface, whilst isothermal or adiabatic 
thermal conditions were imposed at the surface of the journal. However the study 
was limited to the steady-state case with a specified value for the eccentricity ratio. 
In addition, the authors noted that some of these boundary conditions have little 
correspondence to the real physical working conditions of most journal bearings, 
especially those used in IC engines. They also noted that the choice of thermal 
boundary conditions would influence the solution quite significantly. 
The THD of non-circular or multi-lobe bearings is of great practical importance as in 
reality and in most applications such as those related to engine connecting rod 
bearings, this is often the case. Big-end bearings are often “lemon-shaped” (i.e. with 
an elliptic bore/bushing). In some applications multi-lobed bearings are used. The 
main advantage of non-circular multi-lobed bearings is the formation of many 
converging wedges, thus increased load carrying capacity. Clearly, there would be 
many diverging regions as well which can lead to dispersed regions of cavitation. 
Hussain et al [77] studied THD of circular, elliptical and multi-lobe journal bearings. 
They solved Reynolds equation in the conjunction with the energy equation using 
FDM. The two main findings of the study were that as a higher temperature rise was 
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observed for the two-lobe bearing than the elliptic bore bearing. In addition, the way 
that the cavitation phenomenon is treated can have significant effect on the final 
temperature profile. In addition, it was found that the load capacity was highly 
influenced by the ellipticity ratio rather than the eccentricity ratio in the case of elliptic 
bore bearings. The same finding was also noted by Mishra et al [43], who also 
included the effect of asperity interactions for different asperity patterns on the 
bearing bushing. 
Based on the established THD analysis methods for journal bearings, Khonsari et al 
[78] and Jang and Khonsari [60] provided a generalised THD study of such bearings. 
Khonsari et al [78] devised design charts based on the extensive simulations carried 
out on their THD studies, which provided the maximum and effective bearing 
temperature for various working conditions. 
Another important aspect which most of the previous research have overlooked is 
the asperity interaction which exists with thin films, resulting in mixed regime of 
lubrication. Most of the investigations were focused on the cases with low 
eccentricity ratios whereas under high loading conditions large eccentricity ratios 
may be unavoidable. Therefore, as the working conditions became harsher, there is 
a greater tendency for the journal bearings to operate under mixed or even boundary 
regimes of lubrication for at least short periods of their operational cycle. Such 
conditions are now prevalent in the big end bearings of IC engines due to ever 
increasing combustion power. 
Shi and Wang [79] and later Wang et al [80] were amongst the first who addressed 
the THD problem in journal bearings in conjunction with the effect of asperity 
interactions, the so-called mixed-THD model. Instead of the conventional Reynolds 
equation, they used average flow model initially developed by Patir and Cheng [81]. 
They also included the effect of heat generated by asperity contact in the heat 
source term of the energy equation. However, Shi and Wang [79] did not include the 
load supported by the asperities. They used the aforementioned GB model for 
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treating the cavitation phenomenon. They also considered inlet temperature 
adjustment due to mixing with the recirculating hot lubricant. They found that surface 
roughness can have a profound effect when the film thickness approaches the same 
order of magnitude as the surface roughness. 
San Andrés [4] reviewed some very important works [82-86] about cavitation in fluid 
film bearings. He concluded that a film rupture model, based on mass flow continuity 
through the cavitation region, gives boundary conditions for the inception of the 
cavitation and subsequent film reformation. San Andrés [4] represented the possible 
formations of the fluid flow through the cavitation area as observed experimentally. 
As figure 2.10 shows streamers attached to the moving surface carry the lubricant 
flow downstream of the cavitation inception point. In another word, the whole moving 
surface appears wetted by a film of lubricant with the cavitation area connected to 
the stationary surface. Figure 2.11 shows a schematic of the rupture boundary of the 
cavitation region which is surrounded by a film of lubricant moving with the journal. 
 
 
Figure 2.10: Fluid flow through cavitation zone [4] 
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Figure 2.11: Cavitation inception in a thin film 
 
With the advances in numerical methods for fluid flow analysis, particularly those 
stemming from FVM in CFD, some researchers have focused on solving the full 
Navier-Stokes and energy equations in 3D for the case of journal bearings. An 
important contribution is that of Tucker and Keogh [86] who employed a full 3D CFD 
approach for the THD analysis of steady-state motion of journal bearings. They used 
an Elrod-type cavitation model which allowed for the existence of sub-ambient 
pressures. In this method the vapour fraction becomes a function of the film 
thickness [87]. However, as Tucker and Keogh [86] have mentioned for non-Couette 
or unsteady flows a time-dependent continuity equation should be used to determine 
the vapour fraction. They also solved the heat condition equations for the stationary 
bearing and the rotating journal with convection boundary conditions at the outer 
surfaces. For the solid-fluid interface continuity of heat flux and compatibility of 
temperature was assured. The comparison of the numerical results with those from 
experiments showed fairly good agreement although higher journal temperatures 
were found to be insensitive to the variation in the circumferential direction unlike the 
experimental findings. They acknowledged that an appropriate cavitation model 
should make it possible to predict differentials in the shaft temperature. 
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In a set of numerical analyses using CFD methods, Nassab and Moayeri [88] and 
Nassab [89] studied 3D THD of axially grooved journal bearings. The inertial effects 
as well as the effect of various cavitation models on THD predictions were studied. 
Nassab and Moayeri [88] solved the 3D Navier-Stokes and energy equations using 
FVM. They employed liquid fraction to address the properties in the cavitation region 
and used the mean values of properties of the mixture in this region. However, they 
set the sub-ambient pressures in the cavitation region equal to the atmospheric 
pressure in each iteration step, thus the generation of sub-ambient pressures were 
restricted unlike the method used by Tucker and Keogh [86]. Later, Nassab [89] also 
found that even at lower Reynolds numbers of order of 10, the fluid inertial terms can 
have substantial effect on THD characteristics of the journal bearings, especially at 
low load and high speeds (hence, low eccentricities) running conditions. 
The cavitation phenomenon itself and use of and an appropriate model which can 
exactly describe it and predict its occurrence has been and still remains the subject 
of investigation by many research workers. The study of cavitation phenomenon in 
tribology and an attempt to provide a phenomenological model for it dates back to as 
early as early 1900s [90]. In addition to the most common Reynolds or Swift-Stieber 
[31,32] cavitation boundary conditions, the most accepted boundary conditions to 
treat the cavitation phenomenon is the mass-conserving cavitation boundary 
conditions, originated through the works of Jakobsson-Floberg-Olsson known as the 
JFO cavitation boundary conditions (Floberg and Jakobsson [13], Olsson [14]). A 
computationally-friendly version of this model, sometimes referred to as: “the 
universal cavitation algorithm” was developed by Elrod and Adams [3] and Elrod 
[15]. This has since been the most popular cavitation model in the literature 
especially for those who use Reynolds-type equations to obtain the pressure 
distribution in the contact. A comprehensive review of early works on modelling the 
cavitation phenomenon in the bearings is given by Dowson and Taylor [91]. 
Chapter 2: Review of Literature 
38 
 
The experimental evidence indicates that a cavitation model should allow for the 
development of sub-ambient pressures as negative pressures of around 1.2MPa 
absolute have been observed in the cavitated region through experimentation [92]. In 
addition, various pressure distribution patterns may exist under dynamic loading 
conditions [91]. In addition, according to Jacobson [93] the experimental 
investigations suggest that in non-stationary bearings it is the vapour cavitation 
which is dominant and it is a direct result of breakage in oil-bearing interface, caused 
by tensile stresses in the lubricant. 
Dowson et al [94], in a numerical study, implemented the cavitation algorithm of 
Elrod and Adams [3] and Elrod [15] in order to predict and locate the rupture and 
reformation points in a plain journal bearing. Then, they conducted an experimental 
study [95] in order to investigate the validity of their numerical analysis. Their tests 
included the study of the effect of varying eccentricity ratio, supply pressure and 
shaft rotational speed on the rupture and reformation loci. They noticed that the 
inclusion of film reformation through using Elrod and Adams cavitation algorithm is 
vital for an accurate prediction of the side leakage from the journal bearings. The 
predictions, eliminating film reformation such as those of Swift-Stieber [31,32] 
boundary conditions lead to significant errors. They also found that at lower 
eccentricity ratios (<0.6) and supply pressures a significant difference between the 
experimental results and the numerical predictions was observed. In addition, there 
was not a good quantitative correlation between the numerical predictions and the 
experimental results for the location of the film reformation point although the trend in 
the variations was close. They attributed this to the inadequacy in the utilised rupture 
process model which does not allow for the negative gauge pressures in the 
lubricant film. 
The “universal cavitation model” of Elrod was later modified and refined further to 
increase the computational stability and efficiency through the work of 
Vijayaraghavan and Keith [96], Paydas and Smith [97] and Hirani et al [98]; the last 
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one for journal bearings with high dynamic loads. Alternative models which also 
consider mass-conserving aspect were also developed later such as that of 
Giacopini et al [99]. However, it must be noted that some extensive experimental 
works such as those by Etsion and Ludwig [100] have indicated that the JFO 
boundary condition is not strictly accurate in predicting the cavitation zone. In 
addition, they found that the pressure in the cavitation zone does not remain 
constant and occurrence of sub-ambient pressures and flow reversal can be 
significant and should not be neglected. 
Later studies by Groper and Etsion [101, 102] found that cavitation shape could well 
be predicted by the shear mechanism while the generated pressures in the cavitation 
zone using this method was lower than those measured. On the other hand, gas 
transport through liquid-vapour boundary hypothesis was unable to either predict the 
cavitation region shape or the observed pressure levels. In fact, they concluded that 
the reverse flow phenomenon observed in the cavitation zone is accountable for the 
observed pressure build-up in this region. 
As already noted, with advances in the CFD approach, it has been possible to devise 
models that can address cavitation as a full 3D multi-phase flow phenomenon. 
Tucker and Keogh [86] used an Elrod type boundary condition in which the ratio of 
vapour to liquid in the mixture inside the cavitation zone was proportional to the ratio 
of film thickness at that specific point to the gap at the rupture point. In Nassab and 
Moayeri [88] and Nassab [89] the vapour-liquid ratio was obtained by assuming 
linear and parabolic velocity distributions in the circumferential and axial directions in 
the cavitation zone and using control volume approach for the mass flow continuity. 
Nassab and Maneshian [103] also investigated the effect of the employed cavitation 
model on predicting the THD lubrication of finite length journal bearings under 
steadily loaded conditions. They used vapour-liquid mixture properties for the 
cavitation zone. The only difference between the three models was the method by 
which the vapour-liquid ratio in the mixed zone was calculated or the viscous 
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dissipation was considered. They concluded that the method used in their previous 
studies [88,89] to calculate the properties in the mixed zone was the most 
appropriate model amongst the studied cases and the viscous dissipation should be 
calculated based on the mixed-phase flow properties. 
The current study, highlighted in this thesis, uses a full 3D CFD approach into the 
THD analysis of the big-end bearings in a typical IC engine. The model is validated 
against experiments and is then adapted to investigate tribological conditions in big-
end bearings subjected to cylinder deactivation conditions.  
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Chapter 3: Numerical Modelling 
 
3.1. General Navier-Stokes and energy equations 
This chapter presents the underlying theory for the numerical analysis presented in 
this thesis. The theory involves the combined solution of Navier-Stokes equations, 
together with various forms of energy equation, as well as lubricant rheological state 
equations. It also includes the use of vapour transport equation and modified 
Rayleigh-Plesset equation to take into account the formation of cavitation zones and 
multi-phase flow. The methodology presented here is applied to the cases of 
compression ring-cylinder liner conjunction and journal bearings in general. The 
boundary conditions for both pressure and temperature are different in these cases 
and are treated separately in chapters 4, 5 and 6. In the case of the ring-liner 
conjunction an analytical control volume thermal mixing model is applied as 
described in section 4.4. 
 
The general continuity and Navier-Stokes momentum equations for compressible 
viscous fluid flow can be described as [104]: 
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where 
Dt
D
 is the covariant derivative operator,   is the lubricant density, p  is the 
pressure, ij  is the viscous stress tensor and F

 is the body force field vector. In 
addition, ˆˆ ˆV Ui Vj Wk    is the velocity vector in which U  is the component of 
velocity in the direction of axial lubricant flow entrainment, V  is that in the side-
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leakage direction; along the y -axis (which may reasonably be discarded as there is 
negligible side-leakage in the case of thin film in the ring-bore conjunction, but not in 
the case of the big end bearing), and W  is the squeeze film velocity, 
h
t


. This 
represents the mutual convergence and separation of the conjunctional solid 
boundaries. The viscous shear stress tensor is: 














 V
x
U
x
U
ij
i
j
j
i
ij

.
3
2
                  (3.3) 
where,   is the effective lubricant dynamic viscosity, ij  is the Kronecker delta and it 
is defined as: 
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One possibility in a CFD model is to evaluate the fluid viscosity as a function of 
pressure and temperature along the liner and into the depth of the lubricant film. The 
latter is neglected in the conventional hydrodynamic lubrication approaches, which 
are based on Reynolds equation, where it is assumed that for thin films: 0
p
z



. 
Finally, the energy equation can be stated as [104]: 
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where, H  is the fluid enthalpy, T  is the temperature and k  is the thermal 
conductivity of the fluid. 
 
3.1.1. Mixture Model 
The mixture model [105] is a simplified multi-phase model. It can be used to model 
multi-phase flows where the phases move at different velocities, but assume local 
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equilibrium over short spatial length scales. It can be used to model multi-phase 
flows with very strong coupling and phases moving at the same velocity.  
 
3.1.1.1. Continuity Equation 
The continuity equation for the mixture is: 
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where, mV

 is the mass-averaged velocity: 
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and m  is the mixture density: 
 
lvvvm  )1(                   (3.8)  
 
where, v  is the vapour volume fraction. 
 
3.1.1.2. Momentum Equation 
By summing the individual momentum equations for all the phases, the momentum 
equation for the mixture can be obtained as: 
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where, F

 is a body force, and m  is the viscosity of the mixture: 
 
lvvvm  )1(                  (3.10) 
 
vdrV ,

 is the drift velocity for vapour phas: 
 
mvvdr VVV

,                      (3.11) 
 
3.1.1.3. Energy Equation 
The energy Eq. (3.5) is modified for the mixture is expressed in the following form: 
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The first term on the right-hand side of Eq. (3.12) denotes energy transfer due to 
conduction. k  is the thermal conductivity of the fluid and ES  includes any other 
volumetric heat source. For a compressible flow: 
2
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               (3.13) 
where, nH  is the enthalpy for phase n . 
 
3.1.1.4. Relative (Slip) Velocity and the Drift Velocity 
The relative velocity between the liquid lubricant and the vapour phase is defined as 
the velocity of a secondary phase ( v ) relative to the velocity of the primary phase ( l
), thus: 
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lvvl VVV

                   (3.14) 
For any phase ( n ), the mass fraction is defined as: 
 
m
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The relative velocity vlV

 and the drift velocity are related as: 
 
vlvlvvdr VfVV

,                  (3.16) 
 
In the current mixture model, an algebraic slip formulation is used. The basic 
assumption of the algebraic slip mixture model is that to assign an algebraic relation 
for the relative velocity. It means a local equilibrium between the phases should be 
reached over a short spatial length scale. Following Manninen et al. [105], the form 
of the relative velocity is given by: 
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where, v  is the vapour bubble relaxation time which is defined as: 
 
l
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v
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d  is the average diameter of the bubbles of vapour and va

 is the acceleration of the 
vapour bubbles. The default drag function dragf  is taken from Schiller and Naumann 
[106] as:  
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va

, the average acceleration, is defined as: 
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The simplest algebraic slip formulation is the so-called drift flux model, in which the 
acceleration of the bubble is given by a centrifugal force. 
 
3.1.1.5. Vapour Volume Fraction Equation  
From the continuity equation for vapour phase the volume fraction equation for 
vapour phase can be obtained as: 
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,..               (3.21) 
where vlm  is the mass transfer from phase l  to phase v  and, lvm  is the mass 
transfer from phase v  to phase l . 
 
3.1.2. Continuum Surface Force (CSF) model 
The surface tension model used in Chapter 4 in the current analysis is the 
Continuum Surface Force (CSF) model proposed by Brackbill et al [107]. The CSF 
model tracks the boundaries between two or more immiscible fluids by solving a 
single set of momentum equations for each phase and tracking the volume fraction 
of each phase accordingly. With this model, the surface tension can be calculated 
and added to the source term (body force) in the momentum equation (Eq. (3.9)). 
Based on the model, the surface tension force source )(F

 in the momentum 
equation is expressed as: 
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 sF                                                                                                            (3.22) 
 
where s  is the interfacial tension between the liquid and vapour phase. The 
interface unit normal ( n

) and the curvature )( can be calculated using the following: 
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where, v  is the vapour volume fraction. Based on the governing equations 
described above, the interfacial tension between the liquid and vapour phases and 
the viscosities of both liquid and vapour phases are taken into account in the 
simulation analysis.  
 
3.2. Cavitation Model 
3.2.1. Vapour transport equations 
With cavitation, the liquid-vapour mass transfer (evaporation and condensation) is 
governed by the vapour transport equation as [11]: 
cevvvv RRV
t



)(.)( 

                                 (3.24) 
where v  is the vapour density, V

 is the velocity vector of the vapour phase, eR  and 
cR  are mass transfer source terms related to the growth and collapse of the vapour 
bubbles respectively. The growth and collapse of a bubble cluster are modelled 
based on the Rayleigh-Plesset equation, describing the growth of a single vapour 
bubble in a liquid, which provides the rate equation, controlling vapour generation 
and condensation. 
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3.2.2. Consideration of Bubble Dynamics  
In most engineering applications it is assumed that there are plenty of nuclei for the 
inception of cavitation. Thus, the proper accounting of bubble growth and collapse is 
very important. The bubble dynamics equation can be derived from the generalised 
Rayleigh-Plesset equation as [108]:  
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where, BR  is the bubble radius, s  is the liquid surface tension coefficient, l  is the 
liquid density, BP  is the bubble surface pressure, P  is the local far-field pressure and 
l  is the liquid kinematic viscosity. Neglecting the second-order terms, kinematic 
viscosity and the surface tension force, Eq. (3.25) simplifies to: 
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This equation provides a physical approach to introducing the effects of bubble 
dynamics into the cavitation model.  
 
3.2.3. Full cavitation model  
In the current analysis the “full cavitation model” introduced by Singhal et al [11] is 
used. In this model, all the first-order effects (i.e., phase change, bubble dynamics) 
only are retained. The model is able to account for multi-phase flows with the slip 
velocities between the liquid and the gaseous phases. Thermal effects and 
compressibility of both liquid and gas phases are included. Singhal et al. [11] uses 
the following two-phase continuity equations to derive an expression for the net 
phase change rate: 
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Vapour phase:  
RV
t
vvvv 


)(.)(

                                   (3.28)        
The mixture: 
0)(.)( 


V
t
m

                  (3.29) 
 
where, R  is the net phase change rate )( ce RR  , m  is the mixture density (function 
of phase volume fraction and density) and it is defined as: 
 
lvvvm  )1(                     (3.30) 
Combining Eqs. (3.27)-(3.29) results in a relationship between the mixture density 
and vapour volume fraction as:  
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The vapour volume fraction v  is related to the bubble number density Bn  and the 
radius of a bubble BR  as: 
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Substituting Eq. (3.32) into Eq. (3.31) yields the following: 
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Using Eq.(3.26), and combining Eq. (3.27), Eq. (3.28), Eq. (3.31), and Eq. (3.33), the 
expression for the net phase change rate R  is obtained as: 
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in which R  represents the vapour evaporation rate. All the terms, except Bn  are 
known constants or dependent variables. The phase change rate can be rewritten in 
terms of the bubble radius; BR , since there is no general model for the estimation of 
the bubble number density. Thus: 
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The above equation shows that the unit volume mass transfer rate is not only related 
to the vapour density; v , but it is also a function of the liquid density l  as well as  
the mixture density m .  
 
Eq. (3.35) is exact since it is derived from volume fraction equations directly and it 
represents the mass transfer from liquid to vapour phase through mechanism of 
cavitation. It is worth noting that in practical cavitation models, the local pressure is 
usually assumed to be the same as the cell centre pressure. The bubble pressure 
BP is equal to the saturation vapour pressure in the absence of mass transport and 
any viscous damping ( cB pP  ). Based on Eq. (3.35), a model is suggested by 
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Singhal et al. [11], where the vapour mass fraction is the dependent variable in the 
transport equation, thus: 
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where,   is the diffusion coefficient.  
 
The rates of mass exchange are derived from the Rayleigh-Plesset equations with 
limiting bubble size considerations (interface surface area per unit volume of vapour) 
using the following equations. For simplicity, in Eq. (3.35), the typical bubble size BR  
is taken to be the same as the limiting (maximum) bubble size, then, BR  is 
determined by the balance between hydrodynamic drag and surface tension forces. 
A commonly used formula in the nuclear industry is [109]: 
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For bubble flow regime, lvV is normally fairly small (5-10% of the bulk liquid velocity). 
By using various limiting arguments, e.g., 0BR  as 0v , and the fact that the 
per unit volume phase change rates should be proportional to the volume fractions of 
the transferor phase, the following expressions for vapour generation rates are 
obtained in terms of the vapour mass fraction f : 
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where, chV  is a characteristic velocity, which denotes the effect of the local relative 
velocity between the liquid and the vapour phases. cp  is the liquid 
cavitation/vaporisation pressure at a given temperature and eC  and cC  are empirical 
constants and are considered to be 0.02 and 0.01 respectively according to Singhal 
et al [11]. 
 
3.3. Conventional hydrodynamic cavitation model (Elrod’s method) 
For the engine under investigation, the ring length-to-width ratio is over 100. 
Therefore, as a first approximation, the piston ring/liner conjunction can be viewed as 
an infinitely long sliding bearing [33]. The Elrod cavitation algorithm [15] is only used 
for the case of ring-liner contact in this thesis. Although, this assumes uniform radial 
loading and neglects piston secondary motion as well as ring dynamics, the final 
results can provide a valuable insight. Nevertheless, those can have significant effect 
in determining the tribodynamics of the ring and the subsequent tribological 
performance. If the flow is laminar, the behaviour of most lubricated conjunctions can 
be predicted using 1D Reynolds equation: 
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Elrod’s [15] modification provides an acceptable solution if the cavitation is present: 
In the full film section of the contact both of the Couette and Poiseuille flow terms are 
considered, while in the cavitation region the Couette term only is considered. To 
account for this, a switching term; sg  is defined by Elrod [15] as: 
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in which   is defined as fractional film content. This allows defining the contact 
pressure distribution as follows: 
cs pgp   ln                                                                                                    (3.42) 
where, cp  is cavitation pressure and   is the lubricant bulk modulus. Reynolds 
equation is now modified using Eqs. (3.40) and (3.42) as: 
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in which lubricant viscosity and density can change with the contact pressure and 
temperature 
 
3.4. Lubricant rheology 
The lubricant bulk rheological properties including density and viscosity are affected 
by pressure and temperature [40]. The density–pressure relationship is [110]: 
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in which atmp  is the atmospheric pressure and 0T  is temperature in K . Variations of 
lubricant dynamic viscosity with pressure and temperature can be expressed based 
on Roelands’ equation [111] which was further developed by Houpert [112], as 
follows: 
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in which, 0  is the lubricant dynamic viscosity at atmospheric pressure and 
temperature, and Z  and 0S  are constants: 
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where 0  and 0  are constants at atmospheric temperature and pressure. It should 
be noted that the rheological parameters are for a fresh lubricant. In practice, the 
lubricant is subject to shear thinning, oxidation and contamination [113]. 
 
 
3.5. Load supported through Asperity contact 
Ideally, the applied load is carried by a lubricant film formed in the conjunction (i.e. 
the hydrodynamic reaction). However, a coherent film of lubricant is not always 
assured due to the transient nature of engine operations (load-speed combination as 
well as stop-start conditions). Hence, some of the applied load is carried by the direct 
contact of surfaces (see figure 3.1), usually a small portion of the rough topography 
of the crank-pin and the bushing surface (i.e. the asperity load). The latter is usually 
overlaid with a sandwich of soft and hard layers which also deform locally as the 
result of conjunctional pressures, conditions which are referred to as 
elastohydrodynamic. Therefore:  
h aW W W F                           (3.47) 
 
Figure 3.1: Surface asperities contact 
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where, the elastohydrodynamic reaction is obtained as:  
𝑊ℎ = ∫∫𝑝𝑑𝐴                                                                                                        (3.48) 
The asperity or boundary load is a function of surface roughness. For an assumed 
Gaussian distribution of asperities [114]:  
𝑊𝑎 =
16√2
15
𝜋(𝜉𝛽𝜎)2√
𝜎
𝛽
𝐸′𝐴𝐹5/2(𝜆)                       (3.49) 
where, the statistical function 𝐹5/2(𝜆) is a function of Stribeck oil film parameter 𝜆 =
ℎ

, 
where  is the composite root mean square roughness of the contiguous surfaces. 
The statistical function can be represented by a polynomial-fit function as [115]: 
 
𝐹5 2⁄ (𝜆) = {
−0.004𝜆5 + 0.057𝜆4 − 0.296𝜆3 + 0.784𝜆2 − 1.078𝜆 + 0.617;    for   𝜆 ≤ 𝜆𝑐𝑟
   0                                                                                                              ;    for   𝜆 > 𝜆𝑐𝑟
    (3.50) 
 
where, for the current analysis a critical film ratio of 3cr  is assumed, below which 
mixed regime of lubrication (including asperity interactions) is deemed to occur. This 
value of critical Stribeck oil film parameter depends on the surface topographical 
asperity distribution and the chosen statistical parameter. Some researchers have 
used lower or slightly higher values for the transition boundary between mixed and 
full fluid film regimes of lubrication. In particular, Guanteng and Spikes [116] used 
thin film interferometry and showed that full film lubrication is only realised when >2. 
They noted that there is no clear-cut demarcation boundary between mixed and 
boundary regimes of lubrication, based on the Stribeck’s oil film parameter. As 
already noted above, 3cr  is assumed for fluid film lubrication in the current 
analysis.  
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According to [114,117], the roughness parameter (𝜉𝛽𝜎) is reasonably constant with a 
value in the range of 0.03 to 0.05 for steel surfaces. The ratio 𝜎 𝛽⁄  is a representation 
of the average asperity slope [110] and is in the range 10−4 to 10−2 according to 
Teodorescu et al [115]. In the current study it is assumed that: 𝜎1 = 𝜎2 , and the 
Tabor parameters: 𝜉𝛽𝜎= 0.05 and 𝜎 𝛽⁄ =0.001. In the case of tilting partial journal 
bearing, the same values were assumed for the aluminium journal surface in chapter 
6. Since a thin smooth hard layer of bismuth is applied as the outer layer of the shell 
overlay, the boundary friction is assumed to largely depend on the rougher surface of 
the steel crank pin.  
 
3.6. Friction force 
The total friction force in mixed regime of lubrication is obtained as: 
bvist fff                                 (3.51) 
where, the viscous friction, visf , is obtained by integrating the generated shear stress 
over the lubricant-surface interface as: 
dAf is                                        (3.52) 
at any instant of time, viscous shear of a film of lubricant, h, is obtained as [40] 
h
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2
                         (3.53) 
The boundary component of friction takes into account the direct dry asperity contact 
as well as the non-Newtonian shear of pockets of lubricant entrapped between the 
asperity tips, as (Teodorescu et al [115]): 
aab WAf   0                                    (3.54) 
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where, the parameter   is the pressure coefficient for boundary shear strength of 
asperities on the softer counterface. In the case of the big-end bearing this is the 
steel surface of the journal. A value of  =0.17 is obtained using an atomic force 
microscope [115]. For the case of the aluminium journal the same value was used in 
Chapter 6. The procedure followed is the same as that described by Buenviaje et al 
[118] and Styles et al [119]. In addition, limiting Eyring shear stress [120] for the 
engine oil is 0 =2MPa.  
The underlying hypothesis in the use of Eq. (3.54) is that the asperities are wetted by 
adsorption of an ultra-thin film of boundary active molecules within the lubricant. 
Briscoe and Evans [121] assume that a thin Langmuir-Blodgett [122] layer of 
adsorbed boundary active lubricant species are formed at the tip of asperities and 
entrapped in their inter-spatial valleys. This layer is subject to non-Newtonian Eyring 
shear [120]. An alternative hypothesis would be that the opposing asperities form 
adhesive junctures which are submerged in the menisci formed between them. 
Therefore, boundary friction may be considered as the effort required to break such 
meniscus bridges (Bowden and Tabor [123]) in addition to overcoming the adhesion 
of cold welded asperity junctures themselves. Such an approach is reported by 
Teodorescu et al [115]. A shortcoming of the approach reported in [122] is the need 
to specify the proportion of contact in dry contact of asperities. On the other hand the 
approach in [115] makes use of asperity contact area aA , based on the assumption 
of asperity distribution, which is considered to follow a Gaussian distribution as in 
[114]. 
The cumulative area of asperity tips, aA , is found as (Greenwood and Tripp [114]): 
)()( 2
22  AFAa                             (3.55) 
where )(2 F  is a function representative of the Gaussian distribution of asperities in 
terms of   as: 
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The total frictional power loss, due to both viscous and boundary contributions to the 
overall friction, is calculated as follows: fvfbf PPP  . 
 
3.7. Dynamic Mesh 
A dynamic mesh model is used in the current analysis to model flows where the 
extent of the domain is changing with time due to motion of the solid boundary, such 
as the compression ring or the journal. The generic transport equation applies to all 
applicable model equations, such as momentum, energy, phases, etc. The motion of 
the moving boundary is in the direction of film depth (squeezing velocity) which is 
determined, based on the solution at the current time for each crank angle (for 
example in the piston ring case, the minimum film thickness is calculated from the 
force balance on the ring). The update of the volume mesh is handled automatically 
by ANSYS FLUENT at each time step based on the new positions of the moving 
wall. To use the dynamic mesh model, one needs to provide a starting volume mesh 
and the description of the motion of any moving zone in the model. ANSYS FLUENT 
allows the description of the motion using either boundary profiles or any user-
defined functions (UDFs). ANSYS FLUENT expects the description of the motion to 
be specified on either face or cell zones.  
 
3.7.1. Dynamic mesh theory 
With respect to dynamic meshes, the integral form of the conservation equation for a 
general scalar  , on an arbitrary control volume, V , whose boundary is moving can 
be written as: 
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 
 VVV
m
V
VdSAdAduuVd
td
d


)(            (3.57) 
 
where  is the fluid density, u

 is the flow velocity vector, mu

 is the mesh velocity of 
the moving mesh,   is the diffusion coefficient, S is the source term of   and, V  
is used to represent the boundary of the control volume V . 
 
By using a first-order backward difference formula, the time derivative term in Eq. 
(3.57) can be written as:  
 
t
VV
Vd
td
d nn
V





)()( 1 
               (3.58) 
 
where n  and 1n  denote a given quantity at the current and next time step, 
respectively. Thus, for example, the )1( n th time level volume, 1nV , is computed 
from:  
 
t
dt
Vd
VV nn 1                  (3.59) 
where 
dt
Vd
 is the volume time derivative of the control volume. In order to satisfy the 
mesh conservation law, the volume time derivative of the control volume is computed 
from:  
 
 

fn
i
iim
V
m AuAdu
td
Vd 
..                (3.40) 
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where fn is the number of faces on the control volume and iA

 is the i  face area 
vector. The iim Au

..  on each control volume face is calculated from: 
 
t
V
Au iiim



 
..                  (3.41) 
 
where iV

  is the volume swept out by the control volume face i over the time step 
.t  
 
The methodology highlighted above is generic and is applied for compression ring-
cylinder liner contact as well as the journal bearing in Chapters 4, 5 and 6. In all 
cases the boundary conditions are described there as these are quite different for 
these conjunctions. 
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Chapter 4:  Piston Compression Ring Conjunction 
 
4.1. Introduction 
The primary function of the piston compression ring is to seal the combustion 
chamber. This prevents the escape of high-pressure gases from the combustion 
chamber and conversely any lubricant leakage into the chamber. However, effective 
sealing function of the compression ring can result in increased friction and thus 
parasitic losses [110].The piston assembly accounts for approximately 35-45% of 
engine frictional losses [1, 124]. Therefore, in order to improve engine performance 
as well as reducing emission levels, it is important to have a deeper understanding of 
frictional behaviour of piston-cylinder system as a prerequisite. The current work 
addresses these issues with regard to the piston compression ring. 
 
4.2. Problem description of piston ring-liner 
Figure 4.1 is a schematic representation of ring-liner conjunction along the ring axial 
face-width. The ring profile )(xhs  is assumed to be parabolic with a maximum crown 
height of c  and a face-width of b : 
2
2
)2/(
)(
b
cx
xhs                                                  (4.1) 
The current analysis assumes good conformance of the ring to the liner surface in 
the circumferential direction of the bore. This simplifies the problem to a one 
dimensional contact, which is valid for ring-bore contact for bore diameter-to-ring 
face-width ratio: 302 0 br  as shown by Haddad and Tjan [125], which is applicable 
to the engine studied here. The engine studied here is a high performance V12 4-
stroke naturally aspirated engine (see table 4.1).  
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Figure 4.1: 2D Diagram of piston ring-liner conjunction 
 
 
Table 4.1: Engine data 
Parameters Values Units 
Crank-pin radius, r  39.75 mm  
Connecting rod length, l  138.1 mm  
Bore nominal radius, 
0r  44.52 mm  
Ring crown height, c  10 m  
Ring axial face-width, b  1.15 mm  
Ring radial width, d  3.5 mm  
Ring free end gap, g  10.5 mm  
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It is assumed that the ring does not undergo any relative motion with respect to the 
piston sliding at the velocity U. In practice, the ring may be subject to axial motion 
within its retaining groove; a motion termed as ring flutter. Thus, according to 
Rahnejat [126]: 





















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

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
2
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sincos1sin)( 
r
l
rU                                                                      (4.2) 
where   is the crank angle, l  is the connecting rod length, r  the crank pin radius 
and   is the engine rotational speed. Figure 4.2 shows the piston sliding speed 
variation for the engine speeds of 1500 and 6000 rpm respectively. 
 
 
 
Figure 4.2: piston sliding speed for engine speeds of 1500 and 6000 rpm 
 
 
Forces acting on the ring are considered as radial in-plane forces. In its radial plane, 
the ring is subjected to two outward forces; ring elastic tension force 
TF  and the gas 
force GF , both acting on the inner rim of the ring. These forces strive to conform the 
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ring onto the bore surface. Thus, the total outward force (towards the liner interface), 
acting on the ring is: GT FFF  . The ring tension force, TF , is obtained as [127]: 
0rbpF eT   )
3
where(
4
0br
gEI
pe

                                              (4.3)  
where, ep  is the elastic pressure, 0r  is the bore nominal radius and g  is the ring end 
gap in its free (unfitted) state. The gas force acting on the back of the ring varies 
according to the chamber pressure in an engine cycle, thus: 
)(2)( 0  gG pbrF                                       (4.4) 
A gas blow-by analysis is required to obtain the exact value of gas pressure acting 
behind the ring. In the current analysis it is assumed that the gas pressure behind 
the ring is equal to the in-cylinder gas pressure.  
These outward forces (ring elastic tension and the gas force) are opposed by the 
contact force generated as the result of combined actions of generated conjunctional 
hydrodynamic pressures and the load share carried by any direct contact of surfaces 
themselves. The latter is often the load shared by a small portion of asperities on the 
opposing surfaces. Thus, the instantaneous contact load is determined as 
)()()(  ha WWW  , where the load carried by any film of lubricant is the 
integrated pressure distribution as: 
dxdyprW
b
b
hh )(2)(
2/
2/
0                    (4.5) 
As shown in Figure 4.1, in general, the contact region may be considered as 
comprising of three distinct regions: (i) full film (a coherent lubricant film region), (ii) 
film rupture and cavitation, and (iii) lubricant film reformation. The Elrod cavitation 
model is the usual basis for the tribological analysis, taking into account these 
various conjunctional regions. To describe the physics of fluid flow in the cavitated 
region, in which at least these various states of lubricant film co-exist. A suitable two-
phase flow model needs to be employed alongside the use of the Navier-Stokes 
equations. This would be an elegant approach which for moderately and heavily 
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loaded conditions represents a reasonable compromise between computational 
speed and predictive accuracy [128]. However, it can be fairly complex to implement. 
 
4.3. Boundary conditions 
In this model, the operating and vaporization (cavitation) pressures are set to be at 
atmospheric pressure of 101.3 kPa. Since the occurrence of cavitation is treated 
through solution of the vapour transport equation, there is no need to impose any 
particular boundary conditions for prediction of lubricant film rupture or subsequent 
reformation boundaries similar to those employed by Swift-Stieber or Elrod cavitation 
models. Furthermore, the lubricant-solid interface is assumed to follow no-slip 
conditions and the solid boundaries were considered to be impermeable.  
 
For the case of the piston ring, pressure inlet and outlet boundary conditions are 
used for the leading and trailing edges of the ring/liner contact. Therefore, when the 
piston undergoes upstroke motion, the inlet pressure is that of the chamber given in 
Figure 4.3, whilst at the exit the crank-case pressure is assumed, which also is 
assumed to be at atmospheric pressure. On the other hand, for the down-stroke 
sense of the piston, the inlet pressure is set to that of the crank-case (atmospheric) 
pressure, whilst the outlet pressure is that of the combustion chamber. The chamber 
(combustion) pressure varies with engine stroke, speed and throttle demand. Figure 
4.3 shows the in-cylinder pressure for the engine speeds of 1500 and 6000 rpm with 
63% applied throttle. 
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Figure 4.3: Variation of chamber pressure with crank angle for engine speeds of 
1500 and 6000 rpm 
 
 
Thus, the following pressure-based boundary conditions are used along the axial x-
direction of the contact (i.e. along the ring face-width, direction of entraining motion). 

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                           (4.6) 
No exit boundary condition such as the Swift-Stieber or Prandtl-Hopkins boundary 
conditions need to be stated with the Navier-Stokes’ approach. 
 
4.4. Heat generation and thermal boundary conditions  
Lubricant temperature rises due to internal friction. In the Navier-Stokes approach, 
solving the energy Eq. (3.5) with the appropriate boundary conditions provides a 
prediction of heat generated in the contact conjunction due to viscous shear of the 
lubricant film. However, temperatures of contacting surfaces also increase with the 
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rising contact temperature of the lubricant. Therefore, temperature boundary 
conditions are themselves a function of internal heat. To obtain the temperature rise 
of the bounding surfaces, a thermal heat transfer partitioning model needs to be 
used which takes into account the transferred heat to the contacting surfaces 
(boundaries) as well as the heat carried away by the lubricant flow though the 
contact. Morris et al [39] described an analytical model, based on a control volume 
approach which takes into account the local temperature rise on the contacting 
surfaces due to conduction from the lubricant and also direct asperity contacts. The 
method described by Morris et al [39] is adopted here in conjunction with the Navier-
Stokes analysis.  
 
In the thermal heat transfer model, at any instant of time, corresponding to a crank 
angle position, the equality of inlet and outlet flows is upheld. This is an outcome of 
the instantaneous quasi-static equilibrium at any given crank angle. However, the 
flow rate is subject to change between subsequent crank angle positions as the 
variations of the film thickness with time 
h
t
 
 
 
is taken into account. In addition, there 
is a convection thermal flux at the inlet nib to the conjunction from the solid 
boundaries to the entrant lubricant supply at a lower temperature of inT . This raises 
the inlet lubricant temperature to 0T  , from its assumed bulk flow temperature (i.e. 
inlet heating): 
21
2211
0
UU
UTUT
T ss


                                                                                                     (4.7)            
where 1sT  and 2sT  are the initial surface temperatures of the bore/liner and ring 
surfaces. Since one of the surfaces is stationary, therefore from Eq. (4.7), 10 sTT   at 
the inlet due to the convective thermal flux. The liner temperature is measured from 
the engine liner surface and, therefore, is known at any given crank angle location 
(see Figure 4.4). 
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The lubricant temperature distribution, obtained through solution of energy Eq. (3.5), 
is based upon an initially assumed temperature for the ring surface. Therefore, the 
heat partitioning method described by Morris et al [39] can predict the quantity of 
heat transfer from the ring, contributing to the rise in its temperature when 
considering the heat removal through convection cooling by lubricant flow (see 
Figure 4.5). 
 
 
 
Figure 4.4: Input conditions as liner temperature 
 
 
Since the thermal model is a control-volume based approach, the effective 
temperature of the lubricant, obtained by solving Eq. (3.5) is averaged throughout 
the contact as: 
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Chapter 4: Piston Compression Ring Conjunction 
69 
 
 
Figure 4.5: Thermal flow within the contact (Morris et al [39]) 
 
 
 
Table 4.2: Material properties and surface topographical parameters 
Parameters Values Units 
Liner material Grey cast iron - 
Modulus elasticity of liner material 92.3 GPa 
Poisson ratio for liner material 0.211 - 
Density for liner material 7200 Kg/m3 
Thermal conductivity for liner material 55 W/m.K 
Specific heat capacity for liner material 460 J/Kg.K 
Ring material Steel SAE 9254 - 
Modulus elasticity of ring material 203 GPa 
Poisson ratio for ring material 0.3 - 
Roughness parameter )(  0.04 - 
Measure of asperity gradient )(   0.001 - 
Density for ring material 7700 Kg/m3 
Thermal conductivity for ring material 25 W/m.K 
Specific heat capacity for ring material 460 J/Kg.K 
 
 
The rise in the ring surface temperature is obtained from the following relationship 
(Morris et al [39]): 
Chapter 4: Piston Compression Ring Conjunction 
70 
 
)2(2 sTeT
fRvRlR
fR
sT 
                                                                                    (4.9)                   
in which, 2sT  is the initial ring surface temperature and 𝑅𝑙, 𝑅𝑣 and 𝑅𝑓 are the thermal 
resistances associated with conduction through the lubricating film, convective heat 
transfer through the boundary layer and the rise in the solid surface flash 
temperature respectively. These parameters are calculated according to the given 
relationships in Morris et al [38] (𝑅𝑙 =
ℎ0
2𝑘𝐴
 , 𝑅𝑣 =
1
ℎ𝑡𝐴
 , 𝑅𝑣 =
𝑆𝑓
𝑘𝑠2𝐴
 ). The ring and liner 
mechanical/thermal properties are provided in Table 4.2.  
 
4.5. Grid (Mesh) structures and solution procedures 
 A 2D simulation model is developed using the CFD package FLUENT 14.5. The 
pre-processor ANSYS Design Modeller and Meshing is used for generation of 
computational grid. The geometrical nature of the problem examined here (the film 
thickness is very small compared with the bore radius) imposes the use of only 
quadrilateral computational cells. After conducting a grid sensitivity analysis on the 
accuracy of predictions, 40 divisions were employed across the film thickness and 
1,500 divisions along the ring face-width, thus a mesh of 60,000 cells are used. 
Calculation of Reynolds number for the studied conditions showed that the flow is 
well within the laminar region. The operating pressure and vaporization (cavitation) 
pressure are set to the atmospheric pressure of 101.3 kPa. 
 
The pressure-based mixture model [105] is chosen for the CFD analysis. The 
velocity–pressure coupling is treated using the Semi-Implicit Method for Pressure 
Linked Equations (SIMPLE) algorithm and the second-order upwind scheme is used 
for the momentum to reduce the discretisation-induced errors in the calculations. For 
greater accuracy, a value of 
610  is used for convergence of all the parametric 
residual terms. 
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An alternative approach is also undertaken, based on solution of Elrod’s cavitation 
model analytically as described by Sawicki and Yu [87]. However, the method is 
modified to include the variations of viscosity and density/bulk modulus with pressure 
and temperature, using the equations given in Section 3.4. Once the pressure 
distribution is obtained either from CFD analysis or the Elrod’s method, it is 
integrated over the contact area to obtain the hydrodynamic reaction (see Eq. (4.5)). 
 
The solution procedure is as follows: 
 
Step 1: At a given crank angle, calculate the total force exerted on the ring due to 
combustion gas pressure and ring elastic force (Eqs. (4.3) and (4.4)). 
Step 2: Assuming an initial value for the minimum film thickness, lubricant film 
temperature and pressure distribution, and the lubricant bulk rheological properties 
are calculated (Lubricant properties in atmospheric pressure and 40○ C are 
presented in Table 4.3). In addition, an initial value for the ring surface temperature 
is assumed. 
Step 3: The contact pressure distribution is obtained using two-phase flow CFD 
analysis described in Sections 3.1 and 3.2, or the Elrod’s cavitation model described 
in Section 3.3. 
Step 4: The predicted pressures are used to update the rheological properties and 
Step 3 is repeated until the pressure in the Elrod’s method in two successive 
iteration steps remains within the stated convergence criterion. It is noted that in the 
CFD approach the lubricant rheological properties are updated internally for the 
generated pressure and temperature distributions as the solution proceeds. In 
addition, using the heat partitioning model described in Section 4.4, the rise in the 
ring surface temperature is also calculated. 
Step 5: The load carried by asperities is calculated using Eq. (3.49). 
Step 6: The pressure distribution is used to obtain the hydrodynamic reaction. Since 
the method of solution is quasi-static, this conjunctional reaction together with the 
asperity- carried load should support the total applied load exerted by the gas and 
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ring elastic forces at each crank angle. The quasi-static balance of applied forces on 
the ring is sought through: 
 
3100.1
)(
)()(



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F
WF
Errload
                                (4.10) 
 
If this criterion is not met, then, the minimum film thickness is updated using the 
following equation: 
 
o
m
n
m hh )1(                        (4.11) 
 
where   is an adjusting parameter, )}(),(max{)()(  WFWF  . 
Superscripts n  and o  denote new and old steps in the iteration process. A damping 
coefficient 05.0  is used to achieve faster load convergence, whilst maintaining 
numerical stability. It is noted that the ‘dynamic mesh’ concept [129] is employed for 
variations in the minimum film thickness in the CFD analysis. In this method, the 
corresponding user-defined function (UDF) determines the desired position of the 
ring using the dynamic mesh technique. To achieve this, a smoothing mesh method 
is used with a convergence tolerance of .10 5  
With a new value for the minimum film thickness, the Steps 2 to 6 are repeated until 
the convergence criterion in Step 6 is met. 
Step 7: Calculate the corresponding viscous and boundary friction contributions, and 
hence the total friction, using Eqs. (3.52), (3.54) and (3.51). Then, proceed to the 
next crank angle, repeating all the above steps. 
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Table 4.3: Lubricant properties in atmospheric pressure and 40○ C 
Parameter Value Units 
Lubricant viscosity, 0  05.0  kg/m.s 
Lubricant density, 0  833   kg/m
3 
Lubricant specific heat, pC   1968 J/kg-K 
Lubricant thermal conductivity, k  0.145 w/m-K 
0  8101    m
2/N 
0  2104   - 
 
 
4.6. Results and Discussion  
4.6.1. Pressure distribution of the ring face 
Initially, it would be interesting to note the comparison between the predictions of 
CFD approach developed here with those using the Elrod’s approach, which is 
traditionally used for such tribological contacts. Furthermore, an isothermal analysis 
somewhat simplifies the problem. Figure 4.6 shows the axial pressure distribution at 
the crank angle of  21 , which is in the power stroke at maximum pressure, where 
combustion occurs (see figures 4.2 and 4.3).  
 
Figures 4.7-4.9 present the results for axial pressure profiles along the ring face-
width at crank-angles: 1  (in TDC transition from the compression to the power 
stroke), 21  and 90  (at piston mid-span positions in the compression and power 
strokes) under assumed isothermal conditions. The predictions are made by two 
different methods: (I) Two-phase flow Navier-Stokes equations and (II) the Elrod’s 
modified approach to Reynolds equation. Good agreement is observed in all the 
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cases. Note that the crank-angle of 0  corresponds to the position of TDC in 
transition from the compression to the power stroke. The region bounded by the 
crank-angles 1  corresponds to quite low speeds of entraining motion of the 
lubricant. Inlet reversals can be noted as the piston sense of motion alters (Figure 
4.7a and b). Figure 4.8b corresponds to the detonation point, where the maximum 
combustion pressure occurs. The differences between the two methods of analysis 
emerge in Figures 4.8a, and 4.9a and b. These correspond to relatively lightly loaded 
contact conditions with higher speeds of entraining motion of the lubricant into the 
conjunction. These differences are as the result of outlet boundary conditions, which 
are clearly based on the film rupture point, beyond which cavitation region occurs. 
With the Elrod’s approach there are prescribed contact outlet boundary conditions, 
which are based on the value of film ratio 1  . The CFD approach is based on open 
boundary conditions (i.e. there is no prescriptive outlet boundary condition for the 
lubricant film rupture location). Since lightly loaded conditions with higher lubricant 
entraining velocity (in cases of 90   , mid-span piston position) lead to film 
rupture and cavitation any prescriptive outlet conditions may be regarded as 
somewhat artificial. The difference is more significant in terms of friction than 
pressure distribution (see later). 
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Figure 4.6: Comparison of Navier-Stokes equations to Elrod model for pressure 
distribution at +21 degree of crank angle 
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Figure 4.7: Pressure distribution along the ring face-width (x-direction) for (a) 
 1 and (b) ,1 at engine speed of 1500 rpm 
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Figure 4.8: Pressure distribution along the ring face-width ( x -direction) for (a) 
 21 (compression stroke prior to TDC) and (b)  21 (detonation in power 
stroke), at engine speed of 1500 rpm 
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Figure 4.9: Pressure distribution along the ring face-width ( x -direction) for (a) 
 90 (mid-compression stroke) and (b)  90 (mid power stroke), at engine 
speed of 1500 rpm 
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4.6.2. Lubricant film thickness  
The key parameter predicted by the lubrication model is the cyclic variation in the 
minimum film thickness. There is a direct correlation between film thickness and 
friction. Therefore, it is particularly interesting to investigate the regions where the 
film is quite thin.  Fig. 4.10 shows the CFD predicted minimum film thickness 
variations for the parabolic ring at engine speeds of 1500 r/min in comparison to the 
minimum film thickness predicted by the Elrod model under isothermal conditions. 
The results are very close together. Both solutions exhibit the expected characteristic 
shape of curve with small film thicknesses around the dead centre positions, where 
the entrainment velocity is low, and large film thicknesses at the mid-stroke 
positions, where the entrainment velocity is relatively high. Film thicknesses on the 
power strokes, are generally thinner owing to the higher gas loading on the ring. The 
figure also includes the CFD predicted minimum film thickness variations for thermal 
condition at the same engine speed.  
 
With thermal effects taken into account, the film thickness is considerably reduced 
and the ring-bore conjunction resides in mixed and boundary regimes of lubrication 
for a significant proportion of the engine cycle. Therefore, the assertion of significant 
differences between isothermal and thermal analyses by Gosh and Gupta [130] is 
justified, but not often noted in much of the reported studies. 
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Figure 4.10: Minimum film thickness at engine speeds of 1500 r/min 
 
 
 
4.6.3. Fluid properties and flow parameters changes in depth of film 
In the other existing models [131], the onset of cavitation is determined without 
resolving the shape of the cavities. In the middle of the cavitation region, the 
pressure gradient in the transverse direction is considered be zero (dp/dz=0). Thus, 
no changes would be seen in fluid properties or flow parameters across the film. 
Unlike other models, in the present CFD model it can be shown that all parameters 
change into the depth of the lubricant film. The changes of lubricant properties and 
flow parameters in the z direction (film depth) for crank angle of 90  at engine speed 
of 6000 rpm, in high pressure zone ( mmx 1.0 ) are plotted in Figures. 4.11 and 
4.12, respectively.    
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          CFD 
          Elrod 
          CFD 
          Elrod 
(a) 
(b) 
Figure 4.11: The changes of lubricant viscosity (a) and density (b) in z direction 
(film depth) for crank angle 90 at engine speed 6000 rpm, in high pressure zone (
) 
Chapter 4: Piston Compression Ring Conjunction 
82 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 4.13 illustrates changes of vapour volume fraction in the cavitation zone (
mmx 2.0 ) and also changes of lubricant viscosity in the high pressure zone (
mmx 15.0 ) in the z direction (film depth) layer by layer for the same crank angle 
and engine speed under isothermal conditions. 
          CFD 
          Elrod 
          CFD 
          Elrod 
Liner Temp. 
Ring Temp. 
Lubricant Temp. 
(a) 
(b) 
Figure 4.12: The changes of pressure (a) and temperature (b) in z direction (film 
depth) for crank angle 90 at engine speed 6000 rpm, in high pressure zone (
) 
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Figure 4.13: The changes of vapour volume fraction in cavitation zone ( mmx 2.0 ) 
and also changes of oil viscosity in high pressure zone ( mmx 15.0 ) in z direction 
(into the film depth)  
 
 
4.7. Model Validation 
4.7.1. Friction  
Piston-cylinder friction is a dominant source of parasitic mechanical losses in IC 
engines, accounting for nearly 9% of the input fuel energy expended.  Therefore, one 
of the overriding industrial objectives is to predict frictional losses from all the 
conjunctions of the piston-cylinder system. Figure 4.14 shows the CFD predicted 
friction compared with the experimental measurements by Furuhama and Sasaki 
[132] for a 2 cylinder rig made from an 8-cylinder Chevrolet engine running at the 
engine speed of 1200 rpm, under motorised condition. The other predictions in the 
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figure are those by Mishra et al. [43]. The CFD predictions conform well to the 
experimental results and show an improvement compared with those predicted by 
Mishra et al [43] which are isothermal and use Reynolds equation with Swift-Stieber 
exit boundary condition for the hydrodynamic contribution. The agreement is 
particularly striking for the power stroke and for the later stages of the compression 
stroke. There are some differences at mid-span in the power stroke. There seems to 
be more boundary interactions in the experimental results. This may well be because 
of bore out-of-roundness, thus some reduced clearance, which would be expected of 
all cylinder bores in practice. However, such data is not provided in [43]. The current 
analysis assumes a right circular cylindrical bore with circumferentially conforming 
ring-bore contact.   
 
 
Figure 4.14: Comparison of current work with experimental measurements for friction 
force 
 
 
Comparison of friction for isothermal and thermal cases is demonstrated in Figure 
4.15. Note that the isothermal analysis would be representative of cold steady state 
conditions, for example, similar to those at low engine speed emission tests defined 
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by the NEDC (New European Drive Cycle) [133], where the lubricant viscosity used 
in the analysis corresponds to the temperature of 40○C. Various regions of predicted 
engine cycle frictional characteristics are marked on the figure. Under isothermal 
(cold engine condition) viscous friction is generally higher because of a higher 
lubricant viscosity. Furthermore, the dominant source of viscous shear is Couette 
flow, which follows the piston sliding speed (second term in Eq. (3.53)). The 
exception is the region in transition from compression to the power stroke and 
extending past the detonation point. Under cold engine condition, it can be seen that 
the pure proportionality v U  is lost in this region, because there is significant 
pressure loading of the ring conjunction (combustion curves in Figure 4.3). In this 
region lubricant action is dominated by Poiseuille shear (the first term in Eq. (3.53)).  
 
The important point to note is that viscous friction, in general, is lower in the thermal 
case due to reduced lubricant viscosity. However, at the dead centre reversals, 
because of low entraining velocity the film thickness is significantly reduced (Figure 
4.10), which leads to boundary interactions in the case of thermal case. This can be 
representative of hot steady state portion of the NEDC emission cycle [133]. The 
sharp rise rate in friction characteristics at dead centre reversals, due to mixed or 
boundary regime of lubrication, are also marked on Figure 4.15. In particular, the 
results show that friction at TDC reversal in transition from compression to the power 
stroke corresponds to a significant proportional of all cyclic frictional losses. 
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Figure 4.15: Predicted friction under isothermal and thermal conditions with CFD and 
Elrod-type analyses 
 
 
4.7.2. Comparison of model predictions with measurements of a floating liner 
Gore et al [134] chose a Honda CRF450R motocross motorcycle 4-stroke engine for 
their experimental measurement of friction in in-situ conditions because of its high 
power and torque characteristics (41 kW, 50 Nm) with maximum speed of 11000 
rpm. The load-speed combination envelopes a wide range of engine technology, and 
representative of a broad spectrum of tribological conditions. In fact, this engine is 
representative of the highest performing naturally aspirated single cylinder engine 
technology (i.e. over 90 kW/Ltr and 110 Nm/Ltr). The engine’s OEM barrel was 
replaced by a wet barrel, containing the floating liner. Gore et al [134] noted that 
because of the differential operating temperature, there is a need to control the 
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clearance between the cylinder liner and the housing, and thus minimise the induced 
stresses in the OEM aluminium structure. The choice of housing material was 
restricted to materials with a coefficient of thermal expansion between 16 and 18 
ppm/K, and yield strength significantly higher than the original donor engine barrel. 
Thus, austenitic stainless steel grade 304 was used as the floating liner material 
(Figure 4.16).  
 
 
Figure 4.16: The floating liner (Gore et al [134]) 
 
 
The working surface of the liner is coated with a 60 m  thick Ni-SiC layer. As shown, 
the floating liner is suspended in such a way that any point of contact between the 
liner and any rigidly mounted components are intervened by a number of 
piezoelectric load cells [134,135]. The load cells are preloaded whilst in situ and at 
rest, including the weight of the liner itself. The preload value is obtained and 
recorded prior to any testing. The nominal piston-liner clearance is 50 m . The 
infinitesimal movement of the liner is such that the load cells remain perpetually in 
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compression. The total load cell readings equate the inertial force of the liner, 
dragged by the motion of the piston. The net applied force is due to gas pressure 
loading on the upper rim of the liner, sP  which is sealed by a labyrinth seal and liner-
piston friction. Thus, friction is measured directly as (depending on the sense of liner 
motion): 
±𝑓 = 𝑀𝑎𝑙 − 𝑃𝑠                (4.12) 
The engine was mounted onto an Oswald 250kW transient dynamometer. All 
standard engine testing parameters (chamber pressure, air fuel ratio, test cell 
humidity, test cell temperature, input temperature of fuel and coolant, etc) were 
logged as well as friction to ensure reliability and consistency of all test 
measurements.  The basic setup is shown in Figure 4.17. 
 
 
Figure 4.17: The engine test-bed [134] 
 
Figure 4.18(a) shows the measured friction using the floating liner’s piezo-electric 
transducers. The changes of sign in friction represent piston reversals. The gap 
between the two traces constitutes the frictional contribution of the compression ring. 
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The results show that the main contribution to friction in the case of this engine set 
up and running conditions is due to the piston skirt. For the test conditions reported 
here (Table 4.4), the compression ring friction contribution is approximately 10-15% 
of the total. Figures 5(b) and (c) show compression ring-liner friction contributions in 
two regions. One region is in the compression part of the cycle, prior to the TDC 
reversal at crank angle of 0○ and the other is in the early stages of the intake stroke 
post the same TDC reversal. An average value for each region is calculated from 
measurements and predictions. These are shown in Figures 4.18(b) and (c).  
 
Figure 4.18: Comparison of measured and predicted ring-liner friction 
 
The differences between numerical models (CFD and Elrod) and measurements can 
be as the result of some assumptions in the models, such as the assumed ring-liner 
circumferential conformity, a right circular cylindrical bore shape and isothermal 
conditions. From figure 4.18 a better agreement is found between the CFD results 
and measurements rather than those using the Elrod cavitation algorithm.  
Chapter 4: Piston Compression Ring Conjunction 
90 
 
 
Table 4.4: List of engine specification and analysis data 
Parameter Value Unit 
Engine speed 3000 rpm  
Connection rod length 107 mm  
Engine stroke 62.1 mm  
Liner material Steel - 
Bore nominal radius 48 mm  
Top ring Steel - 
Liner Elasticity Modulus  203 GPa 
Liner Poisson ratio 0.3 - 
Ring Elasticity Modulus 203 GPa 
Ring Poisson ratio  0.3 - 
Ring end gap 10.92 mm  
Ring face width 0.72 mm  
Pressure coefficient of boundary shear strength 0.22 - 
Rq for liner surface 0.515 m  
Rq for Ring surface 0.201 m  
Combined roughness parameter (ηβσ) 0.0771 - 
Combined roughness parameter (σ/β) 0.211 - 
Operating temperature 25 °C 
Oil density 833.8 (@15°C) kg/m3 
Oil viscosity 50 (@40°C) mPa.s 
Pressure-viscosity coefficient 1×10-8 - 
Temperature-viscosity coefficient 0.04 - 
 
This can be as the result of the Elrod method’s assumption which considers a fully 
flooded conjunctional inlet. On the experimental side the presented results are 
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average of many cycles, where there are small variations (1-2%) in the measured 
combustion chamber pressure. Also, the position of TDC reversals can alter from 
cycle to cycle, this being a characteristic of inherently unbalanced single cylinders. 
 
4.8. Inlet and Exit Boundary Flow Conditions 
An important consideration is the use of realistic boundary conditions. In most 
hydrodynamic analyses a fully-flooded (drowned) inlet boundary is assumed, in order 
to keep within a generic approach. However, it is clear, through observation of wear 
as well as in situ measurements of friction using floating liner methods [135,132] that 
an insufficient supply of lubricant exists in parts of the piston cycle. In the upstroke 
motion of the piston, the inlet to the top compression ring conjunction resides within 
the combustion chamber. There would unlikely be a sufficient supply of lubricant in 
such instances to assume a fully flooded inlet. In fact, it is shown that mixed or 
boundary regimes of lubrication are prevalent at instances of contact reversal by 
many numerical predictions [23,39,46] and experimental measurements of friction 
[134,132]. Therefore, determination of appropriate inlet boundary conditions, leading 
to contact starvation is essential for realistic prediction of prevailing tribological 
conditions. The same is also true of contact outlet boundary conditions, where the 
falling pressures in a diverging gap result in lubricant film rupture in the presence of 
retarding friction, which also causes cavitation. The effect of cavitation was studied 
by Chong et al [46], who used Elrod’s approximation [15] to the Jakobsson and 
Floberg [13] and Olsson [14] (JFO) cavitation boundary conditions. Chong et al [46] 
showed that cavitation reduces the lubricant availability at the TDC (Top Dead 
Centre) reversal, thus causing a starved contact in parts of the power stroke in the 
vicinity of the TDC. With the Elrod algorithm, the continuity of Couette flow is only 
assured, whilst the usually assumed Swift-Stieber outlet boundary condition does not 
embody the principle of conservation of mass flow. Therefore, in order to accurately 
determine the position of film rupture at the exit boundary condition, the principle of 
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conservation of mass flow would necessitate the solution of Navier-Stokes 
equations. This was the approach undertaken in this thesis [136] which provides a 
combined solution of Navier-Stokes and energy equations for the ring-bore contact 
with an assumed fully flooded inlet. No lubricant outlet boundary conditions were 
imposed. This approach is also taking into account the vapour transport equation 
and the Rayleigh-Plesset void fraction. Additionally, only pressure boundary 
conditions are imposed, instead of those based on lubricant availability such as a 
fully flooded inlet. This expounded approach, not hitherto reported in the literature, is 
more realistic and without artificially imposed lubricant flow conditions.  
 
In practice observation of flow at the boundary points has shown some reverse flow, 
which is dependent upon surface velocities of the contiguous solids as well as 
thermal conditions. An analytical approach was presented by Tipei [137], based on 
potential flow, surface velocities and compatibility conditions to replicate the 
observations for the case of rolling contacts. Recently, analysis of rolling circular 
point contact by Mohammadpour et al [138] using Tipei’s boundary conditions 
showed very good agreement with the experimental work initially reported by Johns-
Rahnejat and Gohar [139]. Therefore, additionally this thesis extends the approach 
of Tipei [137] to the case of sliding contact of compression ring along the cylinder 
liner to establish the validity of potential flow analysis at boundary points against the 
full Navier-Stokes solution. 
 
4.8.1. Analytically determined boundary conditions  
Tipei [137] investigated the inlet and outlet boundaries of the domain in 
hydrodynamic contacts. He noted that in the inlet zone, there are swirl flows, where 
some reverse flow (counter flow) occurs at the inlet as is also observed in the 
experimental observations [140].  This means that only a fraction of the lubricant at 
the inlet meniscus is admitted into the contact domain. The counter flows cease at 
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the stagnation point, where: 
𝜕?⃑? 
𝜕𝑧
= ?⃑? = 0 (in the normal direction to the conjunction 
plane). This condition is known as the Prandtl-Hopkins boundary condition and 
defines the zero-reverse flow boundary. Considering the potential flows in the inlet 
region, Tipei found the compatibility condition as [137]: 
𝑐𝑜𝑡2𝜋 [
1
2
−
1−𝑘
𝑓(𝑘)
] − 𝑐𝑜𝑡2𝜋√[
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𝑓(𝑘)
]
2
−
2𝑘
𝑓(𝑘)
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]
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−
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1
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−
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−
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𝑓(𝑘)
}              (4.13) 
where: 
𝑘 =
𝑈1
𝑈2
                  (4.14) 
and the function ( )f k  depends on the pressure gradient at the inlet (At the inlet point 
A in figure 4.19. 
𝑑𝑝
𝑑𝜃𝑖
∝ 𝑘). The values of ( )f k for the usually encountered cases of the 
surface velocity ratio k  are listed in Table 4.5. In the case of the piston ring 
conjunction, 𝑘 = 0 and  𝑓(𝑘) = 4. 
 
Table 4.5: calculated values for 𝒇(𝒌) 
𝑘 𝑓(𝑘) 
0 4 
0.5 7.8 
1 32/3 
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Figure 4.19: Flow through contact carried by the solid surfaces 
 
 
Tipei [137] assumed a similar approach for the determination of separation boundary 
at the exit constriction, leading to the determination of the lubricant film rupture point, 
using the Prandtl-Hopkins conditions: 
  
𝑐𝑜𝑠ℎ𝜗𝑖
𝑐𝑜𝑠ℎ𝜗𝑒
=
1−
1
3
(1+
2√𝑘
1+𝑘
)
1−
𝑓(𝑘)
6(1+𝑘)
                                                                                             (4.15) 
[1 −
1
3
(1 +
2√𝑘
1+𝑘
)] 𝑡𝑎𝑛ℎ𝜗𝑒 − [1 +
𝑓(𝑘)
6(1+𝑘)
] 𝑡𝑎𝑛ℎ𝜗𝑖 − [1 −
𝑓(𝑘)
6(1+𝑘)
] 𝑐𝑜𝑠ℎ𝜗𝑖[𝑎𝑟𝑐𝑠𝑖𝑛(𝑡𝑎𝑛ℎ𝜗𝑒) −
𝑎𝑟𝑐𝑠𝑖𝑛(𝑡𝑎𝑛ℎ𝜗𝑖)] = 0                                                                                              (4.16) 
𝜗𝑖 and 𝜗𝑒are the ratios of film thickness at the inlet and the exit to the minimum film 
thickness respectively. Therefore, after calculating the parameters from Eqs. (4.15) 
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and (4.16) and having the minimum film thickness and the film shape (Eq. (4.1)), the 
distance of the inlet stagnation and outlet separation points from the centre of the 
ring can be found. This assumption agrees well with the experimental observations 
of Birkhoff and Hays [140] and Mohammadpour et al [138].  
Alternatively if instead of the Prandtl-Hopkins boundary condition the Swift-Stieber 
conditions (
𝜕𝑝
𝜕𝑧
= 𝑝 = 0) is used, then:  
 
𝑐𝑜𝑠ℎ𝜗𝑒
𝑐𝑜𝑠ℎ𝜗𝑖
= 1 −
𝑓(𝑘)
6(1+𝑘)
                                                                                                  
(4.17) 
and: 
𝑡𝑎𝑛ℎ𝜗𝑒 − [1 +
𝑓(𝑘)
6(1+𝑘)
] 𝑡𝑎𝑛ℎ𝜗𝑖 −
[1 −
𝑓(𝑘)
6(1+𝑘)
] 𝑐𝑜𝑠ℎ𝜗𝑖[𝑎𝑟𝑐𝑠𝑖𝑛(𝑡𝑎𝑛ℎ𝜗𝑒) − 𝑎𝑟𝑐𝑠𝑖𝑛(𝑡𝑎𝑛ℎ𝜗𝑖)] = 0                                   (4.18) 
These two boundary conditions give similar values at the inlet, but predict different 
values for the lubricant film rupture point at the outlet. Later, it is shown that the 
Prandtl-Hopkins boundary conditions conform closer to the open exit boundary 
determined through two- phase flow solution of Navier-Stokes equations.  
 
4.8.2. CFD-determined boundary conditions  
Initially, a comparison is made between the inlet and outlet boundaries predicted 
through the current CFD approach and those calculated using the analytical method 
(described in section 4.8.1) using the approach highlighted originally by Tipei [137]. 
The potential flow analysis (Eqs. (4.13) and (4.14)), together with the Prandtl-
Hopkins boundary conditions yield one set of inlet and outlet conditions. 
Alternatively, the solution of the same potential flow with Swift-Stieber boundary 
conditions results in another set of inlet and outlet conditions.  
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The intention for this comparative study is twofold. Firstly, it constitutes a form of 
validation for the CFD approach as the analytical approach has shown very good 
agreement for the determination of boundary conditions with the experimental 
observations of Birkhoff and Hays [140] as well as with the experimental circular 
point contact conditions [141], both under rolling conditions. Secondly, the 
applicability of the analytical method for the determination of boundary conditions for 
sliding contacts can also be ascertained.  
Table 4.6 lists three sets of predicted inlet and outlet boundaries, 2 of which are 
based on the analytical method for Prandtl-Hopkins and Swift-Stieber boundary 
conditions respectively (using the potential flow analysis) and the third set is that 
obtained by the current CFD approach. Close agreement between the CFD 
predictions and the analytical results can be observed. CFD–predicted inlet 
stagnation boundary agrees very well with both the Swift-Stieber and Prandtl-
Hopkins boundary conditions. For the outlet boundary conditions, the CFD results 
conform much closer to the Swift-Stieber boundary. In fact, most reported analyses 
of piston ring conjunction routinely employ the Swift-Stieber boundary conditions at 
the exit constriction [23,39,42,44,46,142,143]. Arcoumanis et al [131] reported 
numerical analysis of compression ring conjunction with various outlet boundary 
conditions, including Swift-Stieber, limiting case of the Floberg boundary and the 
Coyne-Elrod cavitation boundary [144]. They found that the predicted film thickness, 
using the Swift-Stieber boundary conditions showed closer agreement with their 
experimentally measured film thickness. Their findings are in line with the current 
CFD predictions and the analytical potential flow analysis described here.       
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Table 4.6: Calculated inlet and outlet distances (stagnation point and separation 
point) 
 CFD Analytical method, 
Prandtl-Hopkins 
boundary condition  
Analytical method, Swift-
Stieber boundary 
condition 
Inlet distance [𝜇𝑚] 267 265 260 
Outlet distance [𝜇𝑚] 85 151 76 
 
Figure 4.20 is a typical velocity flow field for the inlet-to-central conjunctional region, 
obtained through the current analysis. It shows the stagnation point, where the zero-
reverse inlet boundary is reached (
𝜕?⃑? 
𝜕𝑧
= ?⃑? = 0, Prandtl-Hopkins inlet boundary).  This 
point is far from the usually assumed fully flooded inlet, which is often assumed to be 
at the leading edge of the ring, beyond the swirl flow region. This finding indicates 
that only a portion of an assumed available flow is admitted into the conjunction-
proper beyond the stagnation point. Hence, under the conditions shown, and in fact 
throughout the engine cycle, only a partially flooded inlet is attained. The reason for 
this is the recirculating (swirl) flow in the inlet wedge of the conjunction as shown 
clearly in the zoomed-in inset to the figure.   
 
 
Figure 4.20: Typical velocity flow field in the inlet region of the sliding conjunction 
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The recirculating flow is a function of the velocity ratio of the contiguous surfaces 
which alters according to the piston sliding velocity. This is a function of the crank 
angle position. It also depends on the wedge angle as a function of the ring profile, 
which in turn determines the minimum film thickness. Therefore, load carrying 
capacity of the conjunction is affected by the ring profile and the inlet boundary (the 
inlet wedge velocity flow field). As the hydrodynamic load carrying capacity is critical 
in guarding against asperity interactions, in theory, one can optimise the ring 
contacting face-width to enhance the load carrying capacity.  
Figure 4.21 shows the generated conjunctional pressure distributions for the actual 
ring face-width of b=1.15 mm (Table 4.1) and its variously assumed multiples up to 
3b in the down-stroke sense of the piston. The leading edge of the ring is at the 
assumed atmospheric pressure (gauge pressure, p=0 in the figure). A minimum film 
thickness of 1m is assumed (as a constraint) in this analysis. This enables the 
study of load carrying capacity of the contact as influenced by the changes arising at 
the inlet with differing ring face-widths.  
As expected, the results show increasing load carrying capacity because of an 
increased conjunctional area. However, the increase is not proportional to the 
contact face-width as would be the case with an assumed fully flooded inlet, where:  
𝑊ℎ =
2.9𝑏𝑈
ℎ0
                  (4.19) 
which is based on the Swift-Stieber exit boundary condition, h0 being the minimum 
film thickness (kept constant for all the cases in figure 4.21). Hence, at the same ring 
sliding speed, 𝑈, 𝑊ℎ𝑏 , Thus, doubling the ring face-width would double the load 
carrying capacity. With realistic boundary conditions the position of the stagnation 
point alters and thus the area of conjunction-proper is not a direct function of ring 
face-width only. Therefore, the load carrying capacity and the pressure distribution 
are dependent on the inlet flow field. 
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Figure 4.21: The streamlines of the flow in the ring specified 2 times wider assumed 
ring 
 
The results in figure 4.21 show that the inlet trail to the position 𝑝 = 0 on the left-
hand side of the pressure traces is extended with an increasing face-width, but in 
none of the cases reaches anywhere near the leading edge of the ring (i.e. all 
contacts are only partially flooded). Furthermore, progressively increasing the ring 
face-width only marginally lengthens the conjunctional inlet trail as shown in the inset 
to the figure. Thus, a progressively reducing gain in the load carrying capacity is 
accrued.  Figure 4.22 clearly shows this trend. The underlying reason is best 
observed by the inward flow into the contact conjunction. This is shown in Table 4.7. 
The physical inlet is assumed at the leading edge of the ring face-width. This is 
analogous to assuming a fully flooded inlet. Clearly, if a constant minimum film 
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thickness is assumed at the same sliding velocity, but with an increased contact 
area, then a larger flow rate (a larger volume of lubricant) is required to maintain fully 
flooded conditions. The difference in the flow rate at the physical inlet and that at the 
central contact through the minimum film thickness accounts for the backward 
(reverse and swirl) flow in the inlet zone. It can be seen that this difference 
progressively increases with an increasing ring face-width. Therefore, only a portion 
of the volume of the lubricant made available at the nib of the contact is actually 
admitted to the contact conjunction, and in none of the cases a fully flooded 
condition is noted. This is the reason behind partially flooded lubricated contacts in 
practice, which is not confined to the ring-liner conjunction only. Clearly, the outward 
flow from the contact at the separation boundary equates that through the minimum 
film thickness constriction. This is simply a restatement of the principle of 
conservation of mass, embodied in the Navier-Stokes equations. The flow at the 
outlet, beyond the lubricant film rupture boundary can contain significant vapour 
content, thus the reason for the inclusion of vapour transport equation in the 
analysis.       
 
Table 4.7: Mass flow rates through the content 
Ring face width Physical Inlet flow 
(kg/s) 
Central contact flow 
(kg/s) 
Outlet flow 
(kg/s) 
b 8.88×10-5 8.751×10-5 8.751×10-5 
1.2 b 9.95×10-5 8.792×10-5 8.792×10-5 
1.5 b 1.12×10-4 8.825×10-5 8.825×10-5 
2 b 1.27×10-4 8.848×10-5 8.848×10-5 
2.5 b 1.37×10-4 8.858×10-5 8.858×10-5 
3 b 1.40×10-4 8.860×10-5 8.860×10-5 
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Figure 4.22: shows the integrated pressure (load carrying capacity) for different rings 
of figure 4.21 
 
Often fully flooded inlet conditions are assumed during the various engine strokes. 
However, the measured friction [132,135] or film thickness [145] indicate mixed or 
boundary regimes of lubrication at or in the vicinity of the TDC.  Hydrodynamic 
regime of lubrication is found to be dominant in other locations, such as at piston 
mid-span locations in the various engine strokes.  Figure 4.23 shows the predicted 
minimum film thickness at various locations. Mid-span locations are in the 
compression stroke (−90° crank angle), power stroke (90° crank angle), exhaust 
stroke (270° crank angle) and the intake stroke (450°crank angle). The positions ±5° 
crank angle correspond to the transition from the compression to power stroke 
through the TDC, where mixed or boundary regimes of lubrication are prevalent 
[23,39,46,132,135]. Obviously, the minimum film thickness is reduced for all ring 
face-width cases during the reversal because of the reducing sliding velocity of the 
piston. The minimum film thickness is also reduced during the compression and 
power strokes, because of increased pressure loading behind the ring. The line 
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 = 3, where   =
ℎ
𝜎𝑅𝑀𝑆
 is the Stribeck’s oil film parameter, represents the boundary 
between lubricated hydrodynamic condition and mixed regime of lubrication. It can 
be seen that for the region −5°𝜑5° the lubricant film thickness is quite thin and 
thus a mixed regime of lubrication would be expected. 
It can be seen that in all cases the film thickness gradually increases up to the ring 
face-width of 2b before no further gain is noted. The contact load, F (Eq. (3.47)) is 
known for the ring-liner conjunction at these locations. Therefore, an increasing film 
thickness with the broadening ring contact face-width (up to an optimum) is indicative 
of enhanced hydrodynamic action. To ascertain this, it would be instructive to 
determine the total friction (viscous and boundary contributions) for these cases.    
 
Figure 4.23: Variation of minimum film thickness for different ring widths  
at piston mid-span positions 
 
Figure 4.24 shows the predicted friction for the same positions as in figure 4.23. 
There is no correspondence between the optimum conditions in figure 4.23 (thickest 
minimum conjunctional film for a ring face-width of 2b, indicated by the vertical line 
BB) and the minimum conjunctional friction for the ring width b (line AA in figure 
4.24). In the piston mid-span locations there is insignificant contribution due to 
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asperity interactions as the minimum lubricant film thickness is in excess of 3 m in 
all cases (figure 4.23), the least film thickness occurring during the power stroke 
(crank angle of 5°). Furthermore, the change in the film thickness is fairly small in the 
case of each particular location, thus changes in viscous shear (Eq. (3.53)) are 
marginal when dealing with a particular crank angle. Of course, these changes are 
not negligible at different crank angle positions, because of the sliding speed, 
effective lubricant viscosity and the film thickness (see Eq. (4.19)). The increasing 
friction is also as the result of increased lubricated contact area between the inlet 
stagnation point (the zero reverse boundary) and the lubricant film rupture point. This 
indicates that maximum viscous friction occurs at the mid-span position in the power-
stroke, whilst the maximum boundary friction takes place at the TDC reversal for the 
crank angle of 5°. In fact, figure 4.25 shows the contributions from viscous and 
boundary frictions during the TDC reversal. Even in these locations the main 
contribution is due to viscous friction, with fairly thin films and increased pressure 
loading behind the ring; Poiseuille friction. The shear stress is given by Eq. (3.53), 
where the first term on the right-hand side is the contribution due to Poiseuille shear, 
which is a function of pressure gradient, which is higher at the TDC reversal and 
increases in the power stroke.  
 
Figure 4.24: Variation of friction for different ring widths for piston at mid-span 
positions 
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Figure 4.25: Viscous and boundary contributions to generated friction at the TDC 
reversal 
 
Figure 4.26 shows the position of lubricant film rupture and the subsequent cavitation 
region, which is also shown by the zoomed-in inset to the figure. The contours in the 
figure represent different levels of void fraction (volume fraction of liberated vapour in 
the bulk lubricant). The figure shows significant amount of vapour content, which 
reduces both the load carrying capacity as well as viscous friction.    
 
 
Figure 4.26: Contact exit boundary with contours of vapour content  
Chapter 4: Piston Compression Ring Conjunction 
105 
 
 
 
Figure 4.27: Vapour content variation in different engine strokes and ring face-width 
 
Figure 4.27 shows the variation in vapour fraction for various crank-angle positions 
with different assumed ring contacting face-width. Important points to note are 
reduced vapour fraction in the power stroke in comparison with that in the other 
strokes. This is expected, because of a higher contact pressure. This is clearly 
shown through the TDC reversal where there is lower vapour fraction for the crank 
angle of 5° (power stroke) than −5° (compression stroke). With less vapour content, 
viscous friction is increased accordingly (figures 4.23 and 4.24). 
 
4.9. Implement of Continuum Surface Force (CSF) model (Boundary between 
lubricant and vapour) 
Continuum Surface Force (CSF) model is used in this study to track bubble 
formation and have a boundary between lubricant and vapour in the cavitation area. 
In this model liquid flow is considered as a continuous phase and cavitation bubbles 
as the dispersed phase. Bubble formation through nucleation, momentum exchange 
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between the void and the carrier liquid phases, bubble growth and collapse due to 
non-linear bubble dynamics and bubble hydrodynamic break-up are assumed to take 
place in cavitating flows in the model. The effect of bubble-to-bubble interaction on 
momentum exchange and during bubble growth would are also considered. Figure 
4.28 shows images of bubble formation induced by cavitation sequence between the 
compression ring and the liner in the crank angle of 90○ (mid-span power stroke) at 
the engine motored speed of 1500 rpm. 
 
Figure 4.28: Cavitation-induced bubble formation sequence in the ring-liner 
conjunction at 1500 rpm 
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4.10. Closure 
This chapter has provided results for compression ring-cylinder liner conjunction, 
using combined solution of Navier-Stokes, Energy, vapour transport and modified 
Rayleigh-Plesset equations. The results of the analysis have shown to conform well 
with direct in situ measurement of friction reported by Gore et al [134] using an 
instrumented floating liner. The CFD predictions have also shown to be in closer 
agreement with experimental results and those using Reynolds equation or Elrod 
cavitation algorithm.  
This chapter also addresses the inlet and outlet boundary conditions which are 
realistic, unlike the idealistic fully flooded inlet or exit boundary conditions which do 
not uphold the principle of continuity of mass flow. The boundary conditions indicated 
by the solution methodology here conform well to the compatibility flow analysis of 
Tipei [137] taking into account swirl and counter flow at the conjunctional inlet as well 
as film rupture at the outlet separation boundary.      
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5.1. Introduction 
The main considerations in modern engine development are fuel efficiency and 
compliance with progressively stringent emission directives. Within the pervading 
global competition there is also a requirement to address customer demands for 
maintaining adequate output power. These often contradictory attributes have led to 
the downsizing concept and higher output power-to-weight ratio engines. 
Additionally, there is a growing trend towards the use of emerging technologies such 
as variable valve actuation and cylinder deactivation (CDA) [148-150]. There is also 
progressively an interest in the concept of stop-start in congested urban 
environments. The adoption of these technologies is primarily based on the direct 
reduction of brake specific fuel consumption. However, there are also indirect 
repercussions such as thermal and frictional losses, as well as poor noise, vibration 
and harshness (NVH) refinement issues with generally light weight and poorly 
damped power train structures, subjected to engine power torque fluctuations [151]. 
With the application of CDA a greater degree of engine torque fluctuations would 
result [126], which is likely to lead to further deterioration in NVH refinement.  
There is a dearth of analysis with respect to thermal and frictional losses, when 
considering CDA. A recent study by Mohammadpour et al [152] showed that CDA 
makes only marginal differences in parasitic frictional losses in engine bearing 
performance and that any significant gain would depend only on the brake specific 
fuel consumption. However, the analysis did not take into account some important 
issues such as multi-phase lubricant flow through the contact and the occurrence of 
cavitation. These affect the load carrying capacity of the bearing as well as the 
conjunction friction, viscous heat generation and heat transfer to the solid 
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boundaries. Brewe et al [153] have shown that Swift [31]-Stieber [32] boundary 
conditions can only accurately predict the film rupture point for steadily loaded 
bearings, which is not suitable for engine bearings, particularly with exacerbated 
dynamic loading under CDA. Therefore, to include the effect of cavitation, it is 
essential to employ realistic conjunctional outlet boundary conditions rather than the 
traditional Swift-Stieber [31,32] assumptions, used by Mohammadpour et al [152]. 
This paper strives to improve upon Mohammadpour’s approach, through the 
combined solution of Navier-Stokes equations for fluid flow and the energy equation 
for heat balance.  
The development of computational fluid dynamics (CFD) approach enables solution 
of Navier-Stokes equations for multi-phase flow to be achieved, whilst retaining the 
principle of conservation of mass and momenta. Some of the underlying limitations 
of Reynolds equation can also be removed. Tucker and Keogh [86] employed a 3D 
CFD approach for thermo-hydrodynamic analysis of steady-state motion of journal 
bearings. They used an Elrod [15] type cavitation model which allowed for the 
existence of the sub-ambient pressures. In this approach, the vapour fraction 
becomes a function of the film thickness. However, as Tucker and Keogh [86] also 
note for non-Couette or unsteady flows a time-dependent continuity equation should 
be used to determine the vapour fraction. In their analysis continuity of heat flux and 
compatibility of temperature was assured at the solid-fluid interface.  
 
This chapter presents a full 3D CFD approach for thermo-hydrodynamic analysis of 
big-end bearings. No artificial boundary conditions are set at the exit from the 
conjunction. This means that the lubricant rupture and reformation boundaries are 
determined by the combined solution of  Navier-Stokes equations, the energy 
equation and continuity of flow conditions (in terms of conservation of mass and 
momenta).  In addition, the cavitation phenomenon is taken into account through 
solution of a vapour transport equation including the Rayleigh-Plesset source terms 
to take into account the growth and collapse of cavitation bubbles. The developed 
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method is validated against experimental results of Dowson et al [56]. The validated 
model is then used for analysis of a big-end engine bearing subjected to dynamic 
loading under normal engine operation as well as with the application of CDA; an 
approach not hitherto reported in the literature.  
 
5.2. Big end bearing geometry 
A schematic of the big end bearing used in IC engines is shown in Figure 5.1. In a 
conventional internal combustion (IC) engine, the crank-pin acts as the journal and 
the bearing bushing is located at the bottom end of the connecting rod. The big end 
bearings are usually groove-less and are pressure-lubricated using a single hole 
drilled through the crank pin [154]. Although in most applications a simple circular 
profile is used to describe the geometry of the big end bearing, in practice, an elliptic 
(or ‘lemon shape’) bore profile is used. To study the effect of CDA, the engine 
studied here was a high performance 4-stroke naturally aspirated engine with the 
specifications provided in Table 5.1. 
 
Figure 5.1: An elliptic big end bearing configuration 
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Table 5.1: Engine and bearing data 
Parameter Value Unit 
Crank pin radius  31 mm  
Connecting rod length  107            mm  
Effective translational mass  0.32 kg  
Engine speed  2200 rpm  
Bearing width  16.8 mm  
Bearing radius  21 mm  
Minor diametral clearance  20 m  
Major diametral clearance  30 m  
Composite surface roughness  1 m  
Overall overlay thickness   2 mm  
 
The film profile for such an elliptic bore bearing is defined as (Mishra et al [155]):  
 )coscos1( 2 Gch                   (5.1) 
where, the non-circularity is defined as:   cccG maj min . The parameters c ,  ,   
are the average clearance, eccentricity ratio and the angular position respectively 
(figure 5.1). The localised deflection of the Babbitt overlay,  is obtained using the 
column method contact mechanics approach [156], where:  
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5.3. Applied loads 
Big-end bearings are designed to withstand the transmitted transient forces through 
the connecting rod. These are the result of combustion pressure and inertial 
imbalance [151].  
For a typical 4-cylinder 4-stroke engine, the inertial imbalance force acting through 
the connecting rod along the axis of the piston is [151] (figure 5.2): 






 t
l
r
trmF ccin  2coscos
2
1                (5.3) 
where, engine order vibrations up to the second engine order are considered here 
for the 4-stroke engine under consideration. The mass 1m  is the equivalent mass in 
translation, comprising that of the piston, the gudgeon pin and a proportion of the 
mass of the connecting rod in pure translation: cgp mmmm 1  in a two degrees-
of-freedom representation of piston-connecting rod-crank sub-system, where 
according to Thomson [157]: 







l
C
g
W
m cc 1                   (5.4) 
where, cW  is the weight of the connecting rod and C  denotes centre of mass of the 
connecting rod measured from its small end. 
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Figure 5.2: Schematic of the piston-crank system with the applied loads 
 
The applied vertical combustion force acting upon the piston crown area is: 
pcomcom ApF                     (5.5) 
where, comp  is the instantaneous in-cylinder pressure and pA  is the piston crown 
surface area. 
Therefore, the total transient load applied on the big end bearing at any instant of 
time, expressed in terms of the instantaneous connecting rod obliquity angle,  , is  
(figure 5.2) [151]: 
 comin FFF 
cos
1
                  (5.6) 
where: 
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1cos                  (5.7) 
and: 𝜑 = 𝜔𝑡 , 𝜑 is the crank angle. 
It should be noted that smaller moment loading from adjacent cylinders also exists, 
which is ignored in this analysis. More information is provided in Rahnejat [158]. 
 
5.4. Boundary conditions 
5.4.1. Flow boundary conditions  
The flow boundary conditions are set, based on the conditions for a typical IC engine 
big-end bearing. 
The cavitation (vaporisation) pressure is set at the atmospheric pressure of 101.3 
kPa. Since the occurrence of cavitation in the current CFD analysis is treated 
through solution of transport equation for the vapour mass fraction alongside the 
general Navier-Stokes equations, there is no need to impose any particular boundary 
conditions for either lubricant film rupture or reformation. This is a significant 
fundamental improvement upon the imposed assumptions such as those of JFO or 
Elrod cavitation models.  
In addition to the fact that the solid boundaries were considered to be impermeable, 
the lubricant/solid interface is also assumed to follow the no-slip condition. 
The bearing shell is modelled as a stationary wall, whilst the journal is modelled as a 
moving body with an absolute rotational velocity. 
At the inlet hole supply orifice to the bearing the lubricant is fed into the contact at a 
constant pressure of 0.5 MPa as already assumed by Mohammadpour et al [152]. 
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Finally, at the bearing’s axial extremities the lubricant is assumed to leak to ambient 
(atmospheric) pressure. 
5.4.2. Conduction heat transfer in the solid bodies (journal and bearing) 
In order to proceed with full thermal analysis of the journal-lubricant-bearing bushing 
system, one needs to take into account the conduction of the generated heat to the 
solid boundaries using the energy equation. The conduction of heat into the rotating 
journal is governed by the transient form of the heat conduction equation as: 
T
t
T 21 



                            (5.8) 
where,   is the thermal diffusivity for the journal’s material. The convective (time 
dependent term) on the left hand side of the equation takes into account the 
rotational effect. 
On the other hand, the steady-state form of the heat conduction equation is used for 
the stationary bushing as: 
02  T                             (5.9) 
5.4.3. Thermal boundary conditions 
The thermal boundary conditions are set for a typical IC engine big-end bearing 
(figure 5.3). The boundary conditions used at the lubricant-solid interface ensures 
the continuity of heat flux and compatibility of evaluated temperatures. 
After lubricant enters the contact through the oil feed hole, its temperature is 
increased from that in the bulk due to the heat produced in the contact as the result 
of shearing. The generated heat is transferred by convection through lubricant side 
leakage and conducted through the bounding solid surfaces. In the experiments 
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conducted by Dowson et al [56], the journal’s extremities were exposed to the 
ambient air. Therefore, convection cooling would take place at these interfaces. 
However, for the engine conditions, it is assumed that the journal is not exposed to 
the ambient air and thus, any heat transfers to the journal and increases its core 
temperature. Finally, a portion of the heat is conducted through the bearing bushing 
to the surrounding ambient air [159,161]. Of course, for journal bearings, convective 
heat transfer by the lubricant film is most significant. Figure 5.4 demonstrates a 
graph of Peclet number versus crank angle for the case of the big end bearing of an 
active cylinder under normal engine operation, which indicates the dominance of 
convective heat transfer by the lubricant film relative to the heat conducted through 
the conjunctional surfaces.   
In both the validation process and engine running conditions, it was assumed that 
the bearing’s outer surface is exposed to the ambient temperature. Figure 5.3 
illustrates thermal boundary conditions in the journal bearing. A list of the assumed 
ambient air temperature, lubricant and material data for the engine running 
conditions is provided in Table 5.2. 
 
Figure 5.3: Thermal boundary conditions 
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Table 5.2: Lubricant and material data (this data corresponds to a Ford model 
vehicle big-end bearing)  
Parameter Value Unit 
Lubricant dynamic viscosity  8.0 mPa.s 
Lubricant density  833.8 Kgm-3 
Viscosity-temperature coefficient  0.026 K-1 
Pressure-induced shear coefficient (𝛾) 0.047 - 
Atmospheric limiting shear stress  2.3 MPa 
Specific heat capacity of lubricant 2360 Jkg-1K-1 
Thermal conductivity of lubricant  0.225 Wm-1K-1 
Poison’s ratio for Babbitt 0.33 - 
Young’s modulus for Babbitt  60 GPa 
Thermal conductivity of bearing bushing 𝑘𝑠1 46 Wm
-1K-1 
Thermal conductivity of journal ks2  25.96 Wm
-1K-1 
Journal material  SG cast iron - 
Bearing overlay Babbitt - 
diffusion coefficient 10-8 m2s-1 
Eyring shear stress  5 MPa 
Inlet pressure  0.5 MPa 
Ambient temperature 50 ○C 
 
In solving the coupled energy and heat conduction equations, the temperature of the 
entrant lubricant is computed from the initial solid component temperatures and heat 
fluxes at the solid interfaces. The produced heat in the lubricant is allowed to 
increase the journal’s temperature whilst the transferred heat to the journal bushing 
can be convected away through ambient air. The temperature of the oil at the inlet 
hole was set to Ti = 42
○C in the case of the validation procedure (Dowson et al [56]). 
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For the engine conditions this was set at 50○C. The lubricant thermal properties such 
as thermal conductivity and specific heat are calculated at the engine compartment 
temperature of 50○C under steady engine running condition and 40○C for the 
validation case study. 
 
Figure 5.4: Peclet number versus crank angle for the case of the big end bearing of 
an active cylinder under normal engine operation 
 
5.5. Grid (Mesh) structures and solution procedures 
The governing equations described in section 3.1 were solved in the environment of 
ANSYS FLUENT 14.5, where a computational mesh is generated. For the 
conjunctional fluid domain (the lubricant) was meshed with hexahedral cells (element 
size 50 m), whilst the bounding solid surfaces were discretised using tetrahedral 
elements with 2 mm elements. There is no need for finer solid elements as there is 
no local deformation of surfaces at the expected generated pressures, since 
𝛼𝑝𝑚 ≪ 1 for the conformal contact of the contiguous surfaces as in journal bearings 
[110].  The interfaces between the solid surfaces and the lubricant zone were 
defined by face meshing method.  The total number of computational control volume 
elements was 2,533,165.  
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A grid independency test for the result was performed, which showed that the 
number of elements used in excess of that stated did not significantly alter the 
results of the analyses (figure 5.5).  
 
Figure 5.5: Power loss versus different numbers of control volume 
 
Since the gap between the two solid surfaces is subject to transience with variations 
in applied load and speed, a dynamic mesh model was employed to calculate the 
lubricant film thickness at any instant of time. Boundary Layer Smoothing Method 
and Local Cell Remeshing are used for the dynamic mesh model. 
In order to be able to include the described cavitation model (Section 3.2), a mixture 
model was employed to take into account the two-phase flow nature of the problem 
[105]. In this method, the mass continuity, momentum and energy equations are 
solved for the mixture while a mass/volume fraction equation (Eq. (3.36)) is solved 
for the secondary (gas or vapour) phase. 
The velocity–pressure coupling is treated using the standard semi-implicit method for 
pressure-linked equations (SIMPLE algorithm) and the second-order upwind scheme 
is used for the momenta in order to reduce any discretisation-induced errors. A 
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pressure-based segregated algorithm is employed in which the equations are solved 
sequentially.  
 
Figure 5.6: Power loss versus different convergence criteria for mass and 
momentum conservation and the vapour volume fraction 
  
 
 
Figure 5.7: Lubricant maximum temperature versus different convergence criteria for 
energy conservation 
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For greater accuracy, an error tolerance of 410  is used for the residual terms of 
mass and momentum conservation and the volume fraction, whilst a tolerance value 
of 
610  is employed for energy conservation and heat conduction equations (figures 
5.6 and 5.7).  
 
5.6. Model Validation 
Prior to any analysis of engine conditions under normal operating mode or with 
application of CDA, it is necessary to validate the developed numerical model. A two-
stage validation process is undertaken.  
Firstly, the model predictions are compared with the experimental measurements 
reported by Dowson et al [56], which have been used for the same purpose by other 
research workers, including Tucker and Keogh [86], and Wang and Zhu [162]. 
Dowson et al [56] measured the lubricant pressure distribution in a restricted 
grooved journal bearing (figure 5.8). A lubricant inlet supply hole with diameter d  
was drilled radially through the bearing on its central plane. A distribution groove with 
width d  was cut axially into the inner surface of the bearing with the length, iL . The 
attitude angle   is measured from the location of the axial groove to the line of 
centres. The journal bearing variables used in the computation are listed in Table 
5.3. Dowson et al [56] noted a build-up of pressure with the passage of lubricant 
through the converging gap to support the applied load. In the diverging gap of the 
conjunctional outlet, the fall in the generated pressures resulted in the fluid film 
cavitating into a series of streamers below the saturation pressure of the dissolved 
gases. 
Secondly, further numerical predictions are made using Reynolds equation and 
Elrod’s cavitation algorithm. In the Elrod’s approach the fractional film content is the 
proportion of the conjunctional gap which attains generated pressures in excess of 
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the cavitation vaporization pressure of the lubricant for a given conjunctional 
temperature (indicated by its bulk modulus,  ), thus [144]: 
ln cavp ψβ γ p                  (5.10) 
where,   is a switching function: =1, >1, P>pcav represents regions of a coherent 
fluid film and =0, <1. P=pcav represents the cavitation region, with clearly =1 
defining the lubricant film rupture point.   
 
Figure 5.8: Schematic of journal bearing geometry used in Dowson et al [56] and its 
free-body diagram
 
 
Dowson et al [56] operated their experimental journal bearing rig at a steady speed 
of 1500 rpm, an applied load of 9000 N and with an attitude angle of  =18°. This 
yielded a journal operating eccentricity ratio of  =0.5. Figure 5.9 shows the 
numerically predicted pressure distribution in isobaric form with the current method. 
The position of the inlet groove is designated as  =0° in the circumferential 
direction. The maximum pressure occurs at  =206° and the lubricant film ruptures 
just beyond the position  =270°.  
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Table 5.3: Journal bearing variables used in the validation exercise (Dowson et al 
[56]) 
Parameters Values Units 
Bearing length, L  0762.0  m  
Radial clearance, c  63.5            m  
Journal radius, jR  05.0  m  
Bearing outside diameter, boR  1143.0  m  
Bearing thermal conductivity, bk  250  W/m
○C 
Journal thermal conductivity, jk  50  W/m
○C 
Heat transfer coefficient, h  50  W/m
2○C 
Inlet groove axial length, iL  067.0  m  
                     Attitude angle,   18  Degree 
Groove width, d  0016.0  m  
Ambient temperature, Ta 40 
○C 
 
Figure 5.10 shows the cross-section through the 3D pressure distribution in the 
central plane of the bearing, where pressure tappings were made by Dowson et al 
[56]. The experimental measurements are shown, as well as the numerical 
predictions made by Wang and Zhu [162], which are based on Elrod’s cavitation 
model and those from the current CFD analysis. The area under all the pressure 
distributions, being the lubricant reaction remains the same. Both the predictive 
analyses employ the same convergence tolerance limit of 610 . All the pressure 
distributions commence from the supplied inlet pressure of 0.5 MPa with an 
assumed fully flooded inlet boundary. The outlet boundary conditions differ between 
the numerical analyses. Those for the Elrod cavitation boundary are based on the 
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lubricant film rupture point, =1, whereas the current CFD analysis has an open exit 
boundary condition (not an imposed boundary condition) for the lubricant film rupture 
point. The different exit boundary conditions, as well as the embodied assumption of 
a constant pressure gradient into the depth of the lubricant film with a constant 
dynamic viscosity through its thickness made by Wang and Zhu [162] yield slightly 
different pressure profiles. This can also be attributed to the thermal gradients across 
the film that can alter the viscosity in that direction. Clearly, lack of artificially 
imposed assumptions with the CFD analysis yields results which conform closer to 
the experimental measurements.  
Figure 5.11 shows the contours of temperature distribution for the journal and the 
bearing bushing surfaces obtained from the current analysis. For the journal surface 
the maximum temperature occurs close to the high pressure zone. The maximum 
temperature in the stationary bearing bushing occurs in the cavitation zone due to 
the high vapour volume fraction residing there with clearly poor convection cooling 
due to the lack of lubricant flow. Comparison of the experimental result, that from 
Tucker and Keogh [86] and that of the current model for journal and bearing surfaces 
are shown in figures 5.12 and 5.13, respectively. As it can be seen, the result of the 
current analysis shows closer agreement with the experimental measurements. The 
main difference between the Tucker and Keogh’s analysis [86] and the current model 
is in the treatment of the flow in the cavitation region. The former uses the fraction of 
vapour Φ in the cavitation region, similar to the Elrod’s approach: 
h
hc 1                                                                                                              (5.11) 
where ch  
is the film height at the start of the cavitation region. Eq. (5.11) is based 
only on steady state Couette flow continuity. This ignores the mass flow continuity, 
which includes the vapour phase and any changes in the Poiseuille flow in a 
divergent gap. The current model takes these issues into account using the time-
dependent continuity equation (Eq. (3.36)).  
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Figure 5.9: Contours of pressure (MPa) for 5.0  at rpm1500N  
 
        
 
 
Figure 5.10: Comparison of experimental result and current analysis on pressure 
distribution in the centre plane for 5.0  at rpm1500N  
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Figure 5.11: Contours of temperature (○C) for (a) circumferential journal surface 
 (b) circumferential bearing surface for 5.0  at rpm1500N  
 
 
Figure 5.14 shows the lubricant temperature into the depth of the lubricant at 
circumferential position, 180  . It shows that the temperature of the lubricant is 
higher than the temperatures of both the journal and the bearing bushing surfaces. 
As the temperature varies through the thickness of the lubricant film its viscosity 
alters locally, which indicates that the thermal flow through the contact is in the form 
of streamlines at different temperatures and viscosity (with different phases), thus a 
pressure gradient exists into the depth of the film. Hence, for an accurate prediction 
of flow a combined solution of Navier-Stokes equation with Rayleigh-Plesset 
equation is essential as is the case in the current analysis.  
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Figure 5.12: Comparison of experimental result and current analysis  
for the circumferential journal surface temperatures for 5.0  at rpm1500N  
 
 
 
Figure 5.13: Comparison of experimental result and current analysis  
for circumferential bearing bushing surface temperatures for 5.0  at rpm1500N  
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Figure 5.14: Lubricant temperature along the film depth at 180  
 
 
5.7. Results and discussion 
It is expected that introduction of CDA would affect the thermal conditions in engine 
big-end bearings and influence frictional power loss. The occurrence of cavitation 
and its extent would also affect friction. Therefore, it is necessary to develop 
validated multi-phase flow methods with realistic boundary conditions such as the 
current method.  
Now with the validated model, realistic predictions under engine operating conditions 
with all-active fired cylinders and alternatively with some deactivated cylinders can 
be carried out. The analysis reported here corresponds to a 4-cylinder 4-stroke 
engine under city driving condition at the speed of 25 km/h with 25% throttle action 
and engaged in second gear (ratio: 1:2.038). The final drive differential ratio is 
1:4.07. The engine speed for this condition is 2200 rpm. All the necessary data used 
in the analysis are listed in Table 5.1. The results are presented for a deactivated 
cylinder as well as a fired cylinder. Figure 5.15 shows the combustion gas force for 
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an active cylinder under engine normal operation, as well as that for an active 
cylinder under CDA. It also shows the gas force for a deactivated cylinder, caused by 
the trapped air/charge with closed valves, subjected to the swept volumetric 
changes. Note that the gas force is increased in the active cylinders of a partially 
deactivated engine with the same flow rate through a common rail supply. The effect 
is higher temperature combustion which improves upon thermal efficiency and also 
enhances the operation of catalytic converter, operating at a higher temperature, 
thus reducing hydrocarbon emission levels. The pumping losses can also be 
reduced whilst higher cylinder temperature in active cylinders would reduce the 
lubricant viscosity, thus the frictional losses. This effect is not investigated here, but 
Morris et al [163] using a control volume thermal mixing model showed that the 
average temperature of the lubricant, thus its viscosity is primarily determined by the 
bore surface temperature. Therefore, there are fuel efficiency advantages in terms of 
reduced thermal losses as well as decreased active cylinder viscous frictional losses.      
 
Figure 5.15: Transmitted combustion gas forces for full and partially deactivated 
engine operations 
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Cavitation occurs in the big-end bearings under low applied loads, resulting in 
reduced conjunctional pressures. Figures 5.16 and 5.17 show the generated 
pressure distribution and the corresponding volume fraction in the journal-bushing 
conjunction at the crank angle of  𝜃 = 180°, corresponding to the piston position at 
the bottom dead centre at the end of the power stroke with very low transmitted 
applied gas force (figure 5.15). The volume fraction of unity indicates a gap filled 
purely by vapour.       
  
  
 
 
Figure 5.16: Contours of pressure (MPa) at crank angle 𝜽 = 𝟏𝟖𝟎 (piston at the 
BDC) with all active cylinders 
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Figure 5.17: Contours of volume fraction at crank angle 𝜽 =180○ with all active 
cylinders 
 
 
The pressure profile through the circumferential centre line of the isobaric plot of 
figure 5.16 is shown in figure 5.18, also including that for the big-end bearing of an 
active cylinder in a partially deactivated engine, as well as for a deactivated 
cylinder’s connecting rod bearing. It can be seen that the lubricant film ruptures 
earlier in the case of an active cylinder in the partially deactivated engine, ahead of 
that for a normal engine operation which in turn ruptures ahead of the deactivated 
cylinder’s bearing. This occurs because of progressively reduced applied bearing 
load at the same crankshaft speed, which is an expected outcome. The reverse 
trend is discernible for the lubricant film reformation boundary. Therefore, the extent 
of cavitation region alters in accord with the cylinder operating condition and has 
direct implications for bearing load carrying capacity, film thickness and frictional 
losses.  
 
 
Chapter 5: Tribology of Journal Bearings and Effect of Cavitation 
132 
 
 
 
Figure 5.18: Pressure disttribution in the circumferential centre line of the bearing at 
crank angle of 𝜽 =180○ for various cylinder conditions 
 
 
Figure 5.19 shows the minimum film thickness during 2 engine cycles under steady 
state operating condition for the big-end bearings under various cylinder conditions. 
In all the cases, the absolute minimum film thickness occurs a few degrees after the 
top dead centre position within the engine power stroke, where the maximum 
chamber pressures are encountered. The demarcation boundaries between the 
prevailing instantaneous regime of lubrication are indicated by the Stribeck’s oil film 
parameter;  =
ℎ
𝜎𝑟𝑚𝑠
, where h is the film thickness and 𝜎𝑟𝑚𝑠 the root mean square 
roughness of the counterfaces (journal and the bearing bushing/shell). When, 
1 <  < 3   a mixed regime of lubrication is encountered and  1 indicates boundary 
regime of lubrication. Therefore, the inclusion of direct boundary interactions for 
determination of friction (as in Section 3.6) is essential in any analysis of engine big-
end bearings. An important point to note is the incidence of boundary interactions in 
the in-take stroke as well as the power stroke of the engine cycle for the deactivated 
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cylinder because the valves remain closed and a residual bearing load is retained 
due to cylinder swept volume. This means that with CDA the big-end bearing 
contributes to boundary friction in parts of the engine cycle that is unexpected in the 
case of engine normal operation. This is because of the trapped air/charge volume 
with closed valves.  This contributes to the overall frictional power loss of the engine 
operating under CDA as shown in figure 5.20.  
 
 
Figure 5.19: Minimum film thicknesses for various cylinder conditions 
 
 
Figure 5.20 shows the frictional power loss in the deactivated cylinder’s big-end 
bearing is in fact larger than that for an engine under normal operation mode in a 
typical engine cycle 0°𝜗720°. The results also show that active cylinders operating 
at higher pressures under CDA apply higher loads, thus increasing their bearings’ 
frictional power loss. Therefore, overall the bearing losses are increased under CDA, 
although this is more than offset by the efficiency gains through higher temperature 
combustion and reduced pumping losses accounting for 20% lower fuel consumption 
for the engine under consideration (a 4-cylinder 4-stroke c-segment vehicle). The 
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findings of the analysis agree with those of Mohammadpour et al [152] using mixed 
thermohydrodynamic analysis using Reynolds equation. 
 
 
Figure 5.20: Frictional power loss for various cylinder conditions 
 
 
5.8. Closure  
This chapter has demonstrated the generic nature of the developed methodology in 
chapter 3 for the case of journal bearings, further for the demonstration of the same 
in chapter 4 for the case of piston compression ring-cylinder liner conjunction. 
Furthermore, in this case a full three dimensional contact analysis is carried out. 
Moreover, the resulting predictions are shown to conform well with the previously 
reported experimental work.  
 
In both case studies in chapters 4 and 5, mixed regime of lubrication with instances 
of asperity interactions are shown to occur. These contribute disproportionately to 
the total generated friction. They can also lead to wear of surfaces. As the result a 
series of palliative measures have traditionally been applied. These include 
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introduction of a suitable additive package, including viscosity enhancers and friction 
modifying elements to the bulk base lubricant to increase load carrying capacity of 
thinner films and/or form thin low shear strength adsorbed layers to the contiguous 
surfaces to reduce friction and wear. Another additional approach has been the 
introduction of hard wear-resistant coatings of generally smoother surface 
topography or overlays in order to reduce the effect of wear. 
  
One recent approach has been the introduction of surface textures in parts of contact 
which yield thin film thickness such as at the contact reversals in piston systems. 
Chapter 6 extends the work presented in this chapter to include the effect of surface 
texturing.   
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Chapter 6: Role of Surface Texturing Upon Tribological 
Performance and Cavitation 
 
6.1. Introduction 
Surface texturing is as an option to mitigate against the effect of generated boundary 
friction as the result of asperity interactions. Such conditions occur in the region of 
thin films. It has been shown that under such conditions retention of a reservoir of 
lubricant in surface textured features can aid lubrication and enhance the 
hydrodynamic load carrying capacity, thus reducing and frictional losses. Some of 
the features used include dimples which may reduce friction not only by acting as a 
lubricant reservoir [164] but also by providing hydrodynamic lift (pressure 
perturbations) themselves, a mechanism referred to as micro-hydrodynamics. 
Dimples can also be as a micro-trap for wear debris in lubricated sliding [165]. 
 
Surface texturing was successfully applied to mechanical seals resulting in an 
increase in seal life [166]. Partial laser surface texturing substantially increased the 
load carrying capacity of hydrodynamic thrust bearings [167]. 
 
The benefits of implementing laser surface texturing to piston ring surfaces were 
substantiated theoretically and experimentally in Ronen et al. [168] and Ryk et al. 
[169] works. They showed about 30% reduction of friction force by ring surface 
texturing in comparison to a plain ring surface. 
 
The oil existence could improve the fretting wear resistance [170] and almost 
doubled the fretting fatigue life [171]; however, textured surfaces also provide traps 
for wear debris in the contacts subjected to fretting. 
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6.2. Experiment 
6.2.1. Rig set up 
The experimental rig shown in figure 6.1 comprises a rotating journal which is 
partially submerged in a reservoir of lubricant (sump). The journal is driven by an 
electric motor and power pack, which allows for the speed to be varied between 0 – 
250 rpm. A 180° acrylic bearing pad (bushing arc) conforms closely to the journal, 
forming a partial pad journal bearing arrangement. Weights are hung from the 
bearing pad to load the conjunction. A pointer is attached to the centre of the pad arc 
so that the attitude angle can be directly measured. 
  
The attitude angle is between the line of journal and the bearing pad centres and the 
applied vertical load. This is a direct measure of generated friction torque. The angle 
is read from a finely graduated scale hung behind the test rig. Therefore, the attitude 
angle is used to infer journal eccentricity and generated friction. The properties of the 
lubricant selected for the experiment are detailed in Table 6.1. 
 
Table 6.1: Lubricant data 
Density at 15 ºC kg/m3 894 
Viscosity at 22 ºC mm2/s 512  
Viscosity at 40 ºC mm2/s 139 
Viscosity at 100 ºC mm2/s 14.3 
Viscosity index 99 
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Figure 6.1: A schematic of the experimental rig (not to scale) 
 
 
The topography of the journal surface was measured using an infinite focus white 
light interferometer. The topography of the pad had to be measured using a stylus 
due to its translucence. A stylus had a   conical angle and a tip radius of 2 μm. The 
geometrical form of the journal and the pad used were measured using a Coordinate 
Measurement Machine (CMM) with the repeatability of 1 μm. These are shown in 
Figure 6.2. The dimensions, circularity and surface roughness measurements of the 
journal and pad are provided in Table 6.2. 
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Figure 6.2: Surface form measurement with Coordinate measurement machine 
 
 
Table 6.2: Test rig data 
Journal Diameter 65.6961 𝑚𝑚 
Journal Circularity 13.7 𝜇𝑚 
Journal Roughness (Ra, Rq) 0.035,0.044 𝜇𝑚 
Pad diameter  65.8576 𝑚𝑚 
Pad Circularity 7.5 𝜇𝑚 
Pad Roughness (Ra, Rq) 0.378,0.526 𝜇𝑚 
 
  
6.2.2. Surface texturing  
Two alternative journals were used. One was plain, whilst the other was textured with 
indented features (figure 6.3). A survey of similar previous work was undertaken to 
draw on the experiences reported with regard to density distribution, depth and 
diameter of indentations [172-174].  
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Figure 6.3: Infinite focus Microscope measurement image of an individual surface 
texture feature 
 
The chosen values for the surface textures are shown in Table 6.3. The values 
chosen represent a compromise between the convenient production of surface 
texture features using readily available techniques and those suggested in open 
literature. A Vicker’s indenter was used to produce the surface texture features to 
ensure good repeatability for indentation depth. A mesh of indented textures was 
fabricated on the journal surface (Table 6.3). 
 
Table 6.3: Surface texture details 
Centre to centre distance of textures 45 𝑚𝑚 
Length x width 0.26×0.26 𝑚𝑚 
Depth  40 μm 𝜇𝑚 
Distribution pattern  Standard grid - 
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6.2.3. Experimental procedure 
A repeatable test procedure was carried out to determine the effect of surface texture 
features upon the tribological performance of the partial pad journal bearing. The test 
rig was run at a set load for a range of discrete speeds, between 36 – 180 rpm. The 
rotational speed of the journal was measured using a digital tachometer. The low 
speed of revolution results in an insufficient lubricant entrainment into the contact 
conjunction, thus promoting a mixed regime of lubrication. Under such conditions the 
use of a textured journal is expected to palliate generated friction.   
 
A steady speed was maintained for a set period prior for each measurement. This 
was carried out in order to avoid the complications arising from an initial squeeze film 
effect. After four measurements were taken at each speed, the load was altered and 
the same range of speed tests was undertaken. A short break was made between 
each test and the preceding one, in order to ensure that the temperature of the 
lubricant sump was maintained at the recorded ambient temperature. The bath of 
lubricant was maintained at the constant level of 20 mm depth so that there would be 
a sufficient volume of lubricant to entrain into the contact for an ideal fully flooded 
inlet.  
 
At the beginning of each test, the bearing pad and the journal were separated and 
cleaned thoroughly so that any debris produced by a previous test would be 
removed. After subsequent re-assembly, the rig was recalibrated and a weight was 
hung from the pad ensuring orthogonal loading condition.  
 
The attitude angle was measured using the pointer and graduated scale.  As the 
attitude angle varied slightly at a set load and speed, the average value of measured 
attitude angle is plotted under each test condition. 
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6.2.4. Experimental results 
The experimental results for the plain journal for a combination of applied load and 
speeds are shown in figure 6.4. The results show that as the load decreases the 
attitude angle increases as the ratio between friction and applied load alters. 
Notably, with lower applied load the gradient of the line is more severe indicating 
increased friction. It is noteworthy that under boundary regimes of lubrication the 
generated friction has a weak dependence on the sliding speed, whereas viscous 
friction is dependent on the service parameter η0ΔU h⁄ . Therefore, the results 
indicate that the test rig runs under varying degrees of mixed lubrication. 
 
 
Figure 6.4: Variation of measured attitude angle with journal rotational speed for the 
case of plain journal surface 
 
The results shown in figure 6.5 compare the performance with textured and plain 
journals at different applied loads and journal speeds. At a load of 0.8 Kg (figure 
6.5a) the boundary interactions are least for all the tests carried out. Under this 
condition, there is little difference between the attitude angles for the two cases 
(textured and plain journals). As the load is increased in figures 6.5b and 6.5c, the 
beneficial effect of surface textures become evident on the account of a reducing 
attitude angle at the higher end of the speed range. At low speed conditions the 
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texture and plain cases have very similar attitude angles indicating that the textures 
have little benefit under these conditions. This is because at the very low sliding 
speeds the contact is particularly starved of lubricant. The results in figure 6.5d and 
figure 6.5e show the two clearest examples of benefits of surface texturing with 
significant reductions in the recorded attitude angles. It should also be noted that the 
changes in attitude angle observed in the results can only be due to the effect of 
friction. It will be later shown that (see Figure 6.8) the texturing does not alter the 
asymmetric distribution of the pressure in the studied journal bearing; hence the 
variations in the attitude angle cannot be described base don't he alteration in the 
pressure distribution or shift in the locus of the maximum pressure point.   
 
 
 
Figure 6.5: Comparison of Attitude angle with changing speed for a textured and 
plain journal 
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The experimental results indicate that the introduced surface textures are beneficial 
under certain conditions. When the applied load is quite low, there is little difference 
between the textured and plain cases. When comparatively moderate loads are 
applied, the surface textures produce a beneficial effect. At higher loads and medium 
to low speeds however little advantage is accrued by the textured bearing. 
 
The benefit produced by the surface textures appears to be closely linked to the 
prevalent regime of lubrication. All the experiments run in the mixed regime of 
lubrication. However, the extent of asperity interactions changes with different 
conditions. Therefore, a numerical analysis of the experimental case is required to 
understand the salient phenomena underlying the role of surface textures.   
 
6.3. Boundary Conditions and Numerical Solution Procedure 
The system of Eqs. (3.1), (3.2) and (3.24) is solved through finite volume method. 
For this purpose a model geometry was constructed using ANSYS design modeller 
which was subsequently spatially discretised (meshed) by taking advantage of 
ANSYS meshing application. Tetrahedral size-controlled elements were used. The 
entire flow domain was then meshed using approximately one million tetrahedral 
cells.  The isothermal and pressure-based mixture model [105] is chosen for the 
present analysis. The velocity–pressure coupling is treated using the Semi-Implicit 
Method for Pressure Linked Equations (SIMPLE) algorithm and the second-order 
upwind scheme is used for the momentum to reduce the discretisation-induced 
errors in the calculations. As the load is assumed to be constant, the eccentricity 
ratio depends on the pressure equilibrium over the journal surface. To compute 
eccentricity, the dynamic mesh method was used [175], but it may be simpler and 
faster to compute the friction map over the journal surface for various eccentricities. 
Atmospheric pressure of 101.3 kPa is assumed for the cavitation (vaporisation) 
pressure. Since the occurrence of cavitation in the current analysis is treated through 
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solution of transport equation for the vapour mass fraction alongside the general 
Navier-Stokes equations, there is no need to impose any particular boundary 
conditions for either lubricant film rupture or reformation. This is a significant 
fundamental improvement upon the imposed assumptions such as those of JFO [13, 
14] or the Elrod’s cavitation algorithm [15].  
The solid boundaries were considered to be impermeable and the lubricant/solid 
interface is assumed to follow no-slip condition. The bearing pad is modelled as a 
stationary wall, whilst the journal is modelled as a moving body with an absolute 
rotational velocity. At the inlet and outlet, the pressure is set to ambient pressure. 
Finally, at the bearing’s axial extremities the lubricant is assumed to leak to the 
ambient (atmospheric) pressure. 
 
6.4. Results and Discussion  
6.4.1. Model Validation 
Figures 6.6 and 6.7 show the predicted attitude angle for textured and plain journal 
surface as well as those measured under the same conditions and for 2 different 
applied loads. Note that an attitude angle of zero denotes static journal condition 
subjected to a normal vertical applied load. In all cases the attitude angle is quite 
small, indicating high eccentricity ratio, usually corresponding to mixed or boundary 
regimes of lubrication. This is due to the intentional low journal speed to promote 
such conditions, where surface texturing is likely to improve lubricant retention and 
mitigate undue boundary interactions. Good agreement is noted between the 
predictions and the measured conditions. The numerical results show consistently 
lower attitude angle for the textured journal, indicating lower contributions due to 
asperity interactions. The experimental results show the same trend with an 
increased applied load. 
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Figure 6.6: Changes of attitude angle over a range of speeds Contours of pressure 
distribution for 1.4 kg load condition (CFD and experimental results) 
 
 
Figure 6.7: Changes of attitude angle over a range of speeds Contours of pressure 
distribution for 0.8 kg load condition (CFD and experimental results) 
 
Chapter 6: Role of Surface Texturing Upon Tribological Performance and Cavitation 
147 
 
 
6.4.2. Pressure distribution  
With the validated numerical predictions, it is instructive to seek the underlying 
mechanism for the improved performance of the textured relative to the plain case. 
Figure 6.8 shows the central line of the generated hydrodynamic contact pressure 
distributions for the textured and plain cases. These are coincident as would be 
expected; with pressures generated in the first part of the arc of contact ( 0 c   , 
where c is the lubricant film rupture point), followed by cavitation thereafter. There 
are pressure perturbations at the positions of the indented surface textures as 
indicated on the figure. Morris et al [176] noted the same for the case of a thin strip 
with a contacting face of a typical piston compression ring traversing a series of laser 
textured chevrons on a flat plate. They showed that the textured features retained a 
volume of lubricant which caused pressure perturbation due to the micro-
hydrodynamic effect, enhancing the load carrying capacity of the contact, thus 
reducing the measured friction. The results here indicate that the same phenomenon 
may be responsible for improved conditions in the case of the textured journal.      
 
Figure 6.8: Pressure distribution in the centre plane for 1.4 kg load condition 
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6.4.3.   Vapour volume fraction 
Figures 6.9 (A) and (B) show contours of predicted vapour volume fraction for the 
cases of the textured and plain journals respectively. It can be observed that the 
lubricant film rupture boundary is shifted further towards the contact outlet. 
Therefore, a larger area of full film results in the case of the textured journal. 
Furthermore, a smaller overall cavitation region emerges. Also, in the case of the 
textured journal, the cavitation region enjoys a higher lubricant film content, thus 
contributing to the load carrying capacity of the contact.  
 
Figure 6.9: Contours of vapour volume fraction for (A) textured and (B) plain journal 
bearing 
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The insets to the figure 6.9(A) provide more instructive information about the role of 
introduced indentation upon multi-phase flow through the cavitation region. It is clear 
that within each texture feature multi-phase flow occurs. At the lubricant film rupture 
boundary the liberated vapour from the lubricant resides on top of the lubricant-
vapour mix filling the indented feature. With increasing overall cavitation in the 
diverging contact wedge, only a small proportion of liquid lubricant fills the textured 
features. Clearly, in the region between the fully flooded inlet and the lubricant 
rupture boundary the indented features are filled with the single phase lubricant flow, 
with pressure perturbations shown in figure 6.8.     
It is clear that texture form and distribution would affect the flow dynamics through 
the contact conjunction. In the case studied here the conditions investigated 
correspond to low speed of entraining motion of the lubricant into the contact to 
promote mixed regime of lubrication. It is clear that for fully hydrodynamic regime of 
lubrication the texture features would contribute marginally. Indeed the complex flow 
dynamics in the textured features demonstrate some swirl flow as well as onset of 
reverse flow conditions, which may contribute to increased viscous friction. 
Furthermore, very little side leakage occurs under test conditions investigated. With 
higher journal speeds the enhanced lubrication due to texturing may lead to 
increased oil loss. 
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7.1. Conclusions 
The following represent the major conclusions and findings of the research 
presented in this thesis: 
1. For realistic predictions, it is necessary to include salient features of physical 
phenomena in tribological conjunctions. These should include the underlying 
assumptions of the governing equations. One such case is the use of 
appropriate flow equation. Reynolds equation is based on single phase flow 
through the conjunction. Furthermore, it is assumed that there is no pressure 
gradient through the lubricant film due to its thinness. With full Navier-Stokes 
equations such an assumption is not made. Also, multi-phase flow dynamics 
can be considered. This is the approach used in this thesis, which shows that 
in fact, lubricant flows like a series of streamers with different viscosity due to 
pressure variation across the lubricant film, as well as temperature. For the 
latter, the energy equation is solved simultaneously with the Navier-Stokes 
equations.  
 
2. Another issue is the treatment of cavitation within the conjunction. Although 
various exit boundary conditions have been reported in literature, such as 
Elrod’s cavitation algorithm [15], and JFO boundary conditions [13, 14], these 
do not completely satisfy the continuity of mass flow within the cavitation 
zone. For example, with Elrod modification of Reynolds equation, the flow in 
the cavitation zone assumes a balance between Couette flow and squeeze 
film motion. In reality, liberated vapour should also be taken into account in 
this zone, or indeed elsewhere where voids/bubbles may be formed. 
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Therefore, it is essential to include Rayleigh-Plesset model [11] to predict 
onset of vaporisation as well as including vapour transport equation. For the 
case of the former, it is important to modify the conditions to restrict the 
growth of cavities within a conjunction of finite dimensions. The overall 
approach is in fact one of the main contributions of this thesis to knowledge. It 
is shown that regions of cavities emerge within the contact domain, 
particularly after film rupture.  
 
3. The use of realistic boundary conditions is essential for numerical predictions 
of phenomena. In particular, assumption of fully flooded or drowned inlet is 
very idealised and in fact hardly noted in practice. With the CFD approach 
flow dynamics at the converging wedge is studied in this thesis and compared 
with potential flow analysis carried out by Tipei [137] and observed in the case 
of rolling contacts by Birkhoff and Hays [140]. Swirl and reversing flows give 
way to a stagnation boundary which agrees well with these published works. 
The cases studied here agree with the assertions of Tipei that such 
recirculating and backward flows require the use of Swift-Stieber inlet 
boundary, which is not often appreciated. The same issue is also important in 
the case of lubricant film rupture and separation boundary. This boundary is 
as the result of viscous shear of the lubricant, generated heat, pressure 
variation in a diverging wedge and retarding friction. The combined solution of 
Navier-Stokes, energy, vapour transport and modified Rayleigh-Plesset 
equations show that the exit boundary actually conforms to the Prandtl-
Hopkins zero reverse flow conditions for the cases studied in this thesis. 
 
7.2. Achievement of Research Objectives 
The specific objectives of the current study, as stated in Chapter 1, have all been 
achieved.  
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• Developing a CFD model to predict mixed hydrodynamics of the compression 
ring as well as journal bearings 
Chapter 3 provided the methodology developed in this thesis. The methodology 
comprises finite volume solution of Navier-Stokes equations, together with the 
energy equation, the modified Rayleigh-Plesset equation and vapour transport 
equation. The methodology is applied to the top compression ring of IC engine as 
well as the big-end bearings, thus meeting the following set of objectives as well: 
• Predict film thickness, generated pressures and friction 
• Determine the global cavitation flow of the compression ring and journal 
bearing 
• Verification of all numerical and analytical methods with reported experimental 
tests, including with IC engine data.  
Validation of the compression ring-liner model is carried out against direct the 
measured results of Furuhama and sasaki [132] as well as Gore et al [134]. Very 
good agreement was found in both cases. 
Having applied the developed generic formulation and applied the same to piston 
compression ring-liner contact and the big-end bearing, it was essential to ascertain 
the applicability of the approach to the stated problems. This was carried out with a 
set of well-defined experimental verifications. Some comparative work was carried 
out against previously reported experimentation by Dowson et al [56] (Chapter 5). 
Further verification was also carried out against a specially developed partial tilting 
pad journal bearing rig with various surface topographies as described in chapter 6, 
including the effect of texturing on the journal surface. Furthermore, application of 
methodology was made to assess real engine conditions, particularly with the current 
interest in cylinder deactivation, as set out in the following research objective:  
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• Applying the developed methods to real engine applications with modern 
emerging technologies such as cylinder deactivation as well as use of surface 
engineered textures to encourage micro-hydrodynamics through pressure 
perturbation. 
Therefore, all the initial research objectives have been met. 
 
7.3. Contributions to Knowledge 
This thesis has presented some key contributions to knowledge. These are: 
1. A combined solution of Navier-Stokes, energy, modified Rayleigh-Plesset and 
vapour transport equations is made with no artificially imposed cavitation 
boundary conditions. In addition, a control volume analytical thermal mixing 
model is used to determine flash temperature of the boundary solids as 
boundary conditions. This approach has not hitherto been reported in 
literature.  
 
2. The methodology has been validated with experimental work using floating 
liners for direct in situ measurement of friction, an approach which is rarely 
reported in the case of ring-bore contact. Extensive validation is carried out in 
the case of journal bearing analysis, including for textured journals.  
 
3. The validated methodology has been applied to ring geometry for improved 
efficiency. Therefore, already useful outcomes from the predictive methods 
have emerged.  
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7.4. Critical Assessment of Approach and Suggestions for Future Work  
In this study the vaporisation pressure is assumed to be constant. However, in reality 
the vaporisation pressure is a function of temperature [177]. Therefore, at various 
operating conditions, the assumed vaporisation temperature at ambient conditions 
needs to be altered. This constitutes a change which can be implemented in future 
work. 
According to Jakobsson [178] the experiments by Floberg have shown that the 
tensile strength in the liquids can have an important effect on the growth and 
collapse of cavitation bubbles. However, in this thesis the effect of the tensile 
strength on the variation in the bubble size is not explored. It is assumed that the 
pressure inside the bubble remains at the vaporisation pressure of the lubricant at 
the ambient temperature. 
The appearance of finger-shaped bubbles has also been speculated to be related to 
the various forms of fluid flow instability similar to those observed in the case of 
Rayleigh-Taylor type instabilities [179]. Whilst Rayleigh-Taylor type instabilities occur 
at the interfaces of two fluids due their density differential, it is also known that the 
shear differences in a continuous fluid or the velocity difference across an interface 
of two fluids can also introduce instabilities in a flow. These are known as Kelvin-
Helmholtz type instabilities. Since there are at least two phases in the cases studied 
in the current work, it is highly likely that the instabilities caused by the velocity or 
shear difference between the two phases can induce instabilities which would 
produce finger-shaped cavity patterns. To observe such a phenomenon one needs 
to perform a complete 3D simulation of the contact with a very fine mesh. This 
necessitates inclusion of side leakage flow direction in the analysis. As the result of 
relatively large number of mesh points that would be required the computational 
effort would be significant. This approach was deemed not essential and beyond the 
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scope of this thesis. It is, therefore, suggested that flow instability issues as well as 
sub-ambient pressures and tensile strength of formed bubble boundaries should be 
included in future research. 
In addition to the understanding of fundamentals of cavitation and its tribological 
effects such as on load carrying capacity and friction, some of the consequences the 
phenomenon are of practical importance. Most importantly, is the collapse of 
cavitation bubbles and the ensuing erosion of adjacent boundary solid surfaces. This 
issue is particularly important in the case of journal bearings. Although some volume 
of research work already exists in this regard [91, 180], further investigation of this 
phenomenon would be of practical use. 
Finally, the collapse of cavities can also result in vibration and noise due to localised 
pressure perturbations. This would also be an important field of investigation for 
future research. 
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Abstract A new method, comprising Navier–Stokes
equations, Rayleigh–Plesset volume fraction equation, an
analytical control-volume thermal-mixed approach and
asperity interactions, is reported. The method is employed
for prediction of lubricant flow and assessment of friction
in the compression ring–cylinder liner conjunction. The
results are compared with Reynolds-based laminar flow
with Elrod cavitation algorithm. Good conformance is
observed for medium load intensity part of the engine
cycle. At lighter loads and higher sliding velocity, the new
method shows more complex fluid flow, possessing layered
flow characteristics on the account of pressure and tem-
perature gradient into the depth of the lubricant film, which
leads to a cavitation region with vapour content at varied
volume fractions. Predictions also conform well to exper-
imental measurements reported by other authors.
Keywords Piston ring conjunction  Mixed-mode
friction  Navier–Stokes equations  Raleigh–Plesset
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A Apparent contact area
Aa Asperity contact area
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Cp Lubricant specific heat
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E1 Young’s modulus of elasticity of the ring
E2 Young’s modulus of elasticity of the liner
E0 Equivalent (reduced) modulus of elasticity
fb Boundary friction
ft Total friction
fv Viscous friction
FT Ring tension force
FG Combustion gas force
F2; F5=2 Statistical functions
g Ring end gap
gs Switch function
H Enthalpy
h Elastic film shape
hm Minimum film thickness
hs Ring axial profile
ht Heat transfer coefficient of boundary layer
I Ring cross-sectional second area moment of
inertia
k Lubricant thermal conductivity
ks1 Thermal conductivity of the bore/liner
ks2 Thermal conductivity of the ring
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ph Hydrodynamic pressure
pgb Gas pressure acting behind the ring
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Rv Convective thermal resistance of the boundary
layer (between film and surface)
Re Reynolds number
t Time
U Ring sliding velocity
U1, U2 Surface velocities of contacting bodies
V~ Velocity vector
W Contact load
Wa Load share of asperities
Wh Load carried by the lubricant film
xc Oil film rupture point
Z Pressure–viscosity index
Greek Symbols
a0 Pressure/temperature–viscosity coefficient
b Lubricant bulk modulus
u Crank angle
f Number of asperity peaks per unit contact area
g Lubricant dynamic viscosity
g0 Lubricant dynamic viscosity at atmospheric pressure
j Average asperity tip radius
k Stribeck’s oil film parameter
l Pressure coefficient for boundary shear strength of
asperities
m1 Poisson’s ratio of the ring material
m2 Poisson’s ratio of the liner material
q Lubricant density
q0 Lubricant density at atmospheric pressure
rr Liner surface roughness
rl Ring surface roughness
s Shear stress
s0 Eyring shear stress
C Diffusion coefficient
h Temperature
he Average (effective) lubricant temperature
1 Introduction
The primary function of the piston compression ring is to
seal the combustion chamber. This prevents the escape of
high-pressure gases from the combustion chamber and
conversely lubricant leakage into the chamber. However,
effective sealing function of the compression ring can
result in increased friction and thus parasitic losses [1].The
piston assembly accounts for approximately 35–45 % of
engine frictional losses [2, 3]. Therefore, in order to
improve engine performance as well as reducing emission
levels, it is important to have a deeper understanding of
frictional behaviour of piston–cylinder system as a pre-
requisite. The current work addresses these issues with
regard to the piston compression ring.
There have been many numerical predictions of com-
pression ring–cylinder liner conjunction, where the analy-
ses have included a host of parameters which interact with
each other, making the tribology of ring–liner conjunction
particularly complex. These parameters include the effect
of the ring’s axial profile along its contacting face width
with the cylinder liner and its surface topography [4], and
the effect of evolving wear process upon friction and
sealing effectiveness of the ring in an out-of-round bore [5,
6]. These and similar analyses [7–13] have included mixed
regime of lubrication, where direct interaction of surfaces
can occur at piston dead centre reversals with momentary
cessation of lubricant entraining motion into the contact
under assumed fully flooded or starved inlet conditions.
Although ring fitment analysis is taken into account in the
works reported in [5, 6, 11, 12], including in some cases
with bore out of roundness, the ring–bore conformability
should also take into account the modal behaviour of the
ring as described, for example, by Baker et al. [14]. They
showed that ring elastodynamics in fact conforms it to the
bore in the high-pressure region with a low sliding velocity
(i.e. at the reversals). This ensures good ring sealing at the
expense of increased friction. However, in some parts of
the engine cycle, ring elastodynamics as well as its axial
profile can exacerbate the convergent–divergent conjunc-
tional passage and clearance, which suggests lubricant film
rupture and the emergence of a cavitation region. This can
also affect the compression ring sealing function. The
effect of cavitation is studied by Chong et al. [15], who
used Elrod’s approximation [16] to the Jakobsson and
Floberg [17] and Olsson [18] (JFO) cavitation boundary
condition. Chong et al. [15] showed that cavitation formed
at the lubricant film contact exit in the compression stroke
reduces the lubricant availability at the top dead centre
(TDC) reversal, thus causing a starved contact in parts of
the power stroke in the vicinity of the TDC.
Therefore, the multivariate nature of the problem is
quite apparent. The current analysis combines the use of an
open (free) exit boundary condition instead of an imposed
cavitation boundary condition. This is achieved by solving
the Navier–Stokes equations for multi-phase flow dynam-
ics instead of the usual Reynolds equation. Additionally,
this approach readily enables simultaneous solution with
the energy equation. Thus, the effect of rise in surface
temperatures, caused by viscous shear of the lubricant in
the conjunction, upon lubricant film formation as well as
viscosity variation into the depth of the film are included in
the solution. Unlike Reynolds or Elrod flow equations, with
the Navier–Stokes equations, the pressure gradient across
the film is retained. This enables more accurate prediction
of viscous friction due to Poiseuille flow as well as in
Couette shear. This approach together with the inclusion of
lubricant rheological state and asperity interactions, to
324 Tribol Lett (2013) 51:323–340
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represent boundary friction, has not hitherto been reported
in the literature.
2 Problem Description
Figure 1 is a schematic representation of ring–liner con-
junction along the ring axial face width. The ring profile
hsðxÞ is assumed to be parabolic with a maximum crown
height of c and a face width of b:
hsðxÞ ¼ cx
2
ðb=2Þ2 ð1Þ
The current analysis assumes good conformance of the ring
to the liner surface in the circumferential direction of the
bore. This simplifies the problem to a one-dimensional
contact, which is valid for ring–bore contact of bore
diameter-to-ring face width ratio: 2pr0=b 30 as shown by
Haddad and Tian [19], which is applicable to the engine
studied here. The engine studied here is a high-perfor-
mance V12 4-stroke naturally aspirated engine with spec-
ifications as detailed in Table 1.
It is assumed that the ring does not undergo any relative
motion with respect to the piston sliding at the velocity U.
In practice, the ring may be subject to axial motion within
its retaining groove, a motion termed as ring flutter. Thus,
according to Rahnejat [20]:
UðuÞ ¼ rx sin u 1 þ cos u l
r
 2
 sin2 u
" #1
2
8<
:
9=
; ð2Þ
where / is the crank angle, l is the connecting rod length,
r the crank-pin radius and x is the engine rotational speed.
Figure 2 shows the piston sliding speed variation for the
engine speeds of 1,500 and 6,000 rpm, respectively.
Forces acting on the ring are considered as radial in-
plane forces. In its radial plane, the ring is subjected to two
outward forces: ring elastic tension force FT and the gas
force FG, acting on the inner rim of the ring. These forces
strive to conform the ring to the bore surface. Thus, the
total outward force (towards the liner interface), acting on
the ring, is: F = FT ? FG. The ring tension force, FT, is
obtained as [21]:
FT ¼ pe b r0 where pe ¼ gEI
3pbr40
 
ð3Þ
where pe is the elastic pressure, r0 is the bore nominal
radius and g is the ring end gap in its free (unfitted) state.
The gas force acting on the back of the ring varies
according to the chamber pressure in an engine cycle; thus:
FGðuÞ ¼ 2pbr0pgðuÞ ð4Þ
A gas blow-by analysis is required to obtain the exact value
of gas pressure acting behind the ring. In the current
analysis, it is assumed that the gas pressure behind the ring
is equal to the in-cylinder gas pressure.
These outward forces (ring elastic tension and the gas
force) are opposed by the contact force generated as the
result of combined actions of generated conjunctional
hydrodynamic pressures and the load share carried by the
direct contact of surfaces themselves. The latter is often the
load shared by a small portion of asperities on the opposing
surfaces. Thus, the instantaneous contact load is deter-
mined as WðuÞ ¼ WaðuÞ þ WhðuÞ, where the load carried
Fig. 1 2D diagram of piston
ring–liner conjunction
Table 1 Engine data
Parameters Values Units
Crank-pin radius, r 39.75 Mm
Connecting rod length, l 138.1 Mm
Bore nominal radius, r0 44.52 Mm
Ring crown height, c 10 lm
Ring axial face width, b 1.15 Mm
Ring radial width, d 3.5 Mm
Ring free end gap, g 10.5 Mm
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by any film of lubricant is the integrated pressure distri-
bution as:
Whð/Þ ¼ 2pr0
Z b
0
phð/Þdxdy ð5Þ
As shown in Fig. 1, in general, the contact region may be
considered as comprising of three distinct regions: (1) full
film (a coherent lubricant film region), (2) film rupture and
cavitation, and (3) lubricant film reformation. The Elrod
cavitation model is the usual basis for the tribological anal-
ysis, taking into account these various conjunctional regions.
To describe the physics of fluid flow in the cavitated region,
in which at least these various states of lubricant film coexist,
a suitable two-phase flow model needs to be employed
alongside the use of the Navier–Stokes equations. This
would be an elegant approach which for moderately and
heavily loaded conditions represents a reasonable compro-
mise between computational speed and predictive accuracy
[22]. However, it can be fairly complex to implement.
3 Numerical Model
3.1 General Navier–Stokes and Energy Equations
The general continuity and Navier–Stokes momentum
equations for compressible viscous fluid flow can be
described as [23]:
Dq
Dt
þ qrV~ ¼ 0 ð6Þ
q
DV~
Dt
¼ rp þrðsijÞ þ F~ ð7Þ
where D
Dt
is the covariant derivative operator, q is the
lubricant density, p is the pressure, sij is the viscous stress
tensor and F~ is the body force field vector. In addition,
V~ ¼ Ui^ þ Vj^ þ Wk^ is the velocity vector in which U is the
component of velocity in the direction of axial lubricant
flow entrainment; V is that in the side-leakage direction,
along the y-axis (which may reasonably be discarded as
there is negligible side leakage in the thin film ring–bore
conjunction); and W is the squeeze film velocity, ohot . The
viscous stress tensor is:
sij ¼ g oUioxj þ
oUj
oxi
 dij 2
3
rV~
 
ð8Þ
where g is the effective lubricant dynamic viscosity, dij is
the Kronecker delta and it is defined as:
dij ¼
0 if i 6¼ j
1 if i ¼ j
(
ð9Þ
One possibility in a CFD model is to evaluate fluid
viscosity as a function of pressure and temperature along
the liner and into the depth of the lubricant film. The latter
is neglected in the conventional hydrodynamic lubrication
approaches, which are based on Reynolds equation.
Finally, the energy equation can be stated as [23]:
q
DH
Dt
¼ Dp
Dt
þrðkrhÞ þ sij oUioxj ð10Þ
where H is the fluid enthalpy, h is the temperature and k is
the lubricant thermal conductivity.
3.2 Cavitation Model: Vapour Mass Fraction
and Vapour Transport Equations
With cavitation, the liquid–vapour mass transfer (evapo-
ration and condensation) is governed by the vapour trans-
port equation as [24]:
Fig. 2 Piston sliding speed for
engine speeds of 1,500 and
6,000 rpm
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o
ot
ðavqvÞ þ rðavqvV
*
tÞ ¼ Re  Rc ð11Þ
where qv is the vapour density, V
*
t is the velocity vector of
the vapour phase, Re and Rcare mass transfer source terms
related to the growth and collapse of the vapour bubbles,
respectively. The growth and collapse of a bubble cluster
are modelled based on the Rayleigh–Plesset equation,
describing the growth of a single vapour bubble in a liquid,
which provides the rate equation, controlling vapour
generation and condensation. Singhal et al. [25] assumed
that a working fluid is a mixture of liquid and vapour and
introduced a modified form of the above equation, based
upon the vapour mass fraction, fmass as:
o
ot
ðqmfmassÞ þ rðqm V
*
tfmassÞ ¼ rðCrfmassÞ þ Re  Rc
ð12Þ
where qm is the mixture density and C is the diffusion
coefficient. The mass transfer rate expressions are derived
from the Rayleigh–Plesset equations, based upon limiting
bubble size considerations (interface surface area per unit
volume of vapour). These rates are functions of the
instantaneous, local pressure and are given by:
Re ¼ Ce Vchrs ql qt
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðpsat  pÞ
3ql
s
ð1  fmassÞ; for p\psat
ð13Þ
Rc ¼ Cc Vchrs ql qt
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðp  psatÞ
3ql
s
fmass; for p [ psat ð14Þ
where the suffices l and t denote the liquid and vapour
phases, respectively, Vch is a characteristic velocity, rs is
the surface tension coefficient of the liquid, psat is the liquid
saturation vaporisation pressure at a given temperature and
Ce and Cc are empirical constants and are considered to be
50 and 0.01, respectively, according to Kubota et al. [26].
3.3 Conventional Hydrodynamic Cavitation Model
(Elrod’s Method)
For the engine under investigation, the ring perimeter-to-
width ratio is over 100. Therefore, as a first approximation,
the piston ring/liner conjunction can be viewed as an infi-
nitely long slider bearing [7] (envisaged as unwrapped).
Although this assumes uniform radial loading and neglects
piston secondary motion as well as ring dynamics, the final
results can provide some valuable predictions. If the flow is
considered as laminar, the behaviour of most lubricated
conjunctions can be predicted using Reynolds equation:
o
ox
qh3
6g
op
ox
 
¼ U o
ox
qhð Þ þ 2 d
dt
ðqhÞ ð15Þ
Elrod’s modification [16] provides an acceptable solution if
cavitation is present: In the full film region of the contact,
both Couette and Poiseuille terms are considered, whilst in
the cavitation region, only Couette flow is taken into
account and lubricant squeeze film motion [27]. To account
for this, a switching term, gs, is defined as:
gs ¼ 1 if n 1 ðfull film regionÞ0 if 0\n\1 ðcavitation regionÞ

ð16Þ
in which n is defined as the fractional film content. This
allows defining the contact pressure distribution as a
function of film ratio n as:
p ¼ gsb ln nþ pc ð17Þ
where pc is the lubricant’s cavitation vaporisation pressure
and b is the lubricant’s bulk modulus. Reynolds equation is
now modified using Eqs. (15) and (17) as:
o
ox
qh3
6g
gsb
on
ox
 
¼ U o
ox
nqhð Þ þ 2 d
dt
ðnqhÞ ð18Þ
Lubricant viscosity and density vary with contact pressures
and temperatures as described in Sect. 3.5 below.
3.4 Boundary Conditions
In both the Navier–Stokes and Elrod’s models, the fol-
lowing boundary conditions are used along the axial x-
direction of the contact (i.e. along the ring face width)
phðb=2Þ ¼ pL
phðþb=2Þ ¼ pU
phðxcÞ ¼ pc
8><
>: ð19Þ
However, the Elrod model satisfies another pressure gra-
dient boundary condition
dpðxÞ
dx

x¼xc
¼ 0 at the film rupture
point (xc is the location of rupture point), whereas no
artificial exit boundary condition needs to be stated with
the Navier–Stokes approach.
3.5 Lubricant Rheology
The lubricant bulk rheological properties including density
and viscosity are affected by pressure and temperature [5].
The density–pressure relationship is [28]:
q ¼ q0 1 þ
6:0  1010ðph  patmÞ
1 þ 1:7  109ðph  patmÞ
 
 1  0:65  103ðH H0Þ
  ð20Þ
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in which patm is the atmospheric pressure and H0 is tem-
perature in K ði:e: H0 ¼ h0 þ 273Þ. Lubricant density at
atmospheric pressure, q0, is given in Table 2.
Variations of lubricant dynamic viscosity with pressure
and temperature can be expressed based on Roelands’
equation [29] and further developed by Houpert [30], as
follows:
g ¼ g0 exp
(
lnðg0Þ þ 9:67ð Þ
"
H 138
H0  138
 S0
 1 þ ph  patm
1:98  108
	 
Z
1
#) ð21Þ
in which, g0 is the lubricant dynamic viscosity at
atmospheric pressure and temperature, and Z and S0 are
constants:
Z ¼ a0
5:1  109½lnðg0Þ þ 9:67
and S0 ¼ b0ðH0  138Þ
lnðg0Þ þ 9:67
ð22Þ
where a0 and b0 are constants at atmospheric temperature
and pressure. Details of lubricant rheological parameters
are given in Table 2. It should be noted that the rheological
parameters are for fresh lubricant. In practice, the lubricant
is subject to shear thinning, oxidation and contamination
[31].
3.6 Heat Generation and Thermal Boundary
Conditions
Lubricant temperature rises due to internal friction. In the
Navier–Stokes approach, solving the energy Eq. (10) with
the appropriate boundary conditions provides a prediction
of heat generated in the contact conjunction due to viscous
shear. However, temperatures of contacting surfaces also
increase with the rising contact temperature of the lubri-
cant. Therefore, temperature boundary conditions are
themselves a function of internal heat. For the liner, the
measured temperature, using a thermocouple very close to
the sliding surface, is used as shown in Fig. 3. Therefore,
instantaneous temperature boundary condition for the liner
is that measured. The compression ring temperature is
obtained through internal heat partitioning, thus is not
adiabatic. To obtain the temperature rise of the bounding
surfaces, a thermal heat transfer partitioning model needs
to be used which takes into account the transferred heat to
the contacting surfaces (boundaries) as well as the heat
which is carried away by the lubricant flow though the
contact. Morris et al. [4] have described an analytical
model, based on a control-volume approach which takes
into account the local temperature rise on the contacting
surfaces due to conduction from the lubricant and also
direct asperity contacts. The method described by Morris
et al. [4] is also adopted here in conjunction with the Na-
vier–Stokes analysis.
In the thermal heat transfer model, at any instant of time,
corresponding to a crank angle position, the equality of
inlet and outlet flows is maintained. This is an outcome of
the instantaneous quasi-static equilibrium at any given
crank angle. However, the flow rate is subject to change
between subsequent crank angle positions, as the variations
of the film thickness with time ohot
 
are taken into account.
In addition, there is a convection thermal flux at the inlet
nib to the conjunction from the solid boundaries to the
entrant lubricant supply at a lower temperature hin. This
raises the inlet lubricant to h0 from its assumed bulk flow
temperature (inlet heating):
h0 ¼ hs1U1 þ hs2U2
U1 þ U2 ð23Þ
where hs1 and hs2 are the initial surface temperatures of the
bore/liner and ring surface. Since one of the surfaces is
stationary, therefore from Eq. (23), h0 ¼ hs1 at the inlet due
to the convective thermal flux. The liner temperature is
measured from the engine liner surface and, therefore, is
known a priori at any given crank angle location (see Fig. 3).
The oil temperature distribution obtained through solu-
tion of energy Eq. (10) is based upon an initially assumed
temperature for the ring surface. Therefore, the heat par-
titioning method described by Morris et al. [4] can predict
the quantity of heat transfer from the ring, contributing to
the rise in its temperature when considering the heat
removal through convection cooling by the lubricant,
flowing through the contact exit (see Fig. 4).
Since the thermal model is a control-volume-based
approach, the effective temperature of the lubricant,
obtained from solving Eq. (10), is averaged throughout the
contact as:
he ¼
R b
0
R hðxÞ
0
hðx; zÞdzdxR b
0
R hðxÞ
0
dzdx
ð24Þ
The rise in the ring surface temperature is obtained from
the following relationship (Morris et al. [4]):
Table 2 Lubricant properties in atmospheric pressure and 40 C
Parameters Values Units
Lubricant viscosity, g0 0.05 kg/m s
Lubricant density, q0 833 kg/m
3
Lubricant specific heat, Cp 1,968 J/kg K
Lubricant thermal conductivity, k 0.145 w/m K
a0 1 9 10
-8 m2/N
b0 4 9 10
-2 –
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Dhs2 ¼ Rf
Rl þ Rv þ Rf ðhe  hs2Þ ð25Þ
in which, hs2 is the initial ring surface temperature and Rl,
Rv and Rf are the thermal resistances associated with
conduction through the lubricating film, convective heat
transfer through the boundary layer and the rise in the solid
surface flash temperature, respectively (Olver and Spikes
[32]). These parameters were calculated according to the
given relationships in Morris et al. [4]. In addition, ring and
liner mechanical/thermal properties are provided in
Table 3, Sect. 3.7.
3.7 Asperity Interaction
The share of load carried by the interacting asperities in the
contiguous is obtained as [5]:
Wa ¼ 16
ffiffiffi
2
p
15
pðfjrÞ2
ffiffiffi
r
j
r
EAF5=2ðkÞ ð26Þ
The dimensionless group fjr is known as the roughness
parameter, whilst r=j is a measure of a typical asperity
slope. These can be obtained through topographical
measurements. E is the composite elasticity modulus
and it is obtained as:
1
E
¼ 1  m
2
1
E1
þ 1  m
2
2
E2
ð27Þ
where v1 and v2 are the Poisson’s ratios, and E1 and E2 the
moduli of elasticity for the materials of bounding solid
surfaces. The statistical function F5=2ðkÞ is introduced to
match the assumed Gaussian distribution of asperities as a
function of the Stribeck oil film parameter, k ¼ h=r.
Using a fifth-order polynomial curve fit, this statistical
function can be described as [5]:
Fig. 3 The temperature of the
liner at the ring contact location
throughout the engine strokes
Fig. 4 Thermal flow within the contact (Morris et al. [4])
Table 3 Material properties and surface topographical parameters
Parameters Values Units
Liner material Grey cast iron –
Modulus elasticity of liner material 92.3 GPa
Poisson ratio for liner material 0.211 –
Density for liner material 7,200 kg/m3
Thermal conductivity for liner material 55 W/m K
Specific heat capacity for liner material 460 J/kg K
Ring material Steel SAE 9254 –
Modulus elasticity of ring material 203 GPa
Poisson ratio for ring material 0.3 –
Roughness parameter ðfjrÞ 0.04 –
Measure of asperity gradient ðr=jÞ 0.001 –
Density for ring material 7,700 kg/m3
Thermal conductivity for ring material 25 W/m K
Specific heat capacity for ring material 460 J/kg K
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F5=2ðkÞ ¼ 0:0046k5 þ 0:0574k4  0:2958k3 þ 0:7844k2
 1:0776kþ 0:6167
ð28Þ
Table 3 lists the material properties as well as the surface
topographical parameters for both the compression ring
and the liner samples used in this analysis.
3.8 Conjunctional Friction
At any instant of time, viscous shear of a film of lubricant,
h, is obtained as [1]
s~¼  h
2
rp  DV~ g
h

 ð29Þ
If this shear stress is below the limiting Eyring [33] shear
stress of the lubricant used, s0 ¼ 2 MPa (in this case), then
the lubricant follows a Newtonian shear behaviour and
friction is obtained as fv ¼ sA, where A ¼ 2pr0b is the
apparent contact area.
Under the mixed elastohydrodynamic analysis and at
high shear, the lubricant film is usually quite thin and
subject to non-Newtonian traction ðs[ s0Þ at the tip of
asperities [1]. The total friction is, therefore, a summation
of viscous shear of the lubricant and boundary contribution
due to asperity interactions on the contiguous surfaces:
ft ¼ fv þ fb ð30Þ
The boundary friction is obtained as [34]
fb ¼ s0Aa þ lWa ð31Þ
where l is the pressure coefficient for boundary shear
strength of asperities on the softer counterface. A value of
l ¼ 0:17 for ferrous-based surfaces was chosen. In
addition, the cumulative area of asperity tips, Aa, is
found as [34]
Aa ¼ p2ðfjrÞ2
ffiffiffi
r
j
r
AF2ðkÞ ð32Þ
where F2ðkÞ is a function representative of the Gaussian
distribution of asperities in terms of k (the Stribeck oil film
parameter) [5]:
F2ðkÞ ¼ 0:0018k5 þ 0:0281k4  0:1728k3 þ 0:5258k2
 0:8043kþ 0:5003
ð33Þ
The viscous friction force, fv, is obtained as:
fv ¼ sðA  AaÞ ð34Þ
The total power loss from ring–bore conjunction is because
of both viscous and boundary contributions to the overall
friction. The power loss due to boundary friction is:
Pfb ¼ fbU ð35Þ
Therefore, the total friction loss is Pf ¼ Pfb þ Pfv.
4 Solution Procedure
A 2D simulation model is developed using the CFD
package FLUENT 14.0. The pre-processor ANSYS Design
Modeller and Meshing is used for the grid generation. The
geometrical nature of the problem examined here (the film
thickness is very small compared with bore radius) imposes
the use of only quadrilateral cells. After conducting a grid
sensitivity test on the accuracy of predictions, forty divi-
sions were employed across the film thickness and 1,500
divisions along the ring face width, thus a mesh of 60,000
cells. Calculation of Reynolds number for the studied
conditions showed that the flow is well within the laminar
region. The operating pressure and vaporisation (cavita-
tion) pressure are set to the atmospheric pressure of
101.3 kPa.
Pressure inlet and outlet boundary conditions are used
for the leading and trailing edges of the ring/liner contact.
Therefore, when the piston undergoes upstroke motion, the
inlet pressure is that of the combustion chamber as given in
Fig. 5, whilst at the exit, the crank-case pressure is
assumed, which also is assumed to be the atmospheric
pressure. On the other hand, for the down-stroke sense of
the piston, the inlet pressure is set to that of the crank-case
(atmospheric) pressure, whilst the outlet pressure is that of
the combustion chamber. The chamber (combustion)
pressure varies with engine stroke, speed and throttle
demand. Figure 5 shows the in-cylinder pressure for the
engine speeds of 1,500 and 6,000 rpm with 63 % throttle.
The pressure-based mixture model [35] is chosen for the
present CFD analysis. The velocity–pressure coupling is
treated using the SIMPLE algorithm, and the second-order
upwind scheme is used for the momentum to reduce the
discretisation-induced errors in the calculations. For greater
accuracy, a value of 10-6 is used for all residual terms.
For solution of Elrod’s cavitation model an analytical
method, originally described by Sawicki and Yu [36] is
employed. However, the method is modified to include the
variations of viscosity and density/bulk modulus with
pressure and temperature, using the equations given in
Sect. 3.5. Once the pressure distribution is obtained either
from CFD analysis or the Elrod’s method, it is integrated
over the contact area to obtain the hydrodynamic reaction
(see Eq. (5)).
The solution procedure is as follows:
Step 1: At a given crank angle, calculate the total force
exerted on the ring due to combustion gas pressure and ring
elastic force [Eqs. (3) and (4)].
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Step 2: Assuming an initial value for the minimum film
thickness, lubricant film temperature and pressure distri-
bution, and the lubricant bulk rheological properties are
calculated. In addition, an initial value for the ring surface
temperature is assumed.
Step 3: The contact pressure distribution is obtained
using two-phase flow CFD analysis described in Sects. 3.1
and 3.2, or the Elrod’s cavitation model described in Sect.
3.3.
Step 4: The predicted pressures are used to update the
rheological properties, and Step 3 is repeated until the
pressure in the Elrod’s method in two successive iteration
steps remains within the stated convergence criterion. It is
noted that in the CFD approach, the lubricant rheological
properties are updated internally for the generated pressure
and temperature distributions as the solution proceeds. In
addition, using the heat partitioning model described in
Sect. 3.6, the rise in the ring surface temperature is also
calculated.
Step 5: The load carried by asperities is calculated using
Eq. (26).
Step 6: The pressure distribution is used to obtain the
hydrodynamic reaction. Since the method of solution is
quasi-static, this conjunctional reaction together with the
load carried by asperities should support the total applied
load exerted by the gas and ring elastic forces at each crank
angle. The quasi-static balance of applied forces on the ring
is sought through:
Errload ¼ FðuÞ  WðuÞj j
FðuÞ 	 1:0  10
3 ð36Þ
where Errload is the error in the load balance condition. If
this criterion is not met, then the minimum film thickness is
updated using the following equation:
hnm ¼ ð1 þ d XÞhom ð37Þ
where X is an adjusting parameter, X ¼ FðuÞ  W
ðuÞ=maxfFðuÞ;WðuÞg. Superscripts n and o denote new
and old steps in the iteration process. A damping coefficient
d ¼ 0:05 is used to achieve faster load convergence, whilst
maintaining numerical stability. It is noted that the ‘dynamic
mesh’ concept [37] is employed for variations in the mini-
mum film thickness in the CFD analysis. In this method, the
corresponding user-defined function (UDF) determines the
desired position of the ring using the dynamic mesh tech-
nique. To achieve this, a smoothing mesh method is used
with a convergence tolerance of 10-5
With a new value for the minimum film thickness, the
Steps 2–6 are repeated until the convergence criterion in
Step 6 is met.
Step 7: Calculate the corresponding viscous and
boundary friction contributions, and hence the total fric-
tion, using Eqs. (34), (31) and (30). Then, proceed to the
next crank angle, repeating all the above steps.
5 Results and Discussion
5.1 Pressure Distributions in Isothermal Condition
As the first step, it would be interesting to note the validity of
the CFD approach developed here. A good comparison can be
made with the Elrod’s approach, which is traditionally used
Fig. 5 Variation of chamber
pressure with crank angle for
engine speeds of 1,500 and
6,000 rpm
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for such tribological contacts. Furthermore, an isothermal
analysis somewhat simplifies the problem.
Figures 6, 7 and 8 present the results for axial pressure
profiles along the ring face width at crank angles: ±1,
±21 and ±90 under assumed isothermal conditions. The
predictions are made by two different methods: (I) two-
phase flow Navier–Stokes equations and (II) the Elrod’s
modified approach to Reynolds equation. Good agreement
is observed in all cases. Note that the crank angle of 0
corresponds to the position of TDC in transition from the
compression to the power stroke. The region bounded by
the crank angles ±1 corresponds to quite low speeds of
entraining motion of the lubricant. Inlet reversals can be
noted as the piston sense of motion alters (Fig. 6a, b).
Figure 7b corresponds to the detonation point, where the
maximum combustion pressure occurs. The differences
between the two methods of analysis emerge in Figs. 7a,
and 8a, b. These correspond to relatively lightly loaded
contact conditions with higher speeds of entraining motion
of the lubricant into the conjunction. These differences are
Fig. 6 Pressure distribution
along the ring face width (x-
direction) for a u ¼ 1
and
b u ¼ þ1
, at engine speed of
1,500 rpm
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as the result of outlet boundary conditions, which are
clearly based on the film rupture point, beyond which
cavitation region occurs. With the Elrod’s approach, there
are prescribed contact outlet boundary conditions, which
are based on the value of film ratio n\1. The CFD
approach is based on open boundary condition (i.e. there is
no prescriptive outlet boundary condition for the lubricant
film rupture location). Since lightly loaded conditions with
higher lubricant entraining velocity (in cases of u ¼ 90
,
mid-span piston position) lead to film rupture and cavita-
tion, any prescriptive outlet conditions may be regarded as
somewhat artificial. The difference is more significant in
terms of friction than pressure distribution (see later).
5.2 Minimum Lubricant Film Thickness
The key parameter predicted by the lubrication model is
the cyclic variation in minimum film thickness. There is
clearly a direct correlation between film thickness and
friction. Therefore, it is particularly important to investi-
gate parts of engine cycle where the film thickness is
insufficient to guard against direct surface interactions.
Fig. 7 Pressure distribution
along the ring face width (x-
direction) for a u ¼ 21

(compression stroke prior to
TDC) and b u ¼ þ21

(detonation in power stroke), at
engine speed of 1,500 rpm
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Figure 9 shows the CFD-predicted minimum film thickness
variation for the parabolic ring profile at the engine speed
of 1,500 rpm in comparison with that predicted by the
Elrod’s model, both under assumed isothermal conditions.
The results of these analyses are quite close. Both solutions
exhibit the expected characteristic shape of the curve with
instances of thin films occurring around the dead centre
reversals, where the lubricant entrainment velocity is
negligible. Sufficient film thickness exists at the mid-stroke
positions, where there is adequate entrainment velocity.
The thickness of lubricant film is generally thinner during
the power stroke owing to the higher gas loading of the
ring. The figure also includes the CFD-predicted minimum
film thickness variations for thermal condition at the same
engine speed. With thermal effects taken into account, the
film thickness is considerably reduced and the ring–bore
conjunction resides in mixed or boundary regimes of
lubrication for a significant proportion of the engine cycle.
Fig. 8 Pressure distribution
along the ring face width (x-
direction) for a u ¼ 90
 (mid-
compression stroke) and
b u ¼ þ90
 (mid-power
stroke), at engine speed of
1,500 rpm
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This is a more realistic result with regard to observed and
measured friction, for instance by Furuhama and Sasaki
[38] and Gore et al. [39]. Therefore, the significant dif-
ferences between isothermal and thermal analyses shown
by Gosh and Gupta [40] is justified, but not often noted in
much of the reported studies.
5.3 Prediction of Friction
Piston-cylinder friction is a dominant source of parasitic
mechanical losses in IC engines, accounting for nearly 9 %
of the input fuel energy expended [41]. Therefore, one of
the overriding industrial objectives is to predict frictional
losses from all the conjunctions of the piston-cylinder
system. Figure 10 shows the CFD-predicted friction com-
pared with the experimental measurements by Furuhama
and Sasaki [38] from a 2-cylinder rig made from an
8-cylinder Chevrolet engine running at the engine speed of
1,200 rpm. The other predictions in the figure are those by
Mishra et al. [12]. The CFD predictions conform well to
the experimental results and are an improvement upon
those of Mishra et al. [12] which are isothermal and use
Reynolds equation with Swift–Stieber exit boundary con-
dition for the hydrodynamic contribution. The agreement is
particularly striking for the power stroke and for the later
stages of the compression stroke. There are some differ-
ences at mid-span in the power stroke. There seems to be
more boundary interactions in the experimental results.
Fig. 9 Minimum film thickness
at engine speeds of 1,500 rpm
Fig. 10 Comparison of current
work with experimental
measurements for friction force
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This may well be because of bore out of roundness, thus
some reduced clearance, which would be expected of all
cylinder bores in practice. However, such data are not
provided in [38]. The current analysis assumes a right
circular cylindrical bore with circumferentially conforming
ring–bore contact.
Comparison of friction forces for isothermal and thermal
cases is demonstrated in Fig. 11. Note that the isothermal
analysis would be representative of cold steady-state con-
dition, for example, similar to those at low engine speed
emission tests defined by the NEDC (New European Drive
Cycle) [42], where the lubricant viscosity used in the analysis
Fig. 11 Predicted friction under isothermal and thermal conditions with CFD and Elrod-type analyses
Fig. 12 Changes of vapour volume fraction into the depth of the lubricant film at the crank angle position 90 at the engine speed 6,000 rpm
(cavitation zone, x = 0.2 mm)
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corresponds to the temperature of 40 C. Various regions of
predicted engine cycle frictional characteristics are marked
on the figure. Under isothermal (cold engine condition)
viscous, friction is generally higher because of a higher
lubricant viscosity. Furthermore, the dominant source of
viscous shear is Couette flow, which follows the piston
sliding speed [second term in Eq. (29)]. The exception is the
region in transition from compression to the power stroke
and extending past the detonation point. Under cold engine
condition, it can be seen that the pure proportionality
sv / Uis lost in this region, because there is significant
pressure loading of the ring conjunction (combustion curves
in Fig. 5). In this region, lubricant action is dominated by
Poiseuille shear [the first term in Eq. (29)].
The important point to note is that viscous friction, in
general, is lower in the thermal case due to reduced
lubricant viscosity. However, at the dead centre reversals,
because of low entraining velocity, the film thickness is
significantly reduced (Fig. 9), which leads to boundary
interactions in the case of thermal case. This can be rep-
resentative of hot steady-state portion of the NEDC emis-
sion cycle [42]. The sharp rise rate in friction
characteristics at dead centre reversals, due to mixed or
boundary regime of lubrication, is also marked on Fig. 11.
In particular, the results show that friction at TDC reversal
in transition from compression to the power stroke corre-
sponds to a significant proportional of all cyclic frictional
losses.
5.4 Fluid Properties and Flow Parameters Changes
Along Depth of Film
Predictive methods based on Reynolds equation with
appropriate boundary conditions, for example that of Elrod
[16] or Sawicki and Yu [36], determine lubricant film
rupture and reformation boundaries (Fig. 1). The cavitation
Fig. 13 The changes in
lubricant viscosity (a) and
density (b) into the depth of the
lubricant film at the crank angle
of 90 and engine speed of
6,000 rpm (full film region,
x = -0.1 mm)
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region is regarded to be contained within the contact zone,
where n\1. However, as Reynolds equation assumes no
pressure gradient through the thickness of the lubricant film
due to its thinness (i.e. dp/dz = 0), there is no prediction of
disposition of the fluid phases. The use of Navier–Stokes
equations with Rayleigh–Plesset equation and analytical
control-volume thermal model, described here, enables the
presence of fluid phases to be surmised according to void
fraction as shown in Fig. 12, in this case at the engine
speed of 6,000 rpm and at crank angle of 90. The choice
of these conditions is because at higher piston sliding
velocity and relatively lighter contact load, a larger varia-
tion in fluid volume fraction results in the cavitation region
as shown in Fig. 12. With the Reynolds-based approaches,
there is no significant contribution to friction nor to the
contact load carrying capacity as the cavitation region is
assumed to remain under atmospheric conditions. In the
Navier–Stokes equations, there exists some contribution
due to the presence of a volume of liquid lubricant.
Unlike other models, in the current CFD approach, all
operating and lubricant rheological parameters alter with
the depth of the lubricant film. The changes of lubricant
properties and flow parameters in the z direction (film
depth) for crank angle 90 at engine speed 6,000 rpm, in
high-pressure zone (region of full film, x ¼ 0:1 mm), are
plotted in Figs. 13 and 14. The parametric variations show
that the flow of lubricant through the contact may be
viewed as layered streamlines at different rheological
states. This means that in practice, there would be internal
friction and load carrying capacity contained within the
streamlined flow, which would be more realistic than the
idealised conditions belying Reynolds equation.
6 Conclusions
A new thermo-mixed hydrodynamic analysis method to
study transient conditions in piston compression ring–
Fig. 14 Changes in lubricant
pressure (a) and temperature
(b) into the depth of the
lubricant film at the crank angle
of 90 and engine speed of
6,000 rpm (full film region,
x = -0.1 mm)
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cylinder liner conjunction is presented. The method makes
use of Navier–Stokes equations, combined with Rayleigh–
Plesset equation and analytical control-volume thermal
model. It also incorporates the Greenwood and Tripp
method to take into account the effect of asperity interac-
tions in the region of thin films. This approach has not
hitherto been reported in the literature and highlights some
important findings, when compared with the traditional
approaches, such as Elrod’s modification to Reynolds
equation, based on the JFO boundary conditions.
Firstly, the lubricant flow may be envisaged as stream-
lined flow with variable layered potential energy contrib-
uting to load carrying capacity and internal friction. The
layered characteristic flow leads to regions with varied
volume fraction of vapour in the cavitation region of the
contact. The exact disposition of vapour cavities in the
form of bubbles and their flow dynamics would constitute
the use of Lagrange–Euler method for discrete phases in
the future extension of the current research.
Secondly, the results show that except at dead centre piston
reversals, the underlying mechanism for friction is through
viscous shear of the lubricant. This implies that reduced vis-
cosity of the lubricant would be beneficial in reducing friction,
if an alternative palliative measure can be identified to reduce
the effect of boundary friction at piston TDC reversal partic-
ularly in transition from compression to power stroke. How-
ever, reducing lubricant viscosity cannot be accommodated
because the same engine oil flows through the higher load
intensity contacts such as the cam–follower pair, where high
loads necessitate use of lubricants which have sufficient load
carrying capacity, that is, high viscosity. Palliative action at
the TDC may be achieved through fabrication of surface
textured reservoirs as shown by Rahnejat et al. [43] and Ryk
and Etsion [44]. However, this action may lead to oil loss and
lubricant degradation in fully flooded parts of the engine
cycle. The current analysis indicates that in the lightly loaded
parts of the engine cycle at high sliding speeds, regions of
cavitation may occupy these intended textured reservoirs and
reduce the load carrying capacity of the contact. Further
investigation of these effective micro-bearing would be
required with the approach expounded in the current analysis.
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Prediction of load capacity and friction depends on the assumed boundary conditions. The inlet
comprises swirl and counter flows, admitting only a portion of the inward flow into the conjunctional
gap. At the contact exit, the lubricant film ruptures with multi-phase flow through a cavitation region.
Therefore, the boundary conditions affect the load carrying capacity and friction. A Navier–Stokes
solution of multi-phase flow, including vapour transport is presented, with determined realistic
boundary conditions.
The evaluated boundaries agree with potential flow analysis satisfying compatibility conditions, not
hitherto reported in literature. The investigation is extended to the determination of optimum
compression ring contacting geometry.
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1. Introduction
The main function of the compression ring in the piston-ring pack
is to seal the combustion chamber. This reduces low-by, lubricant
degradation and power loss. Effective sealing prevents the high-
pressure gases escaping from the combustion chamber as well as
lubricant leakage into it. Therefore, sealing is critical for improved
efficiency and reduced emissions. However, ideal sealing yields a
diminished ring-cylinder liner conjunctional gap, which worsens
friction [1]. Piston assembly accounts for approximately 35–45% of all
the internal combustion engine frictional losses [2]. The top com-
pression ring's contribution is nearly 30% of these losses, which
translates to 2–3% of the fuel energy consumption. Therefore, it is
essential to strike a balance between good sealing function and low
friction. To gain a good insight into the interplay between sealing,
load carrying capacity and frictional characteristics of the piston ring
conjunctional gap, a plethora of issues need to be addressed, making
for very complex and time intensive numerical analysis. These issues
include physical non-conformity of an elastic ring (subject to modal
elastodynamic behaviour: in its radial plane [3] as well as axially out-
of-plane such as ring flutter [4]) with the cylinder bore, which in
reality is not an idealised right circular cylinder, either radially or in
its axial profile [5]. The non-conformity leads to loss of sealing and
blow-by as well as oil loss and cavitation in diverging gaps. Most
analyses disregard circumferential non-conformity of ring-bore con-
junctional gap as this would depend on the engine cylinder config-
uration. This approach, although idealistic, yields a generic-type
solution. It also leads to a one dimensional solution for ring-bore
conjunctional gap in the axial direction of the ring (i.e. along the
ring's contacting face-width profile).
An important consideration is the use of realistic boundary
conditions. In most hydrodynamic analyses a fully-flooded
(drowned) inlet boundary is assumed, again to keep within a generic
approach. However, it is clear, through observation of wear as well
as in situ measurements of friction using floating liner methods [6–
8] that an insufficient supply of lubricant exists in parts of the piston
cycle. In the upstroke motion of the piston, the inlet to the top
compression ring conjunctional gap resides within the combustion
chamber. There would unlikely be a sufficient supply of lubricant in
such instances to assume a fully flooded inlet. In fact, it is shown
that mixed or boundary regime of lubrication is prevalent at
instances of contact reversal by many numerical predictions [9–10]
and experimental measurements of friction [6–8]. Therefore, deter-
mination of appropriate inlet boundary conditions, leading to
contact starvation is essential for realistic prediction of prevailing
tribological conditions. The same is also true of contact outlet
boundary conditions, where the falling pressures in a diverging
gap result in lubricant film rupture in the presence of retarding
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friction, which also causes cavitation. The effect of cavitation was
studied by Chong et al. [11], who used Elrod's approximation [12]
to the Jakobsson and Floberg [13] and Olsson [14] (JFO) cavitation
boundary conditions. Other general cavitation algorithms, taking
into account the effect of lubricant compressibility, arising from
conjunctional geometry or surface topography, whilst upholding
the conservation of mass flow have also been reported [15].
Chong et al. [11] showed that cavitation reduces the lubricant
availability at the Top Dead Centre (TDC) reversal, thus causing a
starved contact in parts of the power stroke in the vicinity of the
TDC. With the Elrod algorithm, the continuity of Couette flow is
only assured, whilst the usually assumed Swift–Stieber outlet
boundary condition does not embody the principle of conserva-
tion of mass flow. Therefore, in order to accurately determine the
position of film rupture at the exit boundary condition, the
principle of conservation of mass flow would necessitate the
solution of Navier–Stokes equations. This was the approach
undertaken by Shahmohamadi et al. [16] who provided a com-
bined solution of Navier–Stokes and energy equations for the
ring-bore contact with an assumed fully flooded inlet. No
lubricant outlet boundary conditions were imposed. This is the
approach also undertaken in the current paper, also taking into
account the vapour transport equation and the Rayleigh–Plesset
void fraction. Additionally, only pressure boundary conditions are
imposed, instead of those based on lubricant availability such as a
fully flooded inlet. This expounded approach, not hitherto
reported in literature, is more realistic and without artificially
imposed lubricant flow conditions. In practice observation of flow
at the boundary points has shown some reverse flow, which is
dependent upon surface velocities of the contiguous solids as
well as thermal conditions. An analytical approach was pre-
sented by Tipei [17], based on potential flow, surface velocities
and compatability conditions to replicate the observations for
the case of rolling contacts. Recently, analysis of rolling circular
point contact by Mohammadpour et al. [18] using Tipei's
boundary conditions showed very good agreement with the
experimental work initially reported by Johns-Rahnejat and
Gohar [19]. Therefore, additionally this paper extends the
approach of Tipei [17] to the case of sliding contact of compres-
sion ring along the cylinder liner to establish the validity of
potential flow analysis at boundary points against the full
Navier–Stokes solution.
Nomenclature
A apparent contact area
Aa asperity contact area
b ring axial face-width
c maximum crown height of ring
d ring thickness
E1 Young's modulus of elasticity of the ring
E2 Young's modulus of elasticity of the liner
E0 equivalent (reduced) modulus of elasticity
f b boundary friction
f mass vapour mass function
f t total friction
f v viscous friction
FT ring tension force
FG combustion gas force
F2; F5=2 statistical functions
g ring end gap
h elastic film shape
hs ring axial profile
I ring cross-sectional second area moment of inertia
k speed ratio
l connecting rod length
L ring peripheral length
Pf frictional power loss
p absolute pressure
patm atmospheric pressure
psat liquid saturation vaporisation pressure
pL ring lower edge pressure
pU ring upper edge pressure
pe elastic pressure
pg gas pressure
ph hydrodynamic pressure
r crank-pin radius
r0 nominal bore radius
Rc ,Re transfer source terms related to the growth and
collapse of the vapour bubbles
t time
ΔU ring sliding velocity
U1; U2 surface velocities of contacting bodies
V
!
velocity vector
V
,
υ velocity vector of the vapour phase
W contact load
Wa load share of asperities
Wh load carried by the lubricant film
x axial position along ring face width
xc oil film rupture point
Z pressure–viscosity index
Greek symbols
α0 pressure–viscosity coefficient
β0 temperature–viscosity coefficient
φ crank angle
λ Stribeck's oil film parameter
ζ number of asperity peaks per unit contact area
η lubricant dynamic viscosity
η0 lubricant dynamic viscosity at atmospheric pressure
κ average asperity tip radius
λ Stribeck's oil film parameter
λ' pressure-induced shear coefficient
ϑi ratio of the film thickness at the stagnation point to
the central film thickness
ϑe ratio of the film thickness at the rupture point to the
central film thickness
ν1 Poisson's ratio of the ring material
ν2 Poisson's ratio of the liner material
ρ lubricant density
ρ0 lubricant density at atmospheric pressure
ρm mixture density
ρv vapour density
σr liner surface roughness
σl ring surface roughness
σRMS root mean square roughness of the counterface:
σRMS ¼ σrþσl
τ shear stress
τL limiting shear stress
τL0 limiting shear stress at atmospheric pressure
Γ diffusion coefficient
ω engine rotational speed
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2. Physics of the problem
Fig. 1 shows the schematics of ring-liner conjunctional gap
along the axial face-width of the ring. The ring subject to this
analysis is a steel barrel faced rectangular ring1, where the profile
of the ring, hsðxÞ is assumed to be parabolic:
hsðxÞ ¼ cx
2
ðb=2Þ2
ð1Þ
where, c is the crown height of the ring and b is its face-width.
In this paper good conformance of the ring to the liner surface
is assumed in the circumferential direction of the bore. Therefore,
the problem is simplified to a one dimensional contact, which is
valid for ring-bore contact of bore diameter-to-ring face-width
ratio: 2πr0=bZ30 as shown by Haddad and Tian [20], which is
applicable to the engine studied here. The studied engine is a high
performance V12 4-stroke naturally aspirated engine. The general
data for the studied engine is provided in Table 1.
It is assumed that the ring does not undergo any relative
motion with respect to the retaining groove. In practice, the ring
may be subject to axial motion termed as ring flutter [5]. The
piston sliding velocity is [21]:
ΔUðφÞ ¼ rω sin ϕ 1þ cos φ l
r
 2
 sin 2φ
" #128><
>:
9>=
>; ð2Þ
where φ is the crank-angle, l is the connecting rod length, r the crank
pin radius and ω is the engine rotational speed. ΔU ¼ U2U1 ¼U2
is the sliding velocity of the ring relative to the stationary liner:
U1 ¼ 0.
The forces acting on the ring are considered as those in its
radial plane. The ring is subjected to two outward forces: ring
elastic tension force FT and the gas forceFG, acting on the inner rim
of the ring. These forces conform the ring to the bore surface.
Therefore, total outward force (towards the liner interface), acting
on the ring is:
F ¼ FTþFG ð3Þ
The ring tension force, FT , is obtained as [22]:
FT ¼ pebr0 where pe ¼
gEI
3πbr40
 !
ð4Þ
where, pe is the elastic pressure, r0 is the bore nominal radius and
g is the ring end gap in its free (unfitted) state. The gas force acting
on the back of the ring varies according to the chamber pressure in
an engine cycle, thus:
FGðφÞ ¼ 2πbr0pgðφÞ ð5Þ
The value of the gas pressure can be obtained through an
appropriate blow-by analysis. In the current analysis the gas
pressure is assumed to be equal to the in-cylinder pressure.
The outward radial forces (i.e. ring elastic tension and the gas
force) are supported by the hydrodynamic reaction and the share of
load carried by any interacting asperities. This is often the load shared
by a small portion of asperities on the opposing surfaces. Thus, the
instantaneous contact load is determined as WðφÞ ¼WaðφÞþWhðφÞ,
where the hydrodynamic reaction is the integrated lubricant pressure
distribution as follows:
WhðϕÞ ¼ 2πr0
Z b
0
phðϕÞdx dy ð6Þ
As shown in Fig. 1, in general, there are three conjunctions regions:
(i) full film, (ii) film rupture and cavitation, and (iii) lubricant film
reformation. A suitable two-phase flow model needs to be employed
alongside the Navier–Stokes equations. This should take the form of
vapour transport equation.
The share of load carried by the interacting asperities on the
contiguous solid surfaces is obtained as [23]:
Wa ¼ 16
ffiffiffi
2
p
15
πðζκσÞ2
ffiffiffi
σ
κ
r
EnAF5=2ðλÞ ð7Þ
The dimensionless group ζκσ is known as the Tabor's roughness
parameter, whilst σ=κ is a measure of a typical asperity slope [1].
These can be obtained through topographical measurements. En is
the composite effective modulus of elasticity:
1
En
¼ 1ν1
2
E1
þ1ν2
2
E2
ð8Þ
where ν1 and ν2 are the Poisson's ratios, and E1 and E2 the moduli
of elasticity for the materials of bounding solid surfaces. The
statistical function F5=2ðλÞ is introduced to match the assumed
Gaussian distribution of asperities as a function of the Stribeck oil
film parameter, λ¼ h=σ. Using a fifth-order polynomial curve fit
this statistical function can be described as follows:
F5=2ðλÞ ¼ 0:0046λ5þ0:0574λ40:2958λ3þ0:7844λ2
1:0776λþ0:6167 ð9Þ
Fig. 1. Schematics of piston ring-liner conjunctional gap.
1 Internal combustion engines – Piston rings – Part 2: Rectangular rings made
of steel should comply withISO 6622-2:2003
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Table 2 lists the materials' properties as well as the surface
topographical parameters for both the compression ring and the
cylinder liner.
3. Numerical model
3.1. General Navier–Stokes equation
The continuity and Navier–Stokes momentum equations for
compressible viscous fluid flow are [24] as follows:
Dρ
Dt
þρ∇:V!¼ 0 ð10Þ
ρ
DV
!
Dt
¼ ∇pþ∇:ðτijÞþ F
! ð11Þ
where D=Dt is the covariant derivative operator, ρ is the lubricant
density, p is pressure, τij is the viscous stress tensor and F
!
is the
body force field vector. V
!¼ Ui^þVj^þWk^ is the velocity vector in
which U is the component of velocity in the direction of axial
lubricant entrainment, V is that in the side-leakage direction; along
the y-axis (which may reasonably be discarded as there is negligible
side-leakage in the thin film ring-bore conjunctional gap), and W is
that in the direction of lubricant thickness. The viscous stress tensor
is as follows:
τij ¼ η
∂Ui
∂xj
þ∂Uj
∂xi
δij
2
3
∇:V
!  ð12Þ
where η is the local lubricant dynamic viscosity and δij is the
Kronecher delta. One possibility in a CFD model is to evaluate fluid
viscosity as a function of pressure along the liner and into the depth
of the lubricant film. The latter is neglected in the conventional
hydrodynamic lubrication approach using Reynolds equation, where:
p= z¼ 0.
3.2. Cavitation model – vapour mass fraction and vapour transport
equations
With cavitation, the liquid–vapour mass transfer (evaporation and
condensation) is governed by the vapour transport equation as [25]:
∂
∂t
ðαvρvÞþ∇:ðαvρvV
,
υÞ ¼ ReRc ð13Þ
where ρv is the vapour density, V
,
υ is the velocity vector of the
vapour phase, Re and Rc are mass transfer source terms related to
the growth and collapse of vapour bubbles. The growth and collapse
of a bubble cluster is modelled based on the Rayleigh–Plesset
equation, describing the growth of a single vapour bubble in a
liquid. This provides the rate equation, controlling vapour genera-
tion and condensation. Singhal et al. [26] assumed that a working
fluid is a mixture of liquid and vapour and introduced a modified
form of the above equation, based upon the vapour mass fraction,
f mass as follows:
∂
∂t
ðρmf massÞþ∇:ðρmV
,
υf massÞ ¼∇:ðΓ∇f massÞþReRc ð14Þ
where ρm is the mixture density and Γ is the diffusion coefficient.
The mass transfer rate expressions are derived from the Rayleigh–
Plesset equations. The cavitation bubble size should be confined for
the diminutive tribological conjunctions. This is based upon the
limiting bubble size considerations (i.e. interfacial surface area per
unit volume of vapour). The rates for formation/growth and
collapse of cavitation bubbles are functions of the instantaneous
local pressure and are given by:
Re ¼ Ce
Vch
σs
ρlρυ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðpsatpÞ
3ρl
s
ð1 f massÞ; for popsat ð15Þ
Rc ¼ Cc
Vch
σs
ρlρυ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðppsatÞ
3ρl
s
f mass; for p4psat ð16Þ
where the suffices l and υ denote the liquid and vapour phases
respectively, Vch is the characteristic velocity, σs is the surface tension
coefficient of the lubricant, psat is the liquid saturation vaporisation
pressure at a given temperature and Ce and Cc are empirical
constants, considered to be 0.02 and 0.01 respectively [26].
3.3. Lubricant rheology
The lubricant bulk rheological properties including density and
viscosity are affected by pressure. The density–pressure relation-
ship is [27]
ρ¼ ρ0 1þ
0:6 109 ppatm
 
1þ1:7 109 ppatm
 
" #
10:65 103 TT0ð Þ
h i
ð17Þ
Using an analytical control volume thermal mixing model Morris
et al. [28] showed that the lubricant temperature in the compres-
sion ring-liner conjunctional gap closely follows that of the
Table 1
Engine data.
Parameters Values Units
Crank-pin radius, r 39.75 mm
Connecting rod length, l 138.1 mm
Bore radius, r0 44.5 mm
Ring crown height, c 10 mm
Ring axial face-width, b 1.15 mm
Ring radial width, d 3.5 mm
Ring free gap, g 10.5 mm
Table 2
Material properties and surface topographical parameters.
Parameters Values Units
Liner material Grey cast irona –
Modulus elasticity of liner material 92:3 GPa
Poisson ratio for liner material 0:211 –
Density for liner material 7200 kg/m3
Ring material Steel SAE 9254b –
Modulus elasticity of ring material 203 GPa
Poisson ratio for ring material 0:3 –
Roughness parameter ðζκσÞ 0:04 –
Measure of asperity gradient ðσ=κÞ 0:001 –
Density for ring material 7700 kg/m3
a Centrifugal cast iron to ASTM-A 48, Class 30/DIN 1691 GG 30 standard.
b The ring has face coating of Chromium. The coating and slight back chamfer
have known effects on ring tension and force correction factors, not taken into
account in the current analysis. Back chamfers have a subtle, but important effect
on the gas sealing of the ring against the groove.
Table 3
Lubricant properties in atmospheric pressure and 40 ○C.
Parameters Values Units
Lubricant viscosity, η0 0:05 Pa s
Lubricant density, ρ0 833 kg/m
3
α0 1 108 Pa1
β0 0.004 K1
Atmospheric limiting shear stress (τL0) 2.3 MPa
Pressure-induced shear coefficient (λ') 0.047 -
Average liner temperature for fired engine condition, T 160 1C
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cylinder liner, with generated heat due to viscous shear heating of
the lubricant in passage through the contact only accounting for
less than 2%. Therefore, in the current analysis the average
temperature of the liner, T is used (see Table 3). This temperature
was measured directly from a fired engine. T0 is considered to be
the bulk oil sump temperature. Hence, no solution of energy
equation was deemed necessary.
In the current analysis the measured average temperature of the
lubricant (grade 5W30) is used for the vaporisation pressure. In
practice the vaporisation pressure alters with lubricant temperature
which in turn varies with the liner temperature as noted above.
The lubricant viscosity–pressure and temperature dependence
is given as follows [29]:
η¼ η0 exp ln η0þ9:67
 
 1þ 1þ5:1 109 ppatm
  	z0 T138
T0138
  s0
 
ð18Þ
where
z0 ¼
p0
5:1 109 ln η0þ9:67
  and s0 ¼ β0 T0138ð Þln η0þ9:67  ð19Þ
where α0 is the viscosity–pressure coefficient and β0 is the
viscosity–temperature coefficient. Details of lubricant rheological
parameters are given in Table 3.
3.4. Boundary conditions
Fig. 2 shows the computation domain with the boundary
surfaces being that of the ring and the liner. The boundary
conditions are also indicated in the figure. The ring surface is
subject to the sliding velocity U2, whilst that of the liner is
stationary. Furthermore, it is assumed that the lubricant adheres
to the boundary solid surfaces (i.e. no slip boundary condition).
As it can be seen the pressure inlet and outlet boundary
conditions are used for the lower and upper edges of the ring/
liner contact as follows:
phðb=2Þ ¼ pL
phðþb=2Þ ¼ pU
phðxcÞ ¼ psat
8><
>: ð20Þ
Therefore, when the piston undergoes its upstroke motion, the
inlet pressure is that of the combustion chamber shown in Fig. 3,
whilst at the exit the crank-case pressure is assumed to be the
atmospheric pressure. On the other hand, for the down-stroke
sense of the piston, the inlet pressure is set to that of the crank-
case (atmospheric) pressure, whilst the outlet pressure is that of
the combustion chamber. The chamber pressure varies with the
engine stroke, speed and throttle demand. Fig. 3 shows the
measured in-cylinder pressure by a plug-type Kistler pressure
transducer for the engine speed of 1500 rpm at 63% throttle input.
The cylinder liner has been assumed as the stationary wall with
no-slip boundary condition. On the other hand, the ring is
assumed as the moving wall with no-slip boundary condition.
The engine sump (operation pressure) and cavitation vaporisation
pressure are assumed to be at atmospheric pressure (101.3 kPa) at
all times. No exit boundary condition such as the Swift–Steiber or
Prandtl–Hopkins boundary conditions need to be stated with the
Navier–Stokes approach.
3.5. Solution procedure
A 2D CFD model is developed. A computational mesh is
generated using the ANSYS Design Modeller. The geometrical
nature of the problem examined here imposes the use of only
quadrilateral cells. After conducting a grid sensitivity analysis, 40
divisions were employed across the lubricant film (z-direction)
and 1500 divisions along the ring face-width (x-direction), thus a
mesh of 60,000 computational cells is used. Calculation of Rey-
nolds number for the studied conditions showed that the flow is
well within the laminar region.
A pressure-based mixture multi-phase model [30] is chosen for
the present CFD analysis. No discrete regional control volume(s) of
vapour are defined in such a model, which would require specifi-
cally defined boundary conditions. Instead, the mixture model
provides the void fraction in various regions of the contact. The
velocity–pressure coupling is treated using the SIMPLE algorithm
and the second-order upwind scheme is employed for conservation
of momentum to reduce the discretisation-induced errors in the
calculation process. To achieve better accuracy, an error tolerance
value of 106 is used for all the parametric residual terms.
Once the pressure distribution is obtained from the solution of
Navier–Stokes equations, it is integrated over the contact area to
obtain the hydrodynamic reaction (Eq. (6)).
The following solution procedure is followed:
Step 1: At a given crank angle, φ the total contact load F,
exerted on the ring due to combustion gas pressure and ring
elastic force is calculated (Eq. (3)).
Step 2: Assuming an initial value for the minimum film
thickness (gap size), the lubricant pressure distribution and
its rheological properties are calculated. The contact pressure
Fig. 2. Schematics of the computational domain and boundary conditions.
Fig. 3. Variation of chamber pressure with crank angle for engine speeds of
1500 rpm.
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distribution is obtained using two-phase flow CFD analysis. It is
noted that in the CFD approach the lubricant rheological
properties are updated internally for the generated pressure
and the assumed average contact temperature as the solution
proceeds.
Step 3: The load carried by the asperities is calculated using
Eq. (7). The pressure distribution is used to obtain the hydro-
dynamic reaction (Eq. (6)). Since the method of solution is
quasi-static, this conjunctional reaction together with the
asperity- carried load are assumed to support the total applied
load exerted by the gas pressure and ring elastic force at each
crank angle. The quasi-static balance of applied forces on the
ring is sought through:
Errload ¼
FðφÞWðφÞ
 
FðφÞ r10
3 ð21Þ
If this criterion is not met, then the minimum film thickness is
updated using the following equation:
hnm ¼ ð1þδΧÞhom ð22Þ
where Χ is an adjusting parameter, Χ ¼ FðφÞWðφÞ=max fFðφÞ;
WðφÞg. Superscripts n and o denote new and old steps in the
iteration process. A damping coefficient δ¼ 0:05 is used to achieve
faster load convergence, whilst maintaining numerical stability. It
is noted that the ‘dynamic mesh’ concept [31] is employed for
variations in the minimum film thickness in the CFD analysis.
A smoothing mesh method is used with a convergence tolerance
of 105:
With a new value for the minimum film thickness, the Steps
2 to 3 are repeated until the convergence criterion in Step 3 is met.
4. Analytically determined boundary conditions
Tipei [17] investigated the inlet and outlet boundaries of the
domain in hydrodynamic contacts. He noted that in the inlet zone,
there are swirl flows, where some reverse flow (counter flow)
occurs at the inlet as is also observed in the experimental
observations [32]. This means that only a fraction of the lubricant
at the inlet meniscus is admitted into the contact domain. The
counter flows cease at the stagnation point, where: ∂V
!
=∂z¼ 0 and
V
!¼ 0 (is the normal direction to the conjunction plane). This
condition os known as the Prandtl–Hopkins boundary condition
and defines the zero-reverse flow boundary. Considering the
potential flows in the inlet region, Tipei found the compatibility
condition as follows [17]:
cot2π 121kf ðkÞ
h i
cot2π
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1
21kf ðkÞ
h i2
 2kf ðkÞ
r
¼ cot π 1
2
1k
f ðkÞ 
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1
2
1k
f ðkÞ

 2
 2k
f ðkÞ
s8<
:
9=
;
cot π 1
2
1k
f ðkÞ þ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1
2
1k
f ðkÞ

 2
 2k
f ðkÞ
s8<
:
9=
; ð23Þ
where
k¼U1
U2
ð24Þ
where U1 and U2 are surface velocities of contacting bodies
(cylinder liner and the piston ring respectively). The function f ðkÞ
depends on the pressure gradient at the inlet. The values of f ðkÞ for
the usually encountered cases of the surface velocity ratio k are
listed in Table 4. In the case of the piston ring conjunctional gap,
k¼ 0 and f ðkÞ ¼ 4:
Tipei [17] assumed a similar approach for the determination of
separation boundary at the exit constriction, leading to the deter-
mination of the lubricant film rupture point, using the Prandtl–
Hopkins conditions:
cosh ϑi
cosh ϑe
¼ 1
1
3 ð1þ 2
ffiffi
k
p
1þk Þ
1 f ðkÞ6 1þkð Þ
ð25Þ
113 1þ 2
ffiffi
k
p
1þk
 	h i
tanh ϑe 1þ f ðkÞ6 1þkð Þ
h i
tanhϑi 1 f ðkÞ6 1þkð Þ
h i
cosh ϑi arcsin tanh ϑe
 arcsin tanh ϑi  ¼ 0 ð26Þ
ϑi and ϑe are the ratios of film thickness at the inlet and the exit to
the minimum film thickness respectively. Therefore, after calculat-
ing the parameters from Eqs. (25) and (26) and having the
minimum film thickness and the film shape (Eq. (1)), the distance
of the inlet stagnation and outlet separation points from the centre
of the ring can be found. This assumption agrees well with the
experimental observations of Birkhoff and Hays [32] and Moham-
madpour et al. [16].
Alternatively if instead of the Prandtl–Hopkins boundary con-
dition the Swift–Stieber conditions (∂p=∂z¼ 0 and p¼ 0) is used,
then:
cosh ϑe
cosh ϑi
¼ 1 f ðkÞ
6 1þkð Þ ð27Þ
and
tanh ϑe 1þ f ðkÞ6 1þkð Þ
h i
tanh ϑi 1 f ðkÞ6 1þkð Þ
h i
cosh ϑi
 arcsin tanh ϑe
 arcsin tanh ϑi  ¼ 0 ð28Þ
These two boundary conditions give similar values at the inlet, but
predict different values for the lubricant film rupture points at the
outlet. Later, it is shown that the Prandtl–Hopkins boundary
conditions conform closer to the open exit boundary determined
through two-phase flow solution of Navier–Stokes equations.
5. Determination of generated friction
A friction model is required in order to calculate the parasitic
losses in the conjunction. The total friction comprises two com-
ponents; boundary friction and viscous friction:
f t ¼ f vþ f b ð29Þ
At any instant of time, viscous shear of the lubricant film is
obtained as [1]:
τ!¼ 7h
2
∇pΔV!η
h

 ð30Þ
If the shear stress remains below the limiting shear stress of the
lubricant [33,34], then the calculated value from Eq. (30) is used.
For shear values exceeding the limiting value, which is a property
of lubricant and dependent on pressure, the limiting shear stress
becomes [34]:
τL ¼ τL0þλ'p ð31Þ
Table 4
Calculated values for f ðkÞ.
k f ðkÞ
0 4
0.5 7.8
1 32/3
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The values of the coefficients in the above equation are presented
in Table 3. Then, the viscous friction force is obtained as:
f v ¼ τA; ð32Þ
where A¼ 2πr0b is the apparent contact area.
When the Stribeck oil film parameter, λ¼ h=σr3, a mixed
regime of lubrication is encountered. In this case a non-Newtonian
high shear thin film is assumed to form at the summit of the
asperities or trapped in-between them. Under this condition, the
shear stress can exceed its limiting value, and it is assumed to
equate to the limiting value given by Eq. (31). The asperity
pressure is as follows:
pa ¼
Wa
Aa
ð33Þ
The share of load carried by the asperities, Wa is calculated using
Eq. (7). A small portion of asperities carry this load, the total
summit area of which is obtained through statistical analysis. For
an assumed Gaussian distribution of asperities, this area is
obtained as follows [23]:
Aa ¼ π2ðζκσÞ2
ffiffiffi
σ
κ
r
AF2ðλÞ ð34Þ
where F2ðλÞ is a function, representative of the Gaussian distribu-
tion of asperities in terms of λ (the Stribeck oil film parameter):
F2ðλÞ ¼ 0:0018λ5þ0:0281λ40:1728λ3þ0:5258λ2
0:8043λþ0:5003 ð35Þ
Now having the limiting shear stress at the asperity tips and the
asperity surface area, the boundary friction can be calculated as
follows:
f b ¼ τLAa ð36Þ
Therefore, the combination of Eqs. (29)–(36) and Eq. (7) gives the
total friction generated in the conjunctional gap. The total power
loss from the ring-bore conjunctional gap is due to this friction:
Pf ¼ fΔU ð37Þ
6. Results and discussion
Initially, a comparison is made between the inlet and outlet
boundaries predicted through the current CFD approach and those
calculated using the analytical method (described in Section 4) using
the approach highlighted originally by Tipei [17]. The potential flow
analysis (Eqs. (23) and (24)), together with the Prandtl–Hopkins
boundary conditions yield one set of inlet and outlet conditions.
Alternatively, the solution of the same potential flow with Swift–
Stieber boundary conditions results in another set of inlet and outlet
conditions. The intention for this comparative study is twofold. Firstly,
it constitutes a form of validation for the CFD approach as the
analytical approach has shown very good agreement for the determi-
nation of boundary conditions with the experimental observations of
Birkhoff and Hays [32] as well as with the experimental circular point
contact conditions [18], both under rolling conditions. Secondly, the
applicability of the analytical method for the determination of
boundary conditions for sliding contacts can also be ascertained.
Table 5 lists 3 sets of predicted inlet and outlet boundaries, 2 of
which are based on the analytical method for Prandtl–Hopkins and
Swift–Stieber boundary conditions respectively (using the potential
flow analysis) and the third set is that obtained by the current CFD
approach. Close agreement between the CFD predictions and the
analytical results can be observed. CFD – predicted inlet stagnation
boundary agrees very well with both the Swift–Stieber and Prandtl–
Hopkins boundary conditions. For the outlet boundary conditions,
the CFD results conform much closer to the Swift–Stieber boundary.
In fact, most reported analyses of piston ring conjunctional gap
routinely employ the Swift–Stieber boundary conditions at the exit
constriction [9–11,35,36]. Arcoumanis et al. [37] reported numerical
analysis of compression ring conjunctional gap with various outlet
boundary conditions, including Swift–Stieber, limiting case of the
Floberg boundary and the Coyne–Elrod cavitation boundary [38].
They found that the predicted film thickness, using the Swift–
Stieber boundary conditions showed closer agreement with their
experimentally measured film thickness. Their findings are in line
with the current CFD predictions and the analytical potential flow
analysis described here.
Fig. 4 is a typical velocity flow field for the inlet-to-central
conjunctional region, obtained through the current analysis. It
shows the stagnation point, where the zero-reverse inlet boundary
is reached (∂V
!
=∂z¼ 0 and V!¼ 0), Prandtl–Hopkins inlet bound-
ary. This point is far from the usually assumed fully flooded inlet,
which is often assumed to be at the leading edge of the ring,
beyond the swirl flow region. This finding indicates that only a
portion of an assumed available flow is admitted into the
conjunction-proper beyond the stagnation point. Hence, under
the conditions shown, and in fact throughout the engine cycle,
only a partially flooded inlet is attained. The reason for this is the
recirculating (swirl) flow in the inlet wedge of the conjunction as
shown clearly in the zoomed-in inset to the figure.
The recirculating flow is a function of the velocity ratio of the
contiguous surfaces which alters according to the piston sliding
velocity. This is a function of the crank angle position. It also
depends on the wedge angle as a function of the ring profile, which
in turn determines the minimum film thickness. Therefore, load
carrying capacity of the conjunctional gap is affected by the ring
profile and the inlet boundary (the inlet wedge velocity flow field).
As the hydrodynamic load carrying capacity is critical in guarding
against asperity interactions, in theory, one can optimise the ring
contacting face-width to enhance the load carrying capacity.
Fig. 5 shows the generated conjunctional pressure distributions
for the actual ring face-width of b¼1.15 mm (Table 1) and its
variously assumed multiples up to 3b in the down-stroke sense of
the piston. The leading edge of the ring is at the assumed
atmospheric pressure (gauge pressure, p¼0 in the figure). A
minimum film thickness of 1μm is assumed (as a constraint) in
this analysis. This enables the study of load carrying capacity of the
contact as influenced by the changes arising at the inlet with
differing ring face-widths.
As expected, the results show increasing load carrying capacity
because of an increased conjunctional area. However, the increase
is not proportional to the contact face-width as would be the case
with an assumed fully flooded inlet, where:
Wh ¼
2:9bηΔU
h0
ð38Þ
which is based on the Swift–Stieber exit boundary condition [1], h0
being the minimum film thickness (kept constant for all the cases in
Fig. 5). Hence, at the same ring sliding speed, ΔU, Whpb, Thus,
doubling the ring face-width would double the load carrying
Table 5
Calculated inlet and outlet distances (stagnation point and separation point).
CFD Analytical method, Prandtl–Hopkins
boundary condition
Analytical method,
Swift–Stieber
boundary condition
Inlet
distance
½μm
267 265 260
Outlet
distance
½μm
85 151 76
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capacity. With realistic boundary conditions the position of the
stagnation point alters and thus the area of conjunction-proper is
not a direct function of ring face-width only. Therefore, the load
carrying capacity and the pressure distribution are dependent on
the inlet flow field. The results in Fig. 5 show that the inlet trail to
the position p¼ 0 on the left-hand side of the pressure traces is
extended with an increasing face-width, but in none of the cases
reaches anywhere near the leading edge of the ring (i.e. all contacts
are only partially flooded). Furthermore, progressively increasing
the ring face-width only marginally lengthens the conjunctional
inlet trail as shown in the inset to the figure. Thus, progressively a
reduced load carrying capacity would result. Fig. 6 clearly shows
this trend. The underlying reason is best observed by the inward
flow into the contact conjunction. This is shown in Table 6. The
physical inlet is assumed at the leading edge of the ring face-width.
This is analogous to assuming a fully flooded inlet. Clearly, if a
constant minimum film thickness is assumed at the same sliding
velocity, but with an increased contact area, then a larger volu-
metric lubricant flow rate is required to maintain fully flooded
conditions. The difference in the flow rate at the physical inlet and
that at the central contact through the minimum film thickness
accounts for the backward (reverse and swirl) flow in the inlet zone.
It can be seen that this difference progressively increases with an
increasing ring face-width. Therefore, only a portion of the volume
of the lubricant made available at the nib of the contact is actually
admitted to the contact conjunction, and in none of the cases a fully
flooded condition is noted. This is the reason behind parti-
ally flooded lubricated contacts in practice, which is not confined
to the ring-liner conjunctional gap only. Clearly, the outward flow
from the contact at the separation boundary equates that
through the minimum film thickness constriction. This is simply a
restatement of the principle of conservation of mass, embodied in
continuity equation together with the Navier–Stokes equations. The
flow at the outlet, beyond the lubricant film rupture boundary can
contain significant vapour content, thus the reason for the inclusion
of vapour transport equation in the analysis.
Often fully flooded inlet conditions are assumed during the
various engine strokes. However, the measured friction [6–8] or
film thickness [39] indicate mixed or boundary regimes of lubrica-
tion at or in the vicinity of the TDC. Hydrodynamic regime of
lubrication is found to be dominant in other locations, such as at
piston mid-span locations in the various engine strokes. Fig. 7
shows the predicted minimum film thickness at various locations.
Mid-span locations are in the compression stroke (901 crank
angle), power stroke (901 crank angle), exhaust stroke (2701 crank
angle) and the intake stroke (4501crank angle). The positions 751
crank angle correspond to the transition from the compression to
power stroke through the TDC, where mixed or boundary regimes
of lubrication are prevalent [7–11]. Obviously, the minimum film
thickness is reduced for all ring face-width cases during the reversal
because of the reducing sliding velocity of the piston. The minimum
Fig. 4. Typical velocity flow field in the inlet region of the sliding conjunction.
Fig. 5. The streamlines of the flow in the ring specified in Table 2 compared with
those of various scaled widths.
Fig. 6. Shows the load carrying capacity per unit length for different rings of Fig. 5.
Table 6
Mass flow rates through the content.
Physical inlet flow (kg/s) Central contact flow (kg/s) Outlet flow(kg/s)
B 8.88105 8.751105 8.751105
1.2b 9.95105 8.792105 8.792105
1.5b 1.12104 8.825105 8.825105
2b 1.27104 8.848105 8.848105
2.5b 1.37104 8.858105 8.858105
3 b 1.40104 8.860105 8.860105
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film thickness is also reduced during the compression and power
strokes, because of increased pressure loading behind the ring. The
line¼ 3, where ¼ h=σRMS is the Stribeck's oil film parameter,
represents the boundary between lubricated hydrodynamic condi-
tion and mixed regime of lubrication. It can be seen that for the
region 51rφr51 the lubricant film thickness is quite thin and
thus a mixed regime of lubrication would be expected.
It can be seen that in all cases the film thickness gradually
increases up to the ring face-width of 2b before no further gain is
noted. The contact load, F (Eq. (3)) is known for the ring-liner
conjunction at these locations. Therefore, an increasing film
thickness with the broadening ring contact face-width (up to an
optimum) is indicative of enhanced hydrodynamic action. To
ascertain this, it would be instructive to determine the total
friction (viscous and boundary contributions) for these cases.
Fig. 8 shows the predicted friction for the same positions as in
Fig. 7. There is no correspondence between the optimum condi-
tions in Fig. 7 (thickest minimum conjunctional film for a ring
face-width of 2b, indicated by the vertical line BB) and the
minimum conjunctional friction for the ring width b (line AA in
Fig. 8). In the piston mid-span locations there is insignificant
contribution due to asperity interactions as the minimum lubri-
cant film thickness is in excess of 3 μm in all cases (Fig. 7), the least
film thickness of the investigated crank angles occurring during
the power stroke (crank angle of 51). Furthermore, the change in
the film thickness is fairly small in the case of each particular
location, thus changes in viscous shear (Eq. (30)) are marginal
when dealing with a particular crank angle. Of course, these
changes are not negligible at different crank angle positions,
because of the sliding speed, effective lubricant viscosity and the
film thickness (see Eq. (38)). The increasing friction is also as the
result of increased lubricated contact area between the inlet
stagnation point (the zero reverse boundary) and the lubricant
film rupture point. This indicates that maximum viscous friction
occurs at the mid-span position in the power-stroke, whilst the
maximum boundary friction takes place at the TDC reversal for the
crank angle of 51. In fact, Fig. 9 shows the contributions from
viscous and boundary frictions during the TDC reversal. Even in
these locations the main contribution is due to viscous friction,
with fairly thin films and increased pressure loading behind the
ring; Poiseuille friction. The shear stress is given by Eq. (30), where
the first term on the right-hand side is the contribution due to
Poiseuille shear, which is a function of pressure gradient, which is
higher at the TDC reversal and increases in the power stroke.
Fig. 10 shows the position of lubricant film rupture and the
subsequent cavitation region, which is also shown by the zoomed-in
inset to the figure. The contours in the figure represent different levels
of void fraction (volume fraction of liberated vapour in the bulk
lubricant). The figure shows significant amount of vapour content,
which reduces both the load carrying capacity as well as viscous friction.
Fig. 11 shows the variation in vapour fraction for various crank-
angle positions with different assumed ring contacting face-width.
Important points to note are reduced vapour fraction in the power
stroke in comparison with that in the other strokes. This is
expected, because of a higher contact pressure. This is clearly
shown through the TDC reversal where there is lower vapour
fraction for the crank angle of 51 (start of the power stroke) than
51 (end of the compression stroke). With less vapour content,
viscous friction is increased accordingly (Figs. 7 and 8).
7. Conclusions
The paper shows that the compression ring-liner conjunctional gap
is only partially flooded, irrespective of a sufficient volume of lubricant
assumed at a physical inlet set at the leading edge of the ring. The inlet
and outlet boundary conditions, determined through combined solu-
tion of Navier–Stokes and vapour transport equations, conform closely
to the potential flow analysis of Tipei [17]. This puts the realistic inlet
boundary at the stagnation point, where no reverse flow takes place.
This is in line with the use of Prandtl–Hopkins boundary conditions. At
the contact outlet, the current analysis agrees with Swift–Stieber
boundary conditions to determine the position of lubricant film
rupture. Furthermore, the use of Rayleigh–Plesset equation within
the analysis determines the cavitation zone.
The key finding of the analysis is the determination of the effect
of ring contact face to optimise tribological conditions. This shows
that a unique optimal ring face-width cannot be found, which
Fig. 7. Variation of minimum film thickness for different ring widths at piston mid-
span positions and 51 crank angle either side of the TDC (combustion).
Fig. 8. Variation of friction for different ring widths for piston at mid-span
positions.
Fig. 9. Viscous and boundary contributions to generated friction immediately prior
to, and just after the TDC reversal (combustion).
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would optimise film thickness (thus, the load carrying capacity) as
well as friction (comprising viscous and boundary contributions).
This is because of the transient nature of the conjunction, which is
also affected by contact temperature, generation of vapour and
changes in contact kinematics as well as gas pressure loading.
Ideally, a near-optimal solution can be sought through multi-
variate optimisation techniques. However, there are also practical
engineering considerations which may inhibit use of certain ring
geometries. At high speeds the ring is subject to high inertial forces,
which would potentially, at critical points, unseat the more heavier
compression rings (e.g. 43b) from their lower sealing face, thereby
degrading operational performance [39]. Indeed, ISO 6622-2 sug-
gests that ring widths should be limited to an upper limit of 2.5 mm
(or 2.17b in the case of the current analysis). On the other hand, a
thin ring (e.g. 0.8b) can be subject to considerable modal response
(radial in-plane vibration and axial out-of-plane twist [3,4]), which
can result in loss of sealing, blow-by and reverse blow-by.
Together with material and manufacturing limitations, the
above considerations effectively narrows the available choice of
ring axial face-width to a far narrower band than that implied by
the results of parametric optimisation studies highlighted here.
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Abstract The paper presents a mixed thermo-hydrody-
namic analysis of elliptic bore bearings using combined
solution of Navier–Stokes, continuity and energy equations
for multi-phase flow conditions. A vapour transport equa-
tion is also included to ensure continuity of flow in the
cavitation region for the multiple phases as well as Ray-
leigh–Plesset to take into account the growth and collapse
of cavitation bubbles. This approach removes the need to
impose artificial outlet boundary conditions in the form of
various cavitation algorithms which are often employed to
deal with lubricant film rupture and reformation. The pre-
dictions show closer conformance to experimental mea-
surements than have hitherto been reported in the literature.
The validated model is then used for the prediction of
frictional power losses in big end bearings of modern
engines under realistic urban driving conditions. In par-
ticular, the effect of cylinder deactivation (CDA) upon
engine bearing efficiency is studied. It is shown that big-
end bearings losses contribute to an increase in the brake
specific fuel consumption with application of CDA con-
trary to the gains made in fuel pumping losses to the cyl-
inders. The study concludes that implications arising from
application of new technologies such as CDA should also
include their effect on tribological performance.
Keywords Internal combustion engines  Journal
bearings  Mixed thermohydrodynamics  Navier–Stokes 
Cavitation  Cylinder deactivation
List of symbols
A Apparent contact area
Aa Asperity contact area
Ap Piston cross-sectional area
Av Area subject to viscous friction
a, b Measures along the semi-major and semi-minor
directions of elliptic bore
C Centre of mass of the connecting rod
cmaj Contact clearance along the semi-major axis
cmin Contact clearance along the semi-minor axis
c c ¼ cmajþcmin
2
cp Specific heat capacity
E Young’s modulus of elasticity
E0 Composite Young’s modulus of elasticity of
contacting solids 1
E0 ¼
1m2
1
E1
þ 1m22
E2
 
e Eccentricity
F2, F5/2 Statistical functions
Fcom Combustion gas force
Fin Inertial force
f Total friction
fb Boundary friction
fvis Viscous friction
fv Vapour mass fraction
g Gravitational acceleration
h Film thickness
h0 Minimum film thickness
ht Coefficient of heat transfer
i Contacting surface identifier (i = 1 for bearing
and i = 1 for journal)
k Lubricant thermal conductivity
kj Thermal conductivity of the journal
kb Thermal conductivity of the bearing
L Bearing width
l Connecting rod length
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m1 Effective mass in translational motion
mcon Equivalent translational mass of the connecting
rod
mg Gudgeon pin mass
mp Piston mass
p Hydrodynamic pressure
patm Atmospheric pressure
Pc Combustion gas pressure
pcav Cavitation/lubricant vaporisation pressure
pin Inlet lubricant supply pressure
Q Frictional heat
r Journal radius
rc Crank pin radius
T Temperature
Ta Ambient temperature
Tba Bearing outside surface temperature
Tbl Bearing and lubricant interface temperature
Tj Journal and lubricant interface temperature
Ti Inlet temperature of the lubricant
t Time
U Speed of lubricant entraining motion
V Velocity of side-leakage flow along the bearing
width
V~ Velocity vector
W Contact reaction
Wcon Total weight of the connecting rod
Wa Load carried by asperities
Wh Hydrodynamic load carrying capacity
x, y Lateral radial co-ordinates
z Axial direction along the bearing width
Greek symbols
a Thermal diffusivity
a0 Pressure/temperature–viscosity coefficient
b Lubricant bulk modulus
b0 Viscosity–temperature coefficient
DT Lubricant temperature rise
e Eccentricity ratio
/ Connecting rod obliquity angle
c Fraction lubricant film ratio
d Journal’s attitude angle
D Local deflection of the Babbitt overlay
Dij Kronecker delta
h Circumferential direction in bearing
f Number of asperity peaks per unit contact area
g Lubricant dynamic viscosity
g0 Lubricant dynamic viscosity at atmospheric pressure
j Average asperity tip radius
k Stribeck’s oil film parameter
l Pressure coefficient for boundary shear strength of
asperities
m Poisson’s ratio
q Lubricant density
q0 Lubricant density at atmospheric pressure
s Shear stress
s0 Eyring shear stress
C Diffusion coefficient
x Angular speed of the crankshaft (engine speed)
1 Introduction
The main considerations in modern engine development
are fuel efficiency and compliance with progressively
stringent emission directives. Within the pervading global
competition there is also a requirement to address customer
demands for maintaining adequate output power. These
often contradictory attributes have led to the downsizing
concept and higher output power-to-weight ratio engines.
Additionally, there is a growing trend towards the use of
emerging technologies such as variable valve actuation and
cylinder deactivation (CDA) [1–3]. There is also progres-
sively an interest in the concept of stop-start in congested
urban environments. The adoption of these technologies is
primarily based on the direct reduction of brake specific
fuel consumption. However, there are also indirect reper-
cussions such as thermal and frictional losses, as well as
poor noise, vibration and harshness (NVH) refinement
issues with generally light weight and poorly damped
power train structures, subjected to engine power torque
fluctuations [4]. With the application of CDA a greater
degree of engine torque fluctuations would result [5],
which is likely to lead to further deterioration in NVH
refinement.
There is a dearth of analysis with respect to thermal and
frictional losses, when considering CDA. A recent study by
Mohammadpour et al. [6] showed that CDA makes only
marginal differences in parasitic frictional losses in engine
bearing performance and that any significant gain would
depend only on the brake specific fuel consumption.
However, the analysis did not take into account some
important issues such as multi-phase lubricant flow through
the contact and the occurrence of cavitation. These affect
the load carrying capacity of the bearing as well as the
conjunction friction, viscous heat generation and heat
transfer to the solid boundaries. Brewe et al. [7] have
shown that Swift [8], Stieber [9] boundary conditions can
only predict accurately the film rupture point for steadily
loaded bearings, which is not suitable for engine bearings,
particularly with exacerbated dynamic loading under CDA.
Therefore, to include the effect of cavitation, it is essential
to employ realistic conjunctional outlet boundary condi-
tions rather than the traditional Swift–Stieber [8, 9]
assumptions, used by Mohammadpour et al. [6]. This paper
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strives to improve upon Mohammadpour’s approach,
through the combined solution of Navier–Stokes equations
for fluid flow and the energy equation for heat balance.
The occurrence and complex nature of lubricant cavi-
tation in journal bearings has received much attention since
the pioneering works of Skinner [10] through a series of
experiments. Later, Dowson and Taylor [11] reported the
earlier predictive analyses of the cavitation phenomenon in
bearings. They discussed three main modelling approaches,
based on contact outlet boundary conditions. One is the
traditional lubricant film rupture boundary conditions,
proposed by Reynolds/Swift–Stieber [8, 9], the others
being the JFO (Jakobsson–Floberg [12], Olsson [13])
boundary conditions and Coyne and Elrod’s separation
condition [14, 15]. The JFO boundary conditions are based
upon the principle of conservation of mass flow beyond the
point of lubricant film rupture point into a cavitation region
in the form of striations. It is a significant improvement
upon the traditional Swift–Stieber [8, 9] boundary condi-
tions (which do not adhere to the principle of mass flow
continuity beyond the lubricant film rupture). However, the
JFO [12, 13] boundary conditions require consideration of
any reverse flow, viscous dissipation and heat transfer
within the contact in order to determine the temperature
distribution within the conjunction. Therefore, proper
implementation of the JFO [12, 13] boundary conditions is
quite difficult in a numerical solution using Reynolds
equation. Elrod’s separation boundary conditions are a
simplification of the JFO approach, which are based on the
definition of a fractional film content and the continuity of
Couette flow beyond the lubricant rupture point. Dowson
and Taylor [11] pointed out that although for different
working conditions, one or more of the above mentioned
boundary conditions may determine the location of the
lubricant film rupture with reasonable accuracy, the physics
underlying the cavitation phenomenon remains mostly
unknown. At the same time they also emphasised the
importance of accurately predicting lubricant film
reformation, especially in the case of journal bearings
because of its influence, not only on the load carrying
capacity, but also on the mechanism of heat transfer from
the bearing.
Dowson and Taylor [11] concluded that for lightly
loaded lubricated contacts, represented by a cylinder-
on-plane conjunction, flow separation is the major
mechanism determining the cavity location. For lightly
loaded journal bearings, operating at low eccentricity
ratios, the use of Coyne and Elrod [14, 15] separation
boundary condition appears to lead to better predictions.
At lower eccentricity ratios, there is considerable
lubricant flow between cavities and hence Floberg’s
rupture conditions show better agreement with experi-
mental observations.
Dowson et al. [16] used the Elrod [17] cavitation algo-
rithm in a numerical study in order to predict the location
of lubricant film rupture and reformation boundaries in a
plain journal bearing. They also conducted an experimental
study [18] in order to investigate the validity of their
numerical analysis. Their tests included investigation of the
effect of varying eccentricity ratio, supply pressure and
shaft rotational speed on the film rupture and reformation
points. They obtained good correlation between their
numerical predictions and their experimental results for the
side leakage flow. They noted that the inclusion of film
reformation through use of the Elrod [17] cavitation algo-
rithm is crucial for accurate prediction of the side leakage
flow. On the other hand, the use of Swift–Stieber [8, 9]
boundary conditions resulted in some errors. However, at
lower eccentricity ratios (\0.6) and supply pressures a
significant difference between the experimental results and
the numerical predictions was observed with the Elrod
boundary conditions. In addition, there was poor correla-
tion between the numerical predictions and the experi-
mental results for the location of the film reformation point.
Dowson and Taylor [11] attributed this to the inadequacy
in the utilised rupture process model which does not allow
for negative gauge pressures to be generated in the lubri-
cant film.
The Elrod [17] cavitation model was later modified to
improve its computational stability by Vijayaraghavan and
Keith [19], Paydas and Smith [20], Hirani et al. [21],
Payvar and Salant [22], and Xiong and Wang [23]. Alter-
native models, including the mass-conserving flow through
the cavitation region have also been developed, such as that
of Giacopini et al. [24].
The development of computational fluid dynamics
(CFD) approach enabled solution of Navier–Stokes equa-
tions for multi-phase flow to be achieved, whilst retaining
the principle of conservation of mass and momenta. Some
of the underlying limitations of Reynolds equation could
also be removed. Tucker and Keogh [25] employed a 3D
CFD approach for thermo-hydrodynamic analysis of
steady-state motion of journal bearings. They used an Elrod
[17] type cavitation model which allowed for the existence
of the sub-ambient pressures. In this approach, the vapour
fraction becomes a function of the film thickness. How-
ever, as Tucker and Keogh [25] also note for non-Couette
or unsteady flows a time-dependent continuity equation
should be used to determine the vapour fraction. In their
analysis continuity of heat flux and compatibility of tem-
perature was assured at the solid–fluid interface.
This paper presents a full 3D CFD approach for thermo-
hydrodynamic analysis of big-end bearings. No artificial
boundary conditions are set at the exit from the conjunc-
tion. This means that the lubricant rupture and reformation
boundaries are determined by the combined solution of
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Navier–Stokes equations, the energy equation and conti-
nuity of flow conditions (in terms of conservation of mass
and momenta). In addition, the cavitation phenomenon is
taken into account through solution of a vapour transport
equation including the Rayleigh–Plesset source terms to
take into account the growth and collapse of cavitation
bubbles. The developed method is validated against
experimental results of Dowson et al. [26]. The validated
model is then used for analysis of a big-end engine bearing
subjected to dynamic loading under normal engine opera-
tion as well as with the application of CDA; an approach
not hitherto reported in the literature.
2 Big End Bearing Model
2.1 Big End Bearing Geometry
A schematic of the big end bearing used in IC engines is
shown in Fig. 1. In a conventional internal combustion (IC)
engine, the crank-pin acts as the journal and the bearing
bushing is located at the bottom end of the connecting rod.
The big end bearings are usually groove-less and are
pressure-lubricated using a single hole drilled through the
crank pin [27]. Although in most applications a simple
circular profile is used to describe the geometry of the big
end bearing, in practice, an elliptic (or ‘lemon shape’) bore
profile is used. To study the effect of CDA, the engine
studied here was a high performance four-stroke naturally
aspirated engine with the specifications provided in
Table 1.
The film profile for such an elliptic bore bearing is
defined as (Mishra et al. [28]):
h ¼ c ð1þ G cos2 hþ e cos hÞ þ D ð1Þ
where, the non-circularity is defined as: G = (cmaj - cmin)/
c. The parameters c, e, h are the average clearance,
eccentricity ratio and the angular position respectively
(Fig. 1). The localised deflection of the Babbitt overlay, D
is obtained using the column method contact mechanics
approach [29], where: D ¼ ð12mÞð1þmÞd
E ð1mÞ p.
2.2 Applied Loads
Big-end bearings are designed to withstand the transmitted
transient forces through the connecting rod. These are the
result of combustion pressure and inertial imbalance [4].
For a typical four-cylinder four-stroke engine, the iner-
tial imbalance force acting through the connecting rod
along the axis of the piston is [4] (Fig. 2):
Fin  m1rcx2 cos x t þ rc
l
cos 2x t
 
ð2Þ
where, engine order vibrations up to the second engine
Fig. 1 An elliptic big end bearing configuration
Table 1 Engine and bearing data
Parameter Value Unit
Crank pin radius 31 mm
Connecting rod length 107 mm
Effective translational mass 0.32 kg
Engine speed 2,200 rpm
Bearing width 16.8 mm
Bearing radius 21 mm
Minor diametral clearance 20 lm
Major diametral clearance 30 lm
Composite surface roughness 1 lm
Overall overlay thickness 2 mm
Fig. 2 Schematic of the piston–crank system with the applied loads
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order are considered here for the four-stroke engine under
consideration. The mass m1 is the equivalent mass in
translation, comprising that of the piston, the gudgeon pin
and a proportion of the mass of the connecting rod in pure
translation: m1 = mp ? mg ? mc in a two degrees-of-
freedom representation of piston-connecting rod-crank sub-
system, where according to Thomson [30]:
mc ¼ Wc
g
1 C
l
 
ð3Þ
where, Wc is the weight of the connecting rod and
C denotes centre of mass of the connecting rod measured
from its small end.
The applied vertical combustion force acting upon the
piston crown area is:
Fcom ¼ pcomAp ð4Þ
where, pcom is the instantaneous in-cylinder pressure and
Ap is the piston crown surface area.
Therefore, the total transient load applied on the big end
bearing at any instant of time, expressed in terms of the
instantaneous connecting rod obliquity angle, u is (Fig. 2)
[4]:
F ¼ 1
cos u
Fin þ Fcomð Þ ð5Þ
where:
cos u  1 1
2
rc
l
sin x t
 
ð6Þ
and # = xt, # is the crank angle.
It should be noted that smaller moment loading from
adjacent cylinders also exists, which is ignored in this
analysis. More information is provided in Rahnejat [31].
3 Theory
3.1 General Navier–Stokes and Energy Equations
The general form of mass and momentum continuity
(Navier–Stokes) equations for the flow of a compressible
viscous fluid can be described as (White [31]):
Dq
Dt
þ qr~  V~ ¼ 0 ð7Þ
q
DV~
Dt
¼ r~pþr~  ðsijÞ þ F~ ð8Þ
where D/Dt is the material covariant derivative operator.
The parameters q and p are scalar quantities and represent
the density and pressure of the fluid. F~ and V~ are the body
force field and velocity vectors, and sij is the second order
viscous shear stress tensor.
The only body force in the current analysis is the gravi-
tational force due to the weight of the fluid. Although this has
a negligible effect in comparison with the shear and pressure
induced forces in lubrication studies, it has been taken into
account in the current analysis for the sake of completeness.
In addition, V~ ¼ ui^þ vj^þ wk^ is the velocity vector
expressed in the Cartesian frame of reference in which u is
the component of velocity in the direction of axial lubricant
flow entrainment (along the x-axis), v is that in the trans-
verse or side-leakage direction along the y-axis and w is the
velocity component in the direction perpendicular to the
contacting surfaces (squeeze film action) along the z-axis.
Furthermore, the viscous shear stress tensor, sij, can be
expressed as spatial derivatives of the velocity field vector
components for an isotropic fluid. In Einstein’s notation
this becomes:
sij ¼ g ouioxj þ
ouj
oxi
 Dij 2
3
ouk
oxk
 
ð9Þ
where, u is the general representation of (scalar) velocity
components, g is the effective dynamic viscosity of the
lubricant and Dij is the Kronecker delta, defined as:
Dij ¼
0 if i 6¼ j
1 if i ¼ j
(
ð10Þ
Finally, the energy conservation equation in the most
general form can be stated as (White [32]):
q
DH
Dt
¼ Dp
Dt
þr~  ðkr~TÞ þ sij ouioxj ð11Þ
where H is the fluid enthalpy, T is the fluid temperature and
k is its thermal conductivity. It is noted that the last term on
the right hand side of the equation is the sources term
which takes into account the heat produced due to viscous
shear of the fluid.
3.2 Cavitation Model
The full cavitation model proposed by Singhal et al. [33] is
used here, where the transport equation for the vapour mass
fraction is expressed as:
o
ot
ðqfvÞ þ r~  ðqfvV~vÞ ¼ r~  ðCr~fvÞ þ Re  Rc ð12Þ
where, C is the diffusion coefficient, V
*
v is the velocity
vector of the vapour phase and fv is the vapour mass
fraction defined as:
fv ¼ q ql
1 ðql=qvÞ
ð13Þ
where, the subscripts l and v denote the liquid and vapour
phases respectively.
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In addition, Re and Rc are the source terms which account
for vapour generation and condensation rates, respectively.
Singhal et al. [33] defined these phase change rates, based
on the generalised Rayleigh–Plesset equation, thus:
Re ¼ Ce Vchrs ql qv
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðpsat  pÞ
3ql
s
ð1 fvÞ; for p psat
ð14Þ
Rc ¼ Cc Vchrs ql qv
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðp psatÞ
3ql
s
fv; for p [ psat ð15Þ
where, rs denotes the surface tension of lubricant and Vch is
a characteristic velocity associated with the local relative
velocity between the liquid and vapour phases. In these
models it is assumed that the bubble pressure, p equates to
the saturation (vapour) pressure, psat, at a given tempera-
ture which is the case if one assumes that no dissolved
gases are present. In addition, Ce and Cc are empirical
constants which are considered to be 0.02 and 0.01
respectively according to Singhal et al. [33].
3.3 Boundary Conditions for the Fluid Flow
The flow boundary conditions are set, based on the con-
ditions for a typical IC engine big-end bearing.
The cavitation (vaporisation) pressure is set at the
atmospheric pressure of 101 kPa. Since the occurrence of
cavitation in the current CFD analysis is treated through
solution of transport equation for the vapour mass fraction
alongside the general Navier–Stokes equations, there is no
need to impose any particular boundary conditions for
either lubricant film rupture or reformation. This is a sig-
nificant fundamental improvement upon the imposed
assumptions such as those of JFO [12, 13] or Elrod [17]
cavitation models.
In addition to the fact that the solid boundaries were
considered to be impermeable, the lubricant/solid interface
is also assumed to follow the no-slip condition.
The bearing shell is modelled as a stationary wall, whilst
the journal is modelled as a moving body with an absolute
rotational velocity.
At the inlet hole supply orifice to the bearing the
lubricant is fed into the contact at a constant pressure of
0.5 MPa as already assumed by Mohammadpour et al. [6].
Finally, at the bearing’s axial extremities the lubricant is
assumed to leak to ambient (atmospheric) pressure.
3.4 Conduction Heat Transfer in the Solid Bodies
(Journal and Bearing)
In order to proceed with full thermal analysis of the jour-
nal–lubricant–bearing bushing system, one needs to take
into account the conduction of the generated heat to the
solid boundaries using the energy equation. The conduction
of heat into the rotating journal is governed by the transient
form of the heat conduction equation as:
1
a
oT
ot
¼ r2T ð16Þ
where, a is the thermal diffusivity for the journal’s mate-
rial. The convective (time dependent term) on the left hand
side of the equation takes into account the rotational effect.
On the other hand, the steady-state form of the heat
conduction equation is used for the stationary bushing as:
r2T ¼ 0 ð17Þ
3.5 Thermal Boundary Conditions
The thermal boundary conditions are set for a typical IC
engine big- end bearing (Fig. 3). At the lubricant–solid
interface these conditions ensure the continuity of heat flux
and compatibility of evaluated temperatures.
After lubricant enters the contact through the oil feed
hole, its temperature is increased from that in the bulk due
to the heat produced in the contact as the result of shearing.
The generated heat is transferred by convection through
lubricant side leakage and conducted through the bounding
solid surfaces. In the experiments conducted by Dowson
et al. [26], the journal’s extremities were exposed to the
ambient air. Therefore, convection cooling would take
place at these interfaces. However, for the engine condi-
tions, it is assumed that the journal is not exposed to the
ambient air and thus, any heat transfers to the journal
increases its core temperature. Finally, a portion of the heat
is conducted through the bearing bushing to the sur-
rounding ambient air. Of course, for journal bearings,
convective heat transfer by the lubricant film is most sig-
nificant [34–36]. In both the validation process and engine
running conditions, it was assumed that the bearing’s outer
surface is exposed to the ambient temperature. Thus, the
temperature of the outer surface of the bearing bushing (for
the case of engine simulations) is set at 50 C. The
Fig. 3 Thermal boundary conditions
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temperature of the inner surface of the bushing, Tbl is
assumed to be that of the lubricant obtained through
solution of energy equation. In reality, the temperature of
lubricant would be slightly higher than the interface tem-
perature of the solids. Figure 3 illustrates thermal boundary
conditions in the journal bearing. A list of the assumed
engine compartment temperature, lubricant and material
data for the engine running conditions is provided in
Table 2.
In solving the coupled energy and heat conduction
equations, the temperature of the entrant lubricant is
computed from the initial solid component temperatures
and heat fluxes at the solid interfaces. The heat produced in
the lubricant is allowed to increase the journal’s tempera-
ture whilst the transferred heat to the journal bushing can
be convected away through ambient air. To include the
effect of journal temperature a detailed thermal model for
the entire crankshaft system would be required, which is
outside the scope of the paper. This would necessitate a full
engine model including the effect of all the adjacent cyl-
inders. This is the reason for assuming no axial temperature
gradient for the journal in the current analysis. The tem-
perature of the oil at the inlet hole was set to Ti = 42 C in
the case of the validation procedure (Dowson et al. [26]).
For the engine conditions this was set at 50 C. The
lubricant thermal properties such as thermal conductivity
and specific heat are calculated at the engine compartment
temperature of 50 C under steady engine running condi-
tion and 40 C for the validation case study.
3.6 Lubricant Rheology
Density and viscosity of the lubricant are the two most
important rheological properties that need to be defined for
the operating pressures and temperatures.
A density model proposed by Dowson and Higginson
[37], modified for temperature variation by Yang et al. [38]
provides:
q ¼ q0 1þ
6:0 1010ðp patmÞ
1þ 1:7 109 ðp patmÞ
 
1  0:65 103ðT  T0Þ
  ð18Þ
in which patm is the atmospheric pressure and T0 is the
reference temperature with density q0. Table 2 provides the
data associated with the lubricant properties.
Variation of lubricant dynamic viscosity with pressure
and temperature is given by Houpert [39] as:
g ¼ g0 exp lnðg0Þ þ 9:67ð Þ
T þ 135
T0 þ 135
 S0"(
1þ p patm
1:98 108
 Z
1
#) ð19Þ
where, g0 is the lubricant dynamic viscosity at atmospheric
pressure and reference temperature T0, and Z and S0 are
constants (Gohar and Rahnejat [40]):
Z ¼ 1:96  10
8a0
lnðg0Þ þ 9:67
and S0 ¼ b0ðT0 þ 135Þ
lnðg0Þ þ 9:67
ð20Þ
where, a0 and b0 are constants at ambient conditions
(Table 2). It should be noted that the rheological parame-
ters used are for a fresh lubricant. In practice, the lubricant
is subject to shear thinning, oxidation and contamination
(Lee et al. [41]).
3.7 Asperity Contact Model for Mixed/Boundary
Regime of Lubrication
Journal bearings are designed to ideally operate in the
hydrodynamic regime of lubrication. Therefore, ordinarily,
it is expected that a coherent film of lubricant is main-
tained, guarding against direct contact of ubiquitous
asperities on the contiguous surfaces. However, this may
not be the case in applications such as those encountered in
the big-end bearings of IC engines due to the transient
nature of engine operations. The large variations in the
applied load, as well as stop-start running conditions,
contact of asperities on the contiguous surfaces is
unavoidable. Consequently, some of the applied load can
Table 2 Lubricant and material data
Parameter Value Unit
Lubricant dynamic viscosity 8.0 mPa s
Lubricant density 833.8 kg m-3
Viscosity–temperature coefficient 0.026 K-1
Pressure-induced shear coefficient (c) 0.047 –
Atmospheric limiting shear stress 2.3 MPa
Specific heat capacity of lubricant 2,360 Jkg-1 K-1
Thermal conductivity of lubricant 0.225 Wm-1 K-1
Surface tension of lubricant 0.03 N m-1
Poison’s ratio for Babbitt 0.33 –
Young’s modulus for Babbitt 60 GPa
Thermal conductivity of bearing bushing
(ks1)
46 Wm-1 K-1
Thermal conductivity of journal (ks2) 25.96 Wm
-1 K-1
Journal material SG cast
iron
–
Bearing overlay Babbitt –
Diffusion coefficient 10-8 m2 s-1
Eyring shear stress 5 MPa
Inlet pressure 0.5 MPa
Engine compartment temperature 50 C
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be carried by the direct contact of surfaces at asperity level.
Therefore, the applied load is carried by a combination of
hydrodynamic reaction and direct asperity contact as:
F ¼ Wh þ Wa ð21Þ
where, the hydrodynamic reaction is obtained by integra-
tion of the hydrodynamic contact pressure obtained
through solution of Navier–Stokes equations:
Wh ¼
ZZ
p h; zð Þ rdhdz ð22Þ
The asperity load is a function of surface roughness and
material properties. For an assumed Gaussian distribution
of asperities the load supported by the asperity tips can be
expressed as (Greenwood and Tripp [42]):
Wa ¼ 16
ffiffiffi
2
p
15
p nbrð Þ2
ffiffiffi
r
b
r
E0AF5=2ðkÞ ð23Þ
where, A is the apparent area of contact and E0 is the
composite modulus of elasticity. The statistical function F5/
2(k) is a function of the Stribeck oil film parameter k ¼ hr,
where r is the composite root mean square roughness of
the contiguous surfaces. This statistical function can be
represented by a polynomial-fit function as (Teodorescu
et al. [43]):
where, for the current analysis a critical film ratio of
kcr & 3 is assumed, below which mixed regime of lubri-
cation (including asperity interactions) is deemed to occur.
This value of critical Stribeck oil film parameter depends
on the surface topographical asperity distribution and the
chosen statistical parameter. Some researchers have used
lower or slightly higher values for the transition boundary
between mixed and full fluid film regimes of lubrication. In
particular, Guanteng and Spikes [44] used thin film inter-
ferometry and showed that full film lubrication is only
realised when k[ 2. They noted that there is no clear-cut
demarcation boundary between mixed and boundary
regimes of lubrication, based on the Stribeck’s oil film
parameter. As already noted above, kcr [ 3 is assumed for
fluid film lubrication in the current analysis.
According to Greenwood and Williamson [45] and
Greenwood and Tripp [42], the roughness parameter nbr is
reasonably constant with a value in the range of 0.03–0.07
for steel surfaces. The ratio r/b which is a representation of
the average asperity slope (Gohar and Rahnejat [40]) is in
the range 10-4–10-2 according to Teodorescu et al. [43]. In
the current study it is assumed that r1 = r2, nbr = 0.055
and r/b = 0.001. Since a thin smooth hard layer of bis-
muth is applied as the outer layer of the shell overlay with a
thickness of 3 lm, the boundary friction is assumed to
largely depend on the rougher surface of the steel crank
pin.
3.8 Friction Force and Power Loss
The total friction force in mixed regime of lubrication is
obtained as:
ft ¼ fvis þ fb ð25Þ
where, the viscous friction, fvis, is obtained by integrating
the generated shear stress over the lubricant-surface inter-
face as:
fvis ¼
ZZ
sdA ð26Þ
The boundary component of friction takes into account
the direct dry asperity contact as well as the non-Newto-
nian shear of pockets of lubricant entrapped between the
asperity tips, as (Teodorescu et al. [43]):
fb ¼ s0Aa þ 1Wa ð27Þ
where, the parameter 1 is the pressure coefficient for
boundary shear strength of asperities on the softer coun-
terface. In the case of the big-end bearing this is the steel
surface of the journal. A value of 1 = 0.17 is obtained
using an atomic force microscope. The procedure followed
is the same as that described by Buenviaje et al. [46] and
Styles et al. [47]. In addition, limiting Eyring shear stress
[48] for the engine oil is s0 = 2 MPa.
The underlying hypothesis in the use of Eq. (27) is that
the asperities are wetted by adsorption of an ultra-thin film
of boundary active molecules within the lubricant. Briscoe
and Evans [49] assume that a thin Langmuir–Blodgett [50]
layer of adsorbed of boundary active lubricant species are
formed at the tip of asperities and entrapped in their inter-
spatial valleys. This layer is subject to non-Newtonian
Eyring shear [48]. An alternative hypothesis would be that
the opposing asperities form adhesive junctures which
are submerged in the menisci formed between them.
F5=2 kð Þ ¼ 0:004k
5 þ 0:057k4  0:296k3 þ 0:784k2  1:078kþ 0:617; for k kcr
0; for k[ kcr
	
ð24Þ
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Therefore, boundary friction may be considered as the
effort required to break such meniscus bridges (Bowden
and Tabor [51]) in addition to overcoming the adhesion of
cold welded asperity junctures themselves. Such an
approach is reported by Teodorescu et al. [43]. A short-
coming of the approach reported in [50] is the need to
specify the proportion of contact in dry contact of asperi-
ties. On the other hand the approach in [43] makes use of
asperity contact area Aa, based on the assumption of
asperity distribution, which is considered to follow a
Gaussian distribution as in [42].
The cumulative area of asperity tips, Aa, is found as
(Greenwood and Tripp [42]):
Aa ¼ p2ðfjrÞ2
ffiffiffi
r
j
r
AF2ðkÞ ð28Þ
where F2(k) is a function representative of the Gaussian
distribution of asperities in terms of k as:
The total frictional power loss from the bearing, due to
both viscous and boundary contributions to the overall
friction, is calculated as follows:
Pf ¼ ftrx ð30Þ
4 Method of Solution
The governing equations described in Sect. 3.1 were solved
in the environment of ANSYS FLUENT 14.5, where a
computational mesh is generated. For the conjunctional
fluid domain (the lubricant) was meshed with hexahedral
cells (element size 50 lm and 20 division for film thick-
ness direction), whilst the bounding solid surfaces were
discretised using tetrahedral elements with 2 mm elements.
There is no need for finer solid elements as there is no local
deformation of surfaces at the expected generated pres-
sures, since apm  1 for the conformal contact of the
contiguous surfaces as in journal bearings [40]. The inter-
faces between the solid surfaces and the lubricant zone
were defined by face meshing method. The total number of
computational control volume elements was 2,533,165. A
grid independency test for the result was performed, which
showed that the number of elements used in excess of that
stated did not significantly alter the results of the analyses
(see ‘‘Appendix’’). Since the gap between the two solid
surfaces is subject to transience with variations in applied
load and speed, a dynamic mesh model was employed to
calculate the lubricant film thickness at any instant of time.
Boundary Layer Smoothing Method and Local Cell
Remeshing are used for the dynamic mesh model.
In order to be able to include the described cavitation
model (Sect. 3.2), a mixture model was employed to take
into account the two-phase flow nature of the problem [52].
In this method, the mass continuity, momentum and energy
equations are solved for the mixture while a mass/volume
fraction equation (Eq. 12) is solved for the secondary (gas
or vapour) phase.
The velocity–pressure coupling is treated using the
standard semi-implicit method for pressure-linked equa-
tions (SIMPLE algorithm) and the second-order upwind
scheme is used for the momenta in order to reduce any
discretisation-induced errors. A pressure-based segregated
algorithm is employed in which the equations are solved
sequentially.
For greater accuracy, an error tolerance of 10-4 is used
for the residual terms of mass and momentum conservation
and the volume fraction, whilst a tolerance value of 10-6 is
employed for energy conservation and heat conduction
equations (see ‘‘Appendix’’).
Fig. 4 Schematic of journal bearing geometry used in Dowson et al.
[26]
F2ðkÞ ¼ 0:0018k
5 þ 0:0281k4  0:1728k3 þ 0:5258k2  0:8043kþ 0:5003; for k kcr
0; for k[ kcr
	
ð29Þ
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5 Model Validation
Prior to any analysis of engine conditions under normal
operating mode or with application of CDA, it is necessary
to validate the developed numerical model. A two-stage
validation process is undertaken.
Firstly, the model predictions are compared with the
experimental measurements reported by Dowson et al.
[26], which have been used for the same purpose by other
research workers, including Tucker and Keogh [25], and
Wang and Zhu [53]. Dowson et al. [26] measured the
lubricant pressure distribution in a restricted grooved
journal bearing (Fig. 4). A lubricant inlet supply hole with
diameter d was drilled radially through the bearing on its
central plane. A distribution groove with width d was cut
axially into the inner surface of the bearing with the length,
Li. The attitude angle d is measured from the location of the
axial groove to the line of centres. The journal bearing
variables used in the computation are listed in Table 3.
Dowson et al. [26] noted a build-up of pressure with the
passage of lubricant through the converging gap to support
the applied load. In the diverging gap of the conjunctional
outlet, the fall in the generated pressures resulted in the
fluid film cavitating into a series of streamers below the
saturation pressure of the dissolved gases.
Secondly, further numerical predictions were made
using Reynolds equation and Elrod’s cavitation algorithm
[17]. In the Elrod’s approach the fractional film content is
the proportion of the conjunctional gap which attains
generated pressures in excess of the cavitation vaporization
pressure of the lubricant for a given conjunctional tem-
perature (indicated by its bulk modulus, b), thus [17]:
p ¼ wb ln cþ pcav ð31Þ
where, w is a switching function: w = 1, c[ 1, P [ pcav
represents regions of a coherent fluid film and w = 0,
c\ 1. P = pcav represents the cavitation region, with
clearly c = 1 defining the lubricant film rupture point.
Dowson et al. [26] operated their experimental journal
bearing rig at a steady speed of 1,500 rpm, an applied load
of 9,000 N and with an attitude angle of d = 18. This
yielded a journal operating eccentricity ratio of e = 0.5.
Figure 5 shows the numerically predicted pressure distri-
bution in isobaric form using the current method. The
position of the inlet groove is designated as h = 0 in the
circumferential direction. The maximum pressure occurs at
h = 206 and the lubricant film ruptures just beyond the
position h = 270.
Figure 6 shows the cross-section through the 3D pres-
sure distribution in the central plane of the bearing, where
pressure tappings were made by Dowson et al. [26]. The
experimental measurements are shown, as well as the
numerical predictions made by Wang and Zhu [53], which
are based on Elrod’s cavitation model [17] and those from
the current CFD analysis. The area under all the pressure
distributions, being the lubricant reaction remains the
same. Both the predictive analyses employed the same
convergence tolerance limit of 10-6. All the pressure dis-
tributions commence from the supplied inlet pressure of
Table 3 Journal bearing variables used in the validation exercise
(Dowson et al. [26])
Parameters Values Units
Bearing length (L) 0.0762 m
Radial clearance (c) 63.5 lm
Journal radius (Rj) 0.05 m
Bearing outside diameter (Rbo) 0.1143 m
Bearing thermal conductivity (kb) 250 W m
-1 C
Journal thermal conductivity (kj) 50 W m
-1 C
Heat transfer coefficient (h) 50 W m-2 C
Inlet groove axial length (Li) 0.067 m
Attitude angle (d) 18 
Groove width (d) 0.0016 m
Ambient temperature (Ta) 40 C
Fig. 5 Contours of pressure (MPa) for e = 0.5 at N = 1,500 rpm
Fig. 6 Comparison of experimental result and current analysis on
pressure distribution in the centre plane for e = 0.5 at N = 1,500 rpm
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0.5 MPa with an assumed fully flooded inlet boundary. The
outlet boundary conditions differ between the numerical
analyses. Those for the Elrod cavitation boundary are based
on the lubricant film rupture point, c = 1, whereas the
current CFD analysis has an open exit boundary condition
(not an imposed boundary condition) for the lubricant film
rupture point. The different exit boundary conditions, as
well as the embodied assumption of a constant pressure
gradient into the depth of the lubricant film with a constant
dynamic viscosity through its thickness made by Wang and
Zhu [53] yield slightly different pressure profiles. Clearly,
lack of artificially imposed assumptions with the CFD
analysis yields results which conform more closely to the
experimental measurements.
Figure 7 shows the contours of temperature distribution
for the journal and the bearing bushing surfaces obtained
from the current analysis. For the journal surface the
maximum temperature occurs close to the high pressure
zone. The maximum temperature in the stationary bearing
bushing occurs in the cavitation zone due to the high
vapour volume fraction residing there with clearly poor
convection cooling due to the lack of lubricant flow.
Comparison of the experimental result, that from Tucker
and Keogh [25] and that of the current model for journal
and bearing surfaces are shown in Figs. 8 and 9, respec-
tively. As it can be seen, the result of the current analysis
shows closer agreement with the experimental measure-
ments. The main difference between the Tucker and Ke-
ogh’s analysis [25] and the current model is in the
treatment of the flow in the cavitation region. The former
uses the fraction of vapour U in the cavitation region,
similar to the Elrod’s approach [17]:
U ¼ 1 hc
h
ð32Þ
where hc is the film height at the start of the cavitation
region. Equation (32) is based only on steady state Couette
flow continuity. This ignores the mass flow continuity,
which includes the vapour phase and any changes in the
Poiseuille flow in a divergent gap. The current model takes
these issues into account using the time-dependent conti-
nuity equation (Eq. 12).
Figure 10 shows the lubricant temperature into the depth
of the lubricant at circumferential position, h = 180. It
shows that the temperature of the lubricant is higher than
the temperatures of both the journal and the bearing
Fig. 7 Contours of temperature (C) for a circumferential journal
surface, b circumferential bearing surface for e = 0.5 at
N = 1,500 rpm
Fig. 8 Comparison of experimental result and current analysis for the
circumferential journal surface temperatures for e = 0.5 at
N = 1,500 rpm
Fig. 9 Comparison of experimental result and current analysis for
circumferential bearing bushing surface temperatures for e = 0.5 at
N = 1,500 rpm
Fig. 10 Lubricant temperature along the film depth at h = 180
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bushing surfaces. As the temperature varies through the
thickness of the lubricant film its viscosity alters locally,
which indicates that the thermal flow through the contact is
in the form of streamlines at different temperatures and
viscosity (with different phases), thus a pressure gradient
exists into the depth of the film. Hence, for an accurate
prediction of flow a combined solution of Navier–Stokes
equation with Rayleigh–Plesset equation is essential as is
the case in the current analysis.
6 Engine Big End Bearing Analysis with CDA
It is expected that introduction of CDA would affect the
thermal conditions in engine big-end bearings and influ-
ence frictional power loss. The occurrence of cavitation
and its extent would also affect friction. Therefore, it is
necessary to develop the validated multi-phase flow
methods with realistic boundary conditions such as that
adopted in the current method.
Now with the validated model, realistic predictions
under engine operating conditions with all-active fired
cylinders and alternatively with some deactivated cylinders
can be carried out. The analysis reported here corresponds
to a four-cylinder four-stroke engine under city driving
condition at the speed of 25 km/h with 25 % throttle action
and engaged in second gear (ratio 1:2.038). The final drive
differential ratio is 1:4.07. The engine speed for this con-
dition is 2,200 rpm. All the necessary data used in the
analysis are listed in Table 1. The results are presented for
a deactivated cylinder as well as a fired cylinder. Figure 11
shows the combustion gas force for an active cylinder
under engine normal operation, as well as that for an active
cylinder under CDA. It also shows the gas force for a
deactivated cylinder, caused by the trapped air/charge with
closed valves, subjected to swept volumetric changes. Note
that the gas force is increased in the active cylinders of a
partially deactivated engine with the same flow rate
through a common rail supply. The effect is higher tem-
perature combustion which improves upon thermal effi-
ciency and also enhances the operation of the catalytic
converter, operating at a higher temperature, thus reducing
hydrocarbon emission levels. The pumping losses can also
be reduced whilst higher cylinder temperatures in active
cylinders would reduce the lubricant viscosity, thus the
frictional losses. This effect is not investigated here, but
Morris et al. [54] using a control volume thermal mixing
model showed that the average temperature of the lubri-
cant, thus its viscosity, is primarily determined by the bore
surface temperature. Therefore, there are fuel efficiency
advantages in terms of reduced thermal losses as well as
decreased active cylinder viscous frictional losses.
When periodic steady state conditions are reached the
interfacial temperature Tbl (defined in Fig. 3) reaches a
maximum value of 145 C when the engine is operating
under normal conditions (no CDA). For an engine under
CDA operating mode, the maximum interfacial tempera-
ture reached in the bearing of an active cylinder is 160 C
and for the big end bearing of the deactivated it reaches
135 C. Although the deflection of the 100 lm thick
Babbitt overlay is included in the analysis, the maximum
conjunctional pressure reached (maximum of 20 MPa),
under the investigated conditions yields an inappreciable
value (\0.02 lm). However, under more severe operating
conditions (higher engine speed and a greater throttle
input), this may not be the case.
Cavitation occurs in the big-end bearings under low
applied loads, resulting in reduced conjunctional pressures.
Figures 12 and 13 show the generated pressure distribution
and the corresponding volume fraction in the journal-
bushing conjunction at the crank angle of # = 180, cor-
responding to the piston position at the bottom dead centre
Fig. 11 Transmitted
combustion gas forces for full
and partially deactivated engine
operations
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at the end of the power stroke with very low transmitted
applied gas force (Fig. 11). The volume fraction of unity
indicates a gap filled purely by vapour.
The pressure profile through the circumferential centre
line of the isobaric plot of Fig. 12 is shown in Fig. 14, also
including that for the big-end bearing of an active cylinder
in a partially deactivated engine, as well as for a deacti-
vated cylinder’s connecting rod bearing. It can be seen that
the lubricant film ruptures earlier in the case of an active
cylinder in the partially deactivated engine, ahead of that
for a normal engine operation, which in turn ruptures ahead
of the deactivated cylinder’s bearing. This occurs because
of progressively reduced applied bearing load at the same
crankshaft speed, which is an expected outcome. The
reverse trend is discernible for the lubricant film reforma-
tion boundary. Therefore, the extent of the cavitation
region alters in accord with the cylinder operating condi-
tion and has direct implications for bearing load carrying
capacity, film thickness and frictional losses.
Figure 15 shows the minimum film thickness during two
engine cycles under steady state operating condition for the
big-end bearings under various cylinder conditions. In all
the cases, the absolute minimum film thickness occurs a
few degrees after the top dead centre position within the
engine power stroke, where the maximum chamber pres-
sures are encountered. The demarcation boundaries
between the prevailing instantaneous regime of lubrication
are indicated by the Stribeck’s oil film parameter; k ¼ hrrms,
where h is the film thickness and rrms the root mean square
roughness of the counterfaces (journal and the bearing
bushing/shell). When, 1 \ k\ 3 a mixed regime of
lubrication is encountered and k B 1 indicates a boundary
regime of lubrication. Therefore, the inclusion of direct
boundary interactions for determination of friction (as in
Sect. 3.8) is essential in any analysis of engine big-end
bearings. An important point to note is the incidence of
boundary interactions in the in-take stroke as well as the
power stroke of the engine cycle for the deactivated
Fig. 12 Contours of pressure (MPa) at crank angle # = 180 (piston
at BDC) with all active cylinders
Fig. 13 Contours of volume fraction at crank angle # = 180 with
all active cylinders
Fig. 14 Pressure distribution in
the circumferential centre line
of the bearing at crank angle of
# = 180 for various cylinder
conditions
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cylinder because the valves remain closed and a residual
bearing load is retained due to cylinder swept volume. This
means that with CDA the big-end bearing contributes to
boundary friction in parts of the engine cycle that is
unexpected in the case of normal engine operation. This is
because of the trapped air/charge volume with closed
valves. This contributes to the overall frictional power loss
of the engine operating under CDA as shown in Fig. 16.
Figure 16 shows the frictional power loss in the deactivated
cylinder’s big-end bearing is in fact larger than that for an
engine under normal operation mode in a typical engine cycle
0 B 0 B 720. The results also show that active cylinders
operating at higher pressures under CDA apply higher loads,
thus increasing their bearings’ frictional power loss. There-
fore, overall the bearing losses are increased under CDA,
although this is more than offset by the efficiency gains
through higher temperature combustion and reduced pumping
losses accounting for 20 % lower fuel consumption for the
engine under consideration (a four-cylinder four-stroke
c-segment vehicle). The findings of the analysis agree with
those of Mohammadpour et al. [6] using mixed thermohy-
drodynamic analysis, using Reynolds equation.
7 Conclusions
One of the main conclusions of the current study is the
importance of determining the correct boundary conditions
in the study of journal bearing lubrication. In particular, it
is important to include mass conserving flow dynamics
through the conjunction. This requires the solution of Na-
vier–Stokes equation, also including vapour transport and
Fig. 15 Minimum film
thicknesses for various cylinder
conditions
Fig. 16 Frictional power loss
for various cylinder conditions
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energy equations. In this manner the effects of shear
heating, multi-phase and any reverse flow conditions are
automatically included for the determination of lubricant
film rupture point and its subsequent reformation. The
results obtained show closer conformance to the experi-
mental measurements than other methods reported in lit-
erature, which impose cavitation algorithms such as the
Elrod’s algorithm [17].
With respect to the application of CDA as one of the
rapidly emerging engine technologies, the analysis shows that
unlike the gains made through application of CDA in reduced
pumping losses and fuel consumption, the big-end bearing
frictional losses are actually increased. This is particularly
concerning as the results of analysis corresponds to low speed
city driving conditions where application of CDA is seen to be
most effective. Of course gains made through reduced
pumping losses and fuel consumption outweigh the increased
frictional losses shown here. Nevertheless, the findings here
indicate that tribological conditions should also be considered
in more detail, whilst adopting new technologies.
The area under the power loss curve for a typical cycle
0 B 0 B 720 corresponds to the enregy consumed within
a bearing at the stated operating conditions. With the four-
cylinder engine studied, under CDA condition, two cylin-
ders are deemed to be deactivated simultaneously with the
other two operating as active cylinders. The reason for this
operating configuration is to reduce the engine crankshaft
torsional oscillations which can be exacerbated through
increased imbalances induced by applied combustion torque
fluctuations [5] with CDA. Taking these points into account,
the area under the power loss curve for the various big-end
bearing conditions and the calorific value of fuel, the
equivalent fuel consumed by the big-end bearings under
normal engine operation at the city driving speed of 25 km/h
for 100 km is 65.8 g, whilst that under CDA condition
amounts to 87.5 g. This represents an increase in brake
specific fuel consumption of nearly 25 % by the big-end
bearings under CDA, which stands in contrast to the gains
made in pumping losses to the cylinders. A main conclusion
of the study is that tribology of engine conjunctions should
be taken into account with application of new technologies
such as CDA. Hitherto, the approach most commonly used
disregards any detailed analysis, opting to evaluate more
direct gains in fuel efficiency through control of combustion
and determination of fuel injection rates.
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Appendix
The number of control volumes was varied in order to determine
the optimum for convergence and numerical accuracy. Fig-
ures 17, 18 and 19 show the effect of an increasing number of
control volumes as well as numerical convergence error toler-
ance upon for some key computed parameters and at different
crank-angle locations.
Fig. 17 Power loss versus different numbers of control volume
Fig. 18 Lubricant maximum temperature versus different conver-
gence criteria for energy conservation
Fig. 19 Power loss versus different convergence criteria for mass and
momentum conservation and the vapour volume fraction
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ABSTRACT
The main function of piston compression ring is to 
seal the space between the piston and the liner, acting 
as slider bearing, subjected to reciprocating motion. 
The compression ring-cylinder liner conjunction has 
been extensively studied and it is responsible for a 
significant part of the total frictional parasitic power 
losses of an engine. Paradoxically, the required sealing 
function of the compressions ring can result in 
increased friction. Therefore, in order to improve 
engine efficiency, it is important to fundamentally 
understand and subsequently palliate some of these 
losses. Another problem in any slider bearing-type 
contact is lubricant film rupture and cavitation in the 
conjunctional outlet zone, reducing load carrying 
capacity and potentially leading to erosion damage.   
A cavitation model presented in two-phase flow CFD 
analysis of the ring-bore contact under isothermal 
conditions. Liquid flow is modelled as a continuous 
phase and a dispersed phase, representing cavitation 
bubbles. Many of the fundamental physical processes 
assumed to take place in cavitating flows are 
incorporated into the model.   
INTRODUCTION 
    Modern automotive engines are progressively 
smaller, faster and more efficient. This is partly due to 
the improved automotive control strategies and partly 
due to the better understanding of the physical 
phenomena governing various aspects of the IC engine 
[1].  
The lubrication of the piston ring has been an 
important research topic for many years [2-5] because 
it is widely recognized that the interaction at the ring-
cylinder wall interface has a significant contribution to 
engine friction, wear, oil consumption and power loss.  
The piston ring pack in an internal combustion 
engine typically consists of three circular rings located 
in grooves in the piston. The primary function of the 
rings is to prevent high-pressure gases from leaking 
through the piston-liner interface, which would results 
in power losses [6]. Effective sealing is thus needed 
between the ring and the liner. However, without 
lubrication, the compression ring-liner conjunction 
would contribute to boundary interactions and large 
friction. Therefore, it is essential to be able to predict 
the conditions at the ring-cylinder wall interface. 
Another main objective of the piston ring-pack is to 
effectively distribute lubricant along the ring-liner 
interface, without allowing excessive oil to pass 
through and ingress into the combustion chamber. 
Two models are predominantly used in 
hydrodynamic lubrication: the Reynolds model and the 
Elrod–Adams model [7]. The former, easier to 
implement numerically, though being non- 
conservative, gives reasonable predictions in many 
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cases and is thus still used in engineering practice. In 
the Elrod–Adams model, the JFO conditions proposed 
by Jacobson and Floberg [8] and Olsson [9] are 
applied at the cavitation boundary to enforce mass 
conservation. However, due to the highly non-linear 
nature of the problem, numerical implementations of 
this model are more prone to numerical instabilities 
[10]. The importance of using a conservative model 
has been shown by means of several numerical 
examples in [11, 12] for problems including transient 
effects and/or microtextures. 
GOVERNING EQUATIONS 
Figure 1 is a schematic representation of 
compression ring-liner conjunction along the ring axial 
face-width. The ring profile )(xhs  is assumed to be 
parabolic with a maximum crown height of c  and a 
face-width of b : 
2
2
)2/(
)(
b
cx
xhs                                                               (1) 
A high performance single cylinder V12 4-stroke 
naturally aspirated motocross motorbike engine is used 
in the current study (specifications are listed in Table 
1).  
 
                                                                                                                       
Fig.1: Piston ring–liner conjunction (power stroke) 
 
 
Table1. Engine data 
Parameters Values Units 
Crank-pin radius, r  39.75 mm 
Connecting rod length, l  138.1 mm 
Bore nominal radius, 0r  44.52 mm 
Ring crown height, c  10 µm 
Ring axial face width, b  1.15 mm 
Ring radial width, d  3.5 mm 
 
 
As shown in Figure 1, in general, the contact 
region may be considered as comprising of three 
distinct regions: (i) full film (a coherent lubricant film 
region), (ii) film rupture and cavitation, and (iii) 
lubricant film reformation. 
The general continuity and Navier-Stokes 
momentum equations for compressible viscous fluid 
flow are [13]: 
0.  V
Dt
D 

                                                           (2)                                                                                    
Fp
Dt
VD
ij


 )(.                                             (3)                                                                                   
where 
Dt
D
 is the material derivation operator,   is 
the lubricant density, p  is the pressure, ij  is the 
tensor of viscous stresses and F

 is the body force 
field. In addition, kwjviuV ˆˆˆ 

 is velocity vector 
in which u  is the component of velocity in the axial 
lubricant flow entrainment, v  is that in side-leakage 
along the y -axis (which may reasonably be discarded 
as there is negligible side-leakage in the thin film ring-
bore conjunction), and w  is the z -component of 
velocity. The viscous stress tensor is given by: 

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where   is the lubricant viscosity and ij  is the 
Kronecher delta. As mentioned before, the present 
CFD analysis in this work is under isothermal 
conditions, hence, there is no need to solve energy 
equation. 
One possibility in a CFD model is to evaluate 
fluid viscosity as a function of pressure along the liner 
and into the depth of the lubricant film. The latter is 
neglected in the conventional hydrodynamic 
2 Copyright © 2013 by ASME
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lubrication approaches which are based on Reynolds 
equation. The following boundary conditions are used 
along the axial x-direction of the contact (i.e. along the 
ring face-width)  
cch
Uh
Lh
pxp
pbp
pbp



)(
)2/(
)2/(
                                                         (5) 
LUBRICANT RHEOLOGY 
The lubricant bulk rheological properties 
including density and viscosity are affected by 
pressure [2]. The density–pressure relationship is [14] 



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
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9
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0
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                             (6) 
in which atmp  is the atmospheric pressure. According 
to Gohar and Rahnejat [14], the dynamic viscosity of 
lubricant can be related to the variations in the pressure 
and temperature using Houpert’s equation as follows: 
 
























 1
1098.1
167.9)ln(exp
800
Z
atmpp        (7) 
in which, 0  is the lubricant dynamic viscosity at 
atmospheric pressure, and Z  is constant independent 
of pressure and is defined below: 
]67.9)[ln(101.5 0
9
0

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 

Z                                            (8) 
where 0  is constant at atmospheric pressure. Details 
of lubricant rheological parameters are given in Table 
2. 
 
Table2. Lubricant properties in 40○C  
Parameters Values Units 
Lubricant viscosity, 0  05.0  kg/m-s 
Lubricant density, 0  833   kg/m
3 
0  8101    m
2/N 
 
EULER-EULER APPROACH: EULERIAN AND 
MIXTURE MODELS  
The various phases are handled mathematically as 
interpenetrating continuity in the Euler-Euler 
approach. Since the volume of a phase remains 
unaffected by the other phases, the concept of phasic 
volume fraction is introduced. These volume fractions 
are assumed to be continuous functions of space and 
time, the sum of which equates to unity. Conservation 
equations for each phase are derived to obtain a set of 
equations, which have similar structure for all phases. 
The Eulerian model [15] is the most complex of 
the multi-phase flow models. It solves a set of 
momentum and continuity equations for each phase. 
Coupling is achieved through pressure and inter-phase 
exchange coefficients. Momentum exchange between 
the phases is also dependent upon the type of mixture 
modeled. 
The mixture model [16] solves for the mixture 
momentum equation and proposes relative velocities to 
describe the dispersed phases. 
 
CAVITATION MODEL 
During cavitation, the liquid-vapour mass transfer 
(evaporation and condensation) is governed by the 
vapour transport equation [17]: 
cevvvv RRVt



)(.)( 

                             (9) 
where v  is the vapour density, V

 is the velocity 
vector of the vapour phase, eR  and cR  are mass 
transfer source terms, related to the growth and 
collapse of the vapour bubbles respectively. Singhal et 
al [18] assumed that the working fluid is a mixture of 
liquid and vapour and introduced a modified form of 
the above equation based upon vapour mass fraction, 
massf  as: 
cemass
massmmassm
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
                     (10) 
where m  is the mixture density and   is the 
diffusion coefficient. The mass transfer rate 
expressions are derived from the Rayleigh-Plesset 
equations, based on a limiting bubble size 
considerations (interface surface area per unit volume 
of vapour). These rates are functions of the 
instantaneous local pressure and are given as 
cpp for    : 
3 Copyright © 2013 by ASME
Downloaded From: http://proceedings.asmedigitalcollection.asme.org/ on 08/12/2015 Terms of Use: http://www.asme.org/about-asme/terms-of-use
)1(
3
)(2
mass
l
c
l
s
ch
ee f
ppV
CR 





                 (11) 
cpp for     :                                    
mass
l
c
l
s
ch
cc f
ppV
CR



 3
)(2 
                         (12) 
where the suffices l  and   denote the liquid and 
vapour phases respectively, chV  is a characteristic 
velocity, s  is the surface tension coefficient of the 
liquid, cp  is the liquid cavitation pressure at the given 
temperature and eC  and cC  are empirical constants 
and are considered to be 50 and 0.01 in Kubota et al 
[19]. 
 
SIMULATION METHOD 
A 2D simulation model is developed using the CFD 
package FLUENT 14.0. The pre-processor ANSYS 
Design Modeller and Meshing are used for grid 
generation. The geometrical nature of the problem 
examined here (the film thickness is very thin 
compared with the ring diameter and length) enforces 
the use of only quadrilateral cells. After conducting a 
grid sensitivity influence upon the predictions, forty 
divisions were used across the film depth and 1500 
divisions along the ring contacting face-width. This 
provides a total number of cells of 60,000. Calculation 
of Reynolds number for the studied conditions shows 
that the flow is well within laminar regime. The 
operating pressure and vaporization (cavitation) 
pressure are set to the standard atmospheric pressure; 
i.e. 101325 Pa. The liner (bottom wall) is modelled as 
a "stationary wall". The ring (upper wall) is modelled 
as a "moving wall" with the speed obtained follow [14] 
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where   is the crank-angle, l  is the connecting rod 
length and  r the crank pin radius. 
Pressure inlet and outlet boundary conditions are 
used for the leading and trailing edges of the ring/liner 
contact. Therefore, when the piston undergoes 
upstroke motion, the inlet pressure is that of chamber 
given in Figure 2, whilst at the exit the crank-case 
pressure is assumed, which also is assumed to be the 
atmospheric pressure. On the other hand, for the down-
stroke sense of the piston, the inlet pressure is set to 
that of the crank-case (atmospheric) pressure, whilst 
the outlet pressure is that of the combustion chamber. 
The pressure-based Eulerian model [15] is chosen 
for the present analysis to compare with the Mixture 
model [16]. The velocity–pressure coupling is treated 
using the SIMPLE algorithm and the second-order 
upwind scheme is used for the momentum to reduce 
the discretisation-induced errors in the calculation 
process. For greater accuracy, a value of 10-6 is used 
for all residual terms. 
 
 
Fig. 2: Variation of chamber pressure with crank angle for engine 
speed of 1500 rpm 
It is noted that the dynamic mesh concept based 
on force equilibrium is employed for variations in the 
minimum film thickness in the CFD analysis. In this 
method, the corresponding user-defined function 
(UDF) determines the desired position of the ring 
using the dynamic mesh technique. To achieve this, a 
smoothing mesh method is used with a convergence 
tolerance of 10-5 
RESULT 
Vapour Volume Fraction 
Figure 3 shows images of bubble formation 
induced by cavitation sequence between ring piston 
and liner in the crank angle of 90○ (mid-span power 
stroke) at the engine motored speed of 1500 rpm. 
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Fig.3: Cavitation-induced bubble formation sequence in the ring-
liner conjunction at 1500 rpm  
Figure 4(a) illustrates finger shaped bubbles in 
planexy   (plan-view of contact) obtained 
experimentally as well as predicted results, Figure 
4(b), in the planexz   (into the depth of the 
conjunction in the cavitation region, also see Figure 1). 
The shape of bubbles in the cavitation zone is 
important due to their potential effect upon solid 
boundary erosion. 
 
Fig.4: (a) Experimental result showing a plan-view of the cavitated 
finger shaped bubbles (the result has been obtained in City 
University lab: International Institute for Cavitation Research), (b) 
Predictions for vapour volume fraction into the depth of the 
lubricant film  
 
Pressure Distribution  
Figure 5 presents axial pressure profiles (along 
the ring face-width) at the piston crank angle of 90
(mid-span power stroke) at the engine motored speed 
of 1500 rpm. The predictions are made by three 
different methods: (I) Two-phase Eulerian model [15], 
(II) Two-phase Mixture model [16] and (III) The 
modified Reynolds equation using Elrod cavitation 
algorithm. Figure 5 shows good agreement between 
the Eulerian and the Elrod models. In addition, the 
rupture points (, ,cx  from both methods coincide on 
each other. However, it can be seen that the 
reformation boundary in the Eulerian model 
commences earlier than for the Elrod model. Although 
there are differences in the locations of rupture and 
reformation points predicted by both of the Mixture 
and Elrod models, the length of cavitation zone 
remains almost the same for both. It should be noted 
that the position of rupture point and the length of 
cavitation zone both affect contact load carrying 
capacity, friction and consequent power losses. Larger 
cavitation region reduces the load carrying capacity, 
but can improve upon friction. 
 
 
Fig.5: Axial ring-liner pressure profiles with  
three different predictive methods 
 
CONCLUSION 
A novel compartmental modelling framework has 
been investigated using CFD simulation in the Piston-
ring conjunction. A combined Navier-Stokes and 
discrete dispersed phase Eulerian dynamics’ model has 
been developed to predict cavitation and bubble 
formation in the piston compression ring-liner 
conjunction. Comparison of the obtained result for 
pressure distribution with the one obtained by Elrod 
model was analysed. The long finger shaped bubbles 
observed in experimental investigations are predicted 
by the current analysis.  
NOMENCLATURE 
b  ring axial face-width  
c           crown height 
d  ring thickness 
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 massf     vapour mass fraction 
g  ring end gap 
mh  minimum film thickness 
l  connecting rod length 
L  ring peripheral length 
atmp  atmospheric pressure 
cp  cavitation/lubricant vaporisation pressure 
p  hydrodynamic pressure 
r  crank-pin radius 
0r  nominal bore radius 
eR , cR   mass transfer source terms 
Re  Reynolds number 
U  ring sliding velocity 
V

 velocity vector 
chV        characteristic velocity 
cx  oil film rupture point 
Z  pressure-viscosity index 
Greek Symbols 
0  pressure/temperature–viscosity   coefficient 
  crank angle 
  lubricant dynamic viscosity 
0  lubricant dynamic viscosity at atmospheric pressure 
  lubricant density 
m        mixture density  
0  lubricant density at atmospheric pressure 
s         surface tension coefficient 
         diffusion coefficient 
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